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Series Preface

Automotive power transmission systems are critical elements of any automobile. The
ability to transmit power from the engine of a vehicle to the rest of the drive train is
of primary importance. Furthermore, the design of power transmission systems is of crit-
ical importance to the overall vehicle system performance, as it affects not only perfor-
mance characteristics such as torque and acceleration, but it also directly affects fuel
efficiency and emissions. The power transmission system also presents one of the most
complex design tasks in the overall automotive systems design and integration because
it must interface with a variety of power plants such as internal combustion, electric,
and hybrid plants. This is further complicated by the fact that engineers must consider
a variety of transmission designs such as manual, automatic, and continuously
variable systems. Furthermore, all of these elements must be condensed into the smallest,
lightest package possible while functioning under significant loads over long periods
of time.
Automotive Power Transmission Systems presents a thorough discussion of the various

concepts that must be considered when designing a power transmission system. The
book begins with an excellent discussion of how a transmission is designed by matching
the engine output and the vehicle performance via proper transmission ratio selection. It
then proceeds to discuss the basics of manual transmission and the analysis and design of
essential transmission subsystems and components such as the gears, torque converter,
and clutches. The authors then discuss more advanced transmission types such as dual
clutch transmissions, continuously variable transmissions and automatic transmissions.
In the final chapters, advanced control concepts for transmissions are presented, leading
to the final chapters on electric and hybrid powertrains. This powerful combination of
concepts results in a text that has both breadth and depth that will be valued as both a
classroom text and a reference book.
The authors of Automotive Power Transmission Systems have done an excellent job in

providing a thorough technical foundation for vehicle power transmission analysis and
control. The text includes a number of clearly presented examples that are of significant
use to the practicing engineer, resulting in a book that is an excellent blend of practical
applications and fundamental concepts. The strength of this text is that it links a number
of fundamental concepts to very pragmatic examples, providing the reader with signif-
icant insights into modern automotive power transmission technology. The authors
have done a wonderful job in clearly and concisely bringing together the significant
breadth of technologies necessary to successfully implement a modern power

xi



transmission system, providing a fundamentally grounded book that thoroughly
explains power transmissions. It is well written, and is authored by recognized
experts in a field that is critical to the automotive sector. It provides an excellent set
of pragmatic and fundamental perspectives to the reader and is an excellent addition
to the Automotive series.

Thomas Kurfess
January 2018

Series Prefacexii



Preface

Automotive power transmission systems deliver output from the power source, which
can be an internal combustion engine or an electric motor or a combination of them,
to the driving wheels. There are many valuable books and monographs published for
internal combustion engines (ICE), but only a few can be found in the public domain,
as referenced in this book, that are specifically written for automotive transmissions.
Technical publications by the Society of Automotive Engineers (SAE) in transmissions
are mostly for conventional ICE vehicles and are basically collections of research papers
that are aimed at readers with high expertise in transmission sub-areas. The purpose of
this book is to offer interested readers, including undergraduate or graduate students and
practicing engineers in the related disciplines, a systematic coverage of the design, anal-
ysis, and control of various types of automotive transmissions for conventional ICE
vehicles, pure electric vehicles, and hybrid vehicles. The aim is that this book can be
used either as a textbook for students in the field of vehicular engineering or as a
reference book for engineers working in the automotive industry.
The authors have taught a series of courses on powertrain systems for both ICE and

electric-hybrid vehicles over many years in the graduate programs of mechanical engi-
neering, electrical engineering, and automotive systems engineering at the University of
Michigan-Dearborn. The lecture notes of these courses form the framework for the book
chapters, the main topics of which are highlighted below.
The book starts with automotive engine matching in Chapter 1, which covers the fol-

lowing technical topics: output characteristics of internal combustion engines, vehicle
road loads and acceleration, driving force (or traction) and power requirements, vehicle
performance dynamics and fuel economy, and transmission ratio selection for fuel econ-
omy and performance. The formulation and related analysis in Chapter 1 on road loads,
performance dynamics, and powertrain kinematics are applicable to all vehicles driven
by wheels and will be used throughout the book.
Chapter 2 covers manual transmissions, focusing on gear layouts, clutch design, syn-

chronizer design, and synchronization analysis. Detailed analysis is provided on the oper-
ation principles of synchronizers and on the synchronization process during gear shifts.
Example production transmissions are used as case studies to demonstrate principles
and approaches that are then generally applicable.
For readers’ convenience, Chapter 3 provides the basics of the theory of gearing and

gear design with specific application tomanual transmissions (MT).With example trans-
missions, the chapter details geometry design, gear load calculation, and gear strength
and power ratings for standard and non-standard gears using existing equations or

xiii



formulae from AGMA standards. The chapter also includes a separate section on the
kinematics of planetary gear trains which are widely applied in automatic transmissions
(AT). Readers are strongly recommended to read this section before reading Chapters 5
and 6.
Chapter 4 covers the structure, design, and characteristics of torque converters, focus-

ing on torque converter operation principles, functionalities, and input–output charac-
teristics. Methods for the determination of engine–converter joint operation states are
presented in detail. The chapter also deals with the modeling of the combined operation
of the entire vehicle system that consists of the engine, torque converter, automatic
transmission, and the vehicle itself.
Chapters 5 and 6 can be considered as the core of the book, as these two chapters pres-

ent the design, analysis, and control of conventional automatic transmissions (AT) which
are typically designed with planetary gear trains. Chapter 5 focuses on how multiple gear
ratios are achieved by different combinations of clutches and planetary gear trains.
A systematic method will be presented in this chapter for the design and analysis on
the gear ratios and clutch torques of automatic transmissions. The chapter also gives
an in-depth analysis of the dynamics of automatic transmissions during gear shifts
and the general vehicle powertrain dynamics in a systematic approach, using an
eight-speed production automatic transmission as the example in the case study.
Chapter 6 concentrates on hardware and software technologies of both component

and system levels which are applied in the control systems for the implementation of
transmission functionalities. The chapter begins with the functional descriptions of
the hardware components, including hydraulic components, electronic sensors, and
solenoids. The chapter then presents transmission control system configurations and
the related design guidelines. Examples based on the production transmissions of pre-
vious and current generations are used to demonstrate the operation logic and functions
of the control systems. A specific section is devoted to present concurrent transmission
control technologies commonly applied in the automotive industry. This focuses on
the accurate clutch torque control during gearshifts and torque converter clutch
actuation. The chapter ends with the identification of control variables and control
system calibration.
Chapter 7 mainly presents the design and control of belt type continuously variable

transmissions (CVT), starting with the structural layouts of CVT systems and key
components, including the basic CVT kinematics and operation principles. Topics are
concentrated on force analysis during the CVT’s operations, and themechanisms for tor-
que transmission and ratio changes. The chapter provides details of control system
design and the analysis of the control of ratio changing processes. CVT system control
strategies, including continuous ratio control, stepped ratio control, and system pressure
control are also presented.
The design and control of dual clutch transmissions (DCT) are covered in Chapter 8.

The chapter concentrates on the dynamic modeling and analysis of DCT operations,
including DCT vehicle launch and shifts. DCT control system design, and shift and
launch control processes are included here, and the chapter also dedicates a specific
section to DCT clutch torque formulation during launch and shifts, using an electrically
actuated dry DCT as the example in the case study.
Chapter 9 covers power train systems for pure electric vehicles (EV). It includes several

key technical topics: design optimization and control of electric machines for EV
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applications, power electronics for electric power transmission and inverter design, and
system control under various operation modes. The chapter also includes a section on
mechanical transmissions with a fixed ratio or two ratios which are specifically designed
for pure electric vehicles. Two-speed or multi-speed automated gear boxes enable
EV driving motors to operate within the speed range for optimized efficiency and
performance.
Finally, hybrid powertrain systems are discussed in Chapter 10, which presents various

hybrid powertrain configurations including series, parallel, and complex architectures. It
provides detailed analysis of the operation modes and operation control for hybrid vehi-
cle powertrain systems. Production hybrid vehicles are used as case studies in mode anal-
ysis and operation control.
As highlighted above, each chapter of the book is dedicated to a specific transmission,

and readers may choose the chapter of interest to read. If the book is used as a textbook,
the course syllabus can follow the order of the chapters. If the book is used as a reference,
readers with transmission expertise may just choose the chapter of interest, and those
readers without broad expertise may wish to first read Chapters 1 and 4 and then read
the chapter of interest.
The authors would like to express their hearty thanks for the help received from friends

and colleagues in preparing the manuscript. We would like to thank especially Prof.
Qiu Zhihui of Xian Jiaotong University and Prof. He Songping of Huazhong University
of Science and Technology for their help in drawing the pictures for this book. We
also want to thank the publisher, John Wiley & Sons, for giving us the opportunity to
publish this book, and we dedicate our deep appreciation to Ms Ashmita Rajaprathapan
for her invaluable contributions in editing and finalizing the book. Lastly and most
importantly, the authors would like to express their thanks to engineers, scholars, and
researchers who have contributed to the technologies of vehicular power transmission
systems and whose work may or may not have been specifically acknowledged in the
reference lists.

Yi Zhang and Chris Mi
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1

Automotive Engine Matching

1.1 Introduction

Internal combustion engines have been the primary power source for automotive vehi-
cles since the beginning of the automotive industry. Although automobiles powered by
electric motors have entered the automotive market and are likely to grow in market
share, the vast majority of vehicles will still be powered by internal combustion engines
in the foreseeable future. This is partly due to the bottleneck in the development of key
technologies for electric vehicles, such as battery energy density, durability and charging
time, and the lack of infrastructure and facilities necessary for the daily use of electric
vehicles. On the other hand, proven crude oil reserves can still fuel internal combustion
engines for decades to come.
Modern internal combustion engines are sophisticated systems that integrate syner-

gistically mechanical, electrical, and electronic subsystems. Engine technologies are sub-
jects of study in great breadth and depth in the areas of combustion, heat transfer,
mechanical design and manufacturing, material engineering, and electronic control
[1,2,3,4]. However, this book does not cover engines themselves and is concerned only
with how the engine outputs are transmitted to the driving wheels. Readers interested in
engine topics are directed to the books referenced here or other related books. The
engine outputs, in terms of power and torque, fuel economy, and emissions, are consid-
ered as given throughout the text of this chapter and indeed the whole book. Note that
engine mapping data are highly proprietary and is usually not available in the public
domain. Figures and plots pertaining to engine data in this book are mainly for illustra-
tion purposes and may not show the precise data of production engines.
The main topic of this chapter is the matching between the engine outputs and vehicle

performance through the selection of transmission ratios. The chapter specifically
covers: output characteristics of internal combustion engines; vehicle road loads and
acceleration; driving force (or traction) and power requirements; vehicle performance
dynamics and fuel economy; and transmission ratio selection. These topics are intercon-
nected and are described in sequential order.
Although the chapter concerns automotive engine matching, as the title indicates, the

formulation and related analysis of road loads, performance dynamics, and powertrain
kinematics are applicable for all ground vehicles driven by wheels. The equations derived
in this chapter will be referenced throughout the book wherever needed by the text.
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1.2 Output Characteristics of Internal Combustion Engines

The output of an internal combustion engine depends on its design, control, and cali-
bration. Although computer simulation can be used to analyse engine output, engine
mapping is the only experimental approach to obtain reliable engine output data. For
a given production engine, its output data are provided in terms of power and torque,
as well as specific fuel consumption and emissions.

1.2.1 Engine Output Power and Torque

The operation status of an internal combustion engine is defined by its crankshaft rota-
tional speed and the output torque from its crankshaft. The output torque and power
depend on the throttle opening and the engine speed, i.e. the crankshaft rotational speed
in RPM. It should be noted that the output torque and output power are not independent
since power is the product of torque and angular velocity. The torque map of a typical IC
engine is shown in Figure 1.1, where the two horizontal axes are respectively the throttle
opening as a percentage of the wide open throttle (WOT) or as a degree of throttle angle
and the engine speed in RPM. The vertical axis shows the engine output torque in foot
pounds in the imperial standard or in newton-meters in the international standard (SI).
Without considering the engine transient behavior, the engine static output torque can
be found from Figure 1.1, usually by numerical interpolation, for a given set of engine
speed and throttle opening. This is the torque as a load at which the engine reaches
dynamic equilibrium at the specified engine speed and the throttle opening.
In practice, the engine output torque is often plotted as a curve against the engine

speed for specific throttle openings as shown in Figure 1.2, where the throttle opening
for each torque curve is represented as a percentage of the wide open throttle angle.
Clearly, the engine output torque is a function of engine RPM for a given throttle opening
and there is a torque vs RPM curve for each throttle opening. Figures 1.1 and 1.2 provide
the same output torque data and are just drawn for convenience of reference.
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Figure 1.1 Engine output torque map.
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Apparently, the engine capacity torque output or the power output is achieved at the
wide open throttle (WOT), as shown in Figure 1.3. It should be noted that the maximum
engine torque and themaximum engine power occur only at two separate RPM values on
the WOT torque and power curves. The two popularly referred engine performance
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specifications, engine power and engine torque, are actually the peak values for the power
and torque on theWOToutput plot. As can be observed in Figure 1.3, internal combustion
engines provide stable power output within a range of engine rotational speed, defined by
the so-called idle RPMand redline RPM. Below the idle, the engine does not run stably but
stalls, without being able to provide any usable output. On the other side, running the
engine beyond the redline speed may cause excessive damage to the engine.
The shape of the torque curve in the operation range defined by the idle and redline is

characteristic of the IC engine, depending on its design, fuel injection method, control,
and calibration. As an example, the torque curve in Figure 1.3 has a local peak at around
2500 RPM and the maximum engine torque occurs around 4800 RPM. The engine
power increases from the idle point almost linearly up to a peak at around 6100 RPM.
In general, the torque curves for naturally aspirated engines can be categorized as rising

and buffalo shaped [5], while for turbo-charged engines, the torque curves are flat from a
certain low RPM up to a relatively high RPM, as shown in Figure 1.4. Using turbo tech-
nology, the maximum output torque can be increased by more than 50% for the same
engine displacement. To make things better, this maximum torque becomes available
at a much lower RPM in comparison to naturally aspirated engines and stays flat up to
a high RPM. This provides the vehicle with much better acceleration performance, espe-
cially at low vehicle speed. Turbo engines with small displacements provide outputs in
torque and power equivalent to those of naturally aspirated engines of much larger dis-
placements but consumes less fuel. Because of these advantages, vehicles powered by
turbo engines are increasingly popular and represent the trend in the automotive industry.

1.2.2 Engine Fuel Map

Engine fuel efficiency is a top performance specification in today’s automotive industry.
The fuel consumption data of internal combustion engines are indispensable for the
design, operation and control of vehicle powertrain systems. These data are experimen-
tally obtained by intensive engine mapping and are usually provided for a production
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Figure 1.4 Typical torque curve of turbo engines.
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engine as a fuel map, which indicates in contour plots the specific fuel consumption of
the engine at a given operation status, as shown in Figure 1.5. The specific fuel consump-
tion is the amount of fuel that the engine needs to burn in order to do one horsepower
hour of work, either in litres, grams, or pounds of weight.
The horizontal and vertical axes in Figure 1.5 are respectively the engine RPM and the

engine output torque that define the engine operation status. The numbers by the con-
tours are the specific fuel consumption in gram per kilowatt-hour (grams of fuel the
engine consumes for it to do one kilowatt-hour of work). For example, if the engine runs
stably at 4000 RPMwith an output torque of 94 Nm, the specific fuel consumption is 275
gr/kW.hr. At the operation status defined by the RPM and the torque, the engine power
is 39.37 kW. If the engine runs at the status continuously for one hour, the fuel consumed
by the engine will then be 10.82 kg. The engine fuel consumption along a contour is the
same even though the operation status is different, so the hourly fuel consumption of the
engine is also 10.82 kg if it runs stably at 4740 RPM with an output torque of 125 Nm.
Apparently, the engine will be more fuel efficient if it runs along the contour with 250 gr/
kW.hr. It can also be observed that the most fuel efficient operation status is near the
point with 2500 RPM and 125 Nm.When a vehicle is driven on a road at constant speed,
the engine operation status depends on the road load, the vehicle speed, and the trans-
mission gear ratio, the last determining the engine RPM and torque at a given vehicle
speed and thus largely affects the vehicle fuel economy.

1.2.3 Engine Emission Map

When internal combustion engines generate power to propel ground vehicles, unwanted
pollutants, harmful to the environment and to human health, are emitted in the process
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of combustion. These pollutants include CO, CO2, NOX, and other harmful gasses or
particulate matter. The standard on emission control is increasingly stringent in the
automotive industry due to environmental and human health concerns. Engine technol-
ogies, especially the technologies for combustion control and after-combustion treat-
ment, are the key to minimizing the emission of pollutants. Transmissions also
contribute to lowering vehicle emission levels by keeping the engine running in more
efficient and less polluting operating ranges.
Engine emission maps are even more difficult to obtain than fuel maps because the

quantity of a pollutant under various operation conditions is hard to measure. Computer
simulation can be used to analyse engine emissions, but reliable emission data can only
be obtained experimentally through extensive tests. Engine emission maps are provided
for a given engine in formats similar to engine fuel maps. The specific quantity of a par-
ticular pollutant emitted by the engine is interpolated from the emission contour for a
given engine operation status. Using the emission maps of the engine, the amount of
emission of a pollutant can be simulated for a specified drive range.

1.3 Road Load, Driving Force, and Acceleration

Various forces are applied to a vehicle when it travels on a road surface. These forces
include gravity, wheel–road contacting forces, road load, and driving force, which is also
termed traction. Road load is against the motion of the vehicle, while traction force, or
driving force, propels the motion of the vehicle. The driving force of a vehicle originates
from the engine via the transmission and is fundamentally limited by the road traction
limit. The total road load is the resultant of three separate road loads: rolling resistance,
grade load, and air resistance. Figure 1.6 is the free body diagram of a vehicle of weight
W that is being accelerated uphill.
In the free body diagram, v and a are the vehicle speed and acceleration respectively.

RA is the air drag or air resistance. The air drag is a distributed load, but for simplicity, it is
assumed to be a point load acting at height hA. RF and RR are the rolling resistance from
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Figure 1.6 Free body diagram of a vehicle accelerated uphill.
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the front and rear wheels respectively. PF and PR are the driving force from the front and
rear wheels respectively.WF andWR are the axle loads, which are respectively the contact
force between the front wheels and the road surface and between the rear wheels and the
road surface. A and B denote the points of contact between the wheels and the road sur-
face. θ is the grade angle of the slope and r is the rolling radius of the tire. The height of
the center of gravity and the height of the air resistance are respectively denoted as h and
hA. For passenger cars, these two heights are assumed to be the same. The vehicle wheel-
base is L and the longitudinal position of the gravity center is determined by b and c,
which is the distance from the gravity center to the front axle and rear axle respectively.
Unless otherwise stated, the US customary unit system will be used in the equations,
where forces are in pounds, linear dimensions are in feet, speed is in ft/s, and acceleration
is in ft/s2. It should be noted that the inertia force γW g a in the free body diagram is in
the opposite direction to the acceleration, based on the D’Alembert’s principle. γ is the
equivalent mass factor that is introduced to account for the mass moments of inertia of
all rotational components in the powertrain, including transmission input and output
shafts, gears in the power flow path, drive shaft, differential, wheels, etc. The value of
γ can be accurately determined based on the total vehicle equivalent kinetic energy as
follows,

1
2
γ
W
g
v2 =

1
2
W
g
v2 +

n

i=1

1
2
Jiωi

2 1 1

In the equation above, Ji is the mass moment of inertia of each rotational component
and n is the total number of rotational components in the powertrain. The equivalent
mass factor is then determined as,

γ = 1+
n

i= 1

gJi
W

ωi

v

2
1 2

For a given vehicle, the ratio ωi
v is a constant for each rotational component that

depends on the transmission gear ratios. Empirical formula and tables are available
for the approximation of the equivalent mass factor [6]. For passenger cars, the value
of γ is small and can be considered to be equal to one for vehicle acceleration analysis
and transmission ratio selections.

1.3.1 Axle Loads

The forces in the free body diagram (Figure 1.6) form a system of equilibrium, and three
scalar equations can be written based on the condition of equilibrium. As shown below,
the first two equations are based on the conditions that the sum of moments made by all
forces about point A and point B must be equal to zero. The third equation is that the
sum of all forces, including the inertia force, must be equal to zero in the direction of
vehicle motion.

MA = 0

MB = 0

F = 0

1 3
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These equations can be arranged to express the axle loads and the inertia force as
follows:

WF =
1
L

Wc cosθ−RAhA−γ
W
g
ah−Wh sinθ 1 4

WR =
1
L

Wb cosθ +RAhA + γ
W
g
ah+Wh sinθ 1 5

γ
W
g
a=PF +PR−RF −RR−RA−W sinθ 1 6

The first two equations determine the dynamic axle weights for the vehicle. During
acceleration, there is a weight transfer equal to the magnitude of the inertia force from
the front axle to the rear axle, as shown in Eqs (1.4) and (1.5). The static axle weights on
level ground are obtained from the equations bymaking the slope angle θ, the air drag RA,
and the acceleration a equal to zero. It should be noted that tractions are available from
both front and rear wheels only for a four wheel drive vehicle. PR is zero for front wheel
drive and PF is equal to zero for rear wheel drive. Total driving force and rolling resist-
ance from both front wheels and rear wheels are:

P =PF +PR

R=RF +RR
1 7

The rolling resistance depends on many factors, such as tire material, texture, tread,
inflation, speed, etc. Accurate calculation of the rolling resistance is very difficult, indeed
impractical. For simplicity, it is common practice in the automotive industry to calculate
the rolling resistance by:

R= fWcosθ≈ fW 1 8

where f is the rolling resistance coefficient and is approximately equal to 0.02. By rear-
ranging Eqs (1.4–1.7) with the assumption that h≈hA, the axle loads can be solved in the
following form:

P− fW = γ
W
g
a+RA +W sinθ 1 9

WF =
Wc
L

−
h
L

P− fW 1 10

WR =
Wb
L

+
h
L

P− fW 1 11

where c
L and b

L are the weight distribution factors. The term h
L P− fW is the dynamic

weight transfer. Eqs (1.10) and (1.11) represent the dynamic axle weights in terms of
the static axle weights and the weight transfer. The dynamic axle weight on the driving
axle determines the maximum traction available for the vehicle under a given road
condition.

1.3.2 Road Loads

There are three kinds of road loads that are against vehicle motion when the vehicle tra-
vels on a road surface: rolling resistance, air drag, and grade load, as shown in Figure 1.6.
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The rolling resistance is calculated by Eq. (1.8). The grade load is the component of grav-
ity on the slope direction and is equal toW sin θ. At level ground, only rolling resistance
and air drag exist. At high vehicle speed, the air drag becomes more significant than the
rolling resistance.
There are two causes for the generation of air resistance: friction between the air and

the vehicle body surface; and air turbulence formed around the vehicle body [6]. The
latter is the main cause of air drag for ground vehicles. Factors affecting the magnitude
of the air drag include the shape and finish of vehicle body, the vehicle frontal projected
area, air density and atmospheric condition, and most importantly, the vehicle’s speed. It
is very challenging to exactly determine the air drag by analytical means. In the standard
of the Society of Automotive Engineers (SAE), the air resistance or air drag is calculated
by the following formulation [6]:

RA = 0 26CDA
v
10

2
1 12

where CD is the unit less air drag coefficient that mainly depends on vehicle body shape
and body surface smoothness. The air drag coefficient can be determined with high accu-
racy by wind tunnel testing. Modern passenger cars with streamlined body can have an
air drag coefficient as low as 0.26. A is the vehicle frontal projected area in ft2 that mainly
depends on the vehicle size. This is the area of the vehicle body that confronts the air flow
in the direction perpendicular to vehicle motion. To determine this area, a flat board can
be held perpendicular to the road surface behind the parked vehicle and a flashlight is
then used to beam the vehicle body horizontally in front of the vehicle. The area of
the shadow casted on the board is the frontal projected area. As shown in the formula-
tion, the air drag is proportional to the square of the vehicle speed v relative to the wind.
With the speed v in mph, the formulation determines the air drag as a force in pounds.
For the analysis and calculations of vehicle dynamics, the vehicle speed and acceleration
are often in ft/s and ft/s2, then the formulation for air drag will be used in the follow-
ing form:

RA = 0 00118CDAv
2 1 13

The equation above is directly transformed from Eq. (1.12) by considering that one
mph is equal to 1.467 ft/s. The resultant road is the sum of the rolling resistance, grade
load and air drag, as expressed below,

R= 0 00118CDAv
2 + fW +W sinθ 1 14

1.3.3 Powertrain Kinematics and Traction

There are various layouts for vehicle powertrain systems. In this section, the powertrain
of a rear wheel drive vehicle with a manual transmission (MT), in the layout shown in
Figure 1.7, is used as the example for demonstration. The analysis on powertrain
kinematics and related equations derived in the example are applicable to all other
powertrain layouts.
The engine output torque and output angular velocity are denoted as Te andωe respec-

tively, the transmission output torque and angular velocity are denoted as Tt and ωt, the
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angular velocity of the driving wheel is denoted as ωw, and the torque on each of two
wheels on the driving axle is denoted as Tw

2 . As shown in Figure 1.7, the engine output
is transmitted through the transmission to the drive shaft, which then transmits the
transmission output to the final drive. The final drive assembly contains a pair of spiral
bevel or hypoid gears that multiplies the transmission output torque by the final drive
ratio ia and transmits the rotation of the drive shaft to the wheels between the two per-
pendicular axes. The outputs of the engine and the transmission are related by the
following equation:

Tt = ηt itTe 1 15

ωt =
ωe

it
1 16

where it is the transmission ratio defined as the division of the input angular velocity by
the output angular velocity and ηt is the transmission efficiency. The transmission ratio is
a stepped variable for manual transmissions. For a five speed transmission, the ratio var-
ies between the highest value in the first gear and the lowest value in the fifth gear. Note
that the accurate determination of the transmission efficiency is experimental by nature,
and the efficiency is assumed to be a constant value throughout the text of this book.
The transmission output is further transmitted by the final drive to the driving wheels.

The torque on the two driving wheels and the angular velocity of the driving wheels are
related to the engine output torque and engine angular velocity by the following
equations:

Tw = ηaiaTt = ηaηt iaitTe 1 17

ωw =
ωt

ia
=
ωe

iait
1 18

where ia is the final drive ratio and ηa is the final drive efficiency. When a vehicle travels
on road, there is always a small amount of slippage between the tire and the road surface.
The amount of tire spillage is determined by the tire slip rate defined as:

δ=
ωr−v
ωr

1 19

v

Te Tt

Tw/2

Tw/2

ωe ωt

ωw

ωw

Final drive

Drive shaft

Engine MT ia

a

Figure 1.7 Layout of RWD manual transmission powertrain.
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Under normal driving conditions, the slip rate is very small (δ≤ 0 02) and can be
neglected for the selection of gear ratios in engine–transmissionmatching. If the slippage
is not considered, then vehicle motion and driving wheel rotation are related as,

ωw =
v
r

αw =
a
r

1 20

where αw is the angular acceleration of the driving wheels. Based on Eqs (1.17), (1.18),
and (1.20), the engine output torque, the engine angular velocity, the torque on the driv-
ing wheels, and the vehicle speed are related by the following equations,

Tw = ηiaitTe

ωe = iait
v
r

1 21

where η is the overall powertrain efficiency. The second of these equations relates the
engine angular velocity and the vehicle speed without considering tire slippage. Knowing
the torque on the driving wheels, the driving force that originates from the engine and
propels the vehicle is then determined by the following equation for the rear wheel drive
(RWD) vehicle in the example:

P = PR =
ηiaitTe

r
1 22

Themaximum value of the driving force for ground vehicles driven by wheels is limited
by road–tire contact conditions and is commonly termed as the traction limit. For the
RWD vehicle in question, the traction is limited by the following inequality:

P = PR ≤ μWR 1 23

where μ is the so-called traction coefficient, which depends on the road condition and the
tire properties. On a standard highway surface (road surface with skid number 81), the
value of the traction coefficient is equal to 0.81. The traction force or driving force avail-
able from the powertrain cannot exceed the traction limit, or the driving wheels will slip
excessively. WR is the dynamic rear axle load, which is determined by Eq. (1.11). It is
emphasized here that Eqs (1.15–1.23) are derived for the RWD vehicle in the example,
and are applicable for all other types of powertrain systems as mentioned previously.
With the driving force determined by Eq. (1.22), the vehicle acceleration can then be
determined from Eq. (1.16) by:

a=
P− fW +W sinθ + 0 00118CDAv2

γWg
1 24

Eq. (1.9), or Eq. (1.24), is actually the equation of motion of the vehicle when it runs on
a straight path. The vehicle acceleration can be calculated by Eq. (1.24) at any given vehi-
cle speed if the engine throttle opening and the road condition are provided. The equiv-
alent mass factor γ in Eq. (1.24) is approximately equal to one for passenger vehicles. The
following example demonstrates how the equation series is used for the calculation of
vehicle acceleration and fuel economy.
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Example 1.1 A manual transmission used for a vehicle with data given below has six
forward speeds and the gear ratios are: 1st gear (3.72), 2nd gear (2.31), 3rd gear (1.51),
4th gear (1.07), 5th gear (0.81), 6th gear (0.63). The engine WOT output is as given in
Figure 1.3 and the fuel map is as given in Figure 1.5. The vehicle has the following data:

Front axle weight: 1750 lb Rear axle weight: 1550 lb
Center of gravity height: 17 in. Wheelbase: 104 in.
Air drag coefficient: 0.32 Frontal projected area: 22.90 sq.ft
Tire radius: 11.70 in. Roll resistance coefficient: 0.018
Powertrain efficiency: 0.94 Traction coefficient: 1.0
Max. power @6000 RPM: 138 HP Max. torque @4500 RPM: 132 ft.lb

a) The engine RPM drops by 662 (RPM) when a 4–5 upshift is made at a vehicle speed of
45 mph. Determine the final drive ratio of the vehicle.

b) Determine the engine torque and the engine power when the vehicle is cruising at a
constant speed of 65 mph on level ground in the 6th and 5th gears respectively.

c) Determine the fuel economy in mpg or litres per 100 km for the conditions in (b).
d) Determine the maximum acceleration that the vehicle can achieve in 4th gear at a

speed of 65 mph on a 2% slope.

Solution:

a) v= 45mph= 1 46 45 = 65 7 ft/s

ω=
v
r
=

65 7
11 70

12
= 67 38 rad/s = 643 5RPM

The engine RPM drops by 662 in a 4–5 upshift, so i4iaωw− i5iaωw = 662, and:

ia =
662

ωw i4− i5
=

662
643 5 1 07−0 81

= 3 96

b) v= 65mph= 65 1 46 = 94 9 ft/s = 104 km/h

R= fW + 0 00118cDAv
2 = 0 018 1750 + 1550 + 0 00118 32 22 9 94 9 2 = 137 3 lb

ωw =
v
r
=

94 9
11 7

12
= 97 33 rad/s

Since the vehicle speed is constant, engine power is the same for both gears and is
equal to:

Rv
η

=
137 3 94 9

94
= 13861 6 ft lb/s =

13861 6
550

= 25 2HP= 18 8 kW

Engine torque depends on the gear ratio and is calculated respectively for the 6th
and 5th gears,

6th gear T 6
e =

Rr
ηi6ia

=
137 3 11 7

12

94 63 3 96
= 57 1 ft lb = 76 5Nm

5th gear T 5
e =

i6
i5
T 6
e =

63
81

57 1 = 44 4 ft lb = 59 5Nm
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c) The angular velocity of the engine for the condition in question (b) is respectively,

ω6
e = i6iaωw = 63 3 96 97 33 = 242 8 rad/s = 2319RPM

ω5
e = i5iaωw = 81 3 96 97 33 = 312 2 rad/s = 2981RPM

So the engine operation status is defined respectively as (2319, 76.5) and
(2981, 59.5). From the fuel map (Figure 1.5), the specific fuel consumption is 275
gr/(kW.hr) and 285 gr/(kW.hr) respectively. The fuel consumed per hour can then
be calculated as:

6th gear 18 8 275 = 5170 gram = 6 89 litres;

5th gear 18 8 285 = 5358 gram = 7 14 litres

Fuel consumption in litres per 100 km:

6th gear
100 6 89

104
= 6 63; 5th gear

100 7 14
104

= 6 87

Fuel consumption in mpg:

6th gear
65

5 17
3 03

= 38mpg; 5th gear =
65

5 36
3 03

= 36 7mpg

d) ωe = i4iaωw = 1 07 3 96 97 73 = 412 41 rad
s = 3938RPM

At 3938 RPM, theWOT engine torque Te is found from Figure 1.3 and is equal to 129
ft.lb.

P =
ηi4iaTe

r
=
0 94 1 07 3 96 129

11 7
12

= 526 98 lb

R= fw+ 0 00118cDAv
2 + 0 02W = 137 366 + 203 3 lb

a=
P−R
W

g
=
526 98−203 3

3300
32 2

= 3 16 ft/s2

1.3.4 Driving Condition Diagram

As can be observed from Eqs (1.21) and (1.22), the driving force available from the engine
at a given throttle position can be calculated for a given vehicle speed. This is because the
engine angular velocity is related to the vehicle speed via the transmission and final drive
ratios, and the engine output torque is a function of engine speed at a given throttle.
Apparently, the capacity propulsive force available from the engine is obtained when
the engine is operating at wide open throttle (WOT) and this capacity driving force is
a function of vehicle speed as determined by Eqs (1.21) and (1.22). Since the transmission
has stepped gear ratios, each gear of the transmission provides a function or relationship
between the engine torque and the vehicle speed. Similarly, the road load is also a func-
tion of vehicle speed, as shown in Eq. (1.14). Therefore, the net force for acceleration at
engine capacity can be found by subtracting the road load from the driving force available
under WOT condition at any vehicle speed. The driving force and road load can be
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plotted over the speed range of the vehicle in the so-called driving condition diagram, as
shown in Figure 1.8. In this figure, the horizontal axis is for the vehicle speed and the
vertical axis is for the driving force and road load. In the US customary unit, the
driving force and road load are in pounds, and the vehicle speed is in ft/s, while in Inter-
national standard, the traction (i.e. driving force) and road load are in N and the vehicle
speed is in m/s.
The driving condition diagram in Figure 1.8 is for an example vehicle equipped with a

five-speed manual transmission. There are five separate traction curves, one for each
gear. There must be a certain amount of slippage between the engine output and trans-
mission input at vehicle launch because the engine cannot provide output torque below
the idle RPM. Each driving force curve or traction curve covers the vehicle speed range
corresponding to the engine speed range from idle to redline. For example, the vehicle
speeds at the starting point and end point on the first gear driving force or traction curve
are determined as:

v1i =
π nidlee iai1r

30

v1r =
π nredlinee iai1r

30

1 25

where v1i and v1r are the vehicle speed in the first gear corresponding to the engine idle
speed nidlee and redline speed nredlinee respectively. For any other point along the first gear
traction curve, we can first divide the interval [v1i, v1r] evenly and then pick up a vehicle
speed from the interval. This speed is then used to determine the engine angular velocity
from Eq. (1.21). Knowing the engine angular velocity, the engine torque can then be
found from the engine WOT torque output. The driving force is finally determined
by using Eq. (1.22).
In the driving condition diagram, the road load is plotted against vehicle speed on dif-

ferent grades, starting from level ground. The road load curves on different grades are
parallel parabolic curves. In the SAE standard, the steepness of a slope is expressed
by the grade percentage defined as follows:

V

P

1st

2nd

3rd

4th

5th

Level ground

5% Grade

10% 

15% 

20% 

25% 

Shift points for max acceleration

(P-R)

Launch slip

vma

Figure 1.8 Driving condition diagram.

Automotive Power Transmission Systems14



G
100

= tanθ≈sinθ 1 26

where θ is the slope angle and G is the grade number. If the slope angle θ is small, the
slope percentage can be approximated as sin θ. Thus the grade load is often calculated
as G

100W .
The following data are required to complete the driving condition diagram for a vehi-

cle: engine output data, the efficiency and ratios of the transmission and final drive, vehi-
cle data such as weight, tire rolling radius, frontal projected area and air drag coefficient.
The driving condition diagram provides graphically technical data on vehicle dynamic
performance. For example, performance related data in the following list can be obtained
by observing the driving condition diagram:

• Net driving force available for vehicle acceleration in different gears and on different
grades over the whole vehicle speed range. This net force is the difference between the
traction curve and the road load curve.

•Maximum vehicle speed based on powertrain capacity. As shown in Figure 1.8, the
maximum speed on level ground occurs at the intersection between the traction curve
of the fifth gear and the level ground road load curve for the vehicle in the example. It is
also possible to find the maximum vehicle speed on other grades and to find the gear at
which the maximum speed is achieved.

• Shifting points for maximum vehicle acceleration. To reach the maximum vehicle
speed from standstill in the shortest time, the driver must make gear shifts at points
that give the largest net driving force for acceleration. For the driving condition dia-
gram shown in Figure 1.8, the shift points should be at the points of intersection of the
two adjacent traction curves. If the traction curves do not intersect, then the shift point
for maximum acceleration should be at the redline point.

• Grade on which the vehicle can be started at a given gear. Theoretically, the vehicle can
be started on a grade as long as the traction curve is above the road load curve. The
higher the traction curve above the road load curve, the easier it is to start the vehicle.

The list above shows some of the vehicle performance related data that can be directly
obtained from the driving condition diagram. It should be pointed out that the
driving condition diagram can be stored as a computer data file for easy reference or
interpolation.

1.3.5 Ideal Transmission

The ideal transmission is the one that can vary the gear ratio continuously and is there-
fore called continuously variable transmission (CVT). Since the transmission ratio can be
varied continuously, the engine speed can be controlled at the value that optimizes a
selected objective at any given vehicle speed. This optimized objective can be the best
fuel economy or the maximum power available from the powertrain. If the maximum
power is the objective, then the CVT gear ratio is controlled to keep the engine speed
corresponding to the peak power for the whole vehicle speed range. This leads to the
following equation for the traction curve of CVT:

Pv= η Power max =C 1 27
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where (Power)max is the engine maximum output power, η is the efficiency of the whole
powertrain including the CVT and the final drive, and C is a constant. It should be noted
here that the efficiency of the CVT itself is actually lower than that of a manual stepped
ratio transmission due to the higher friction loss. The fuel economy advantage of CVT is
from its capability that the engine operation status can be always controlled at the most
efficient range. As shown in Figure 1.9, Eq. (1.27) represents a hyperbola on the driving
condition diagram for the traction curve of a CVT powertrain. The hyperbolic traction
curve of a CVT powertrain is the envelope to the piecewise traction curves of a stepped
ratio transmission. If the same overall powertrain efficiency is assumed, the hyperbola
will touch the piecewise traction curves at the point corresponding to the maximum
engine power. Several important observations can be made from Figure 1.9:

• For a stepped ratio transmission, the maximum engine power can only be useful at one
vehicle speed in each gear. There are always losses of engine power potential due to the
mismatch between the vehicle speed and engine status.

• The more gears a stepped ratio transmission has, the more the piecewise traction
curves and the closer these curves get to the hyperbola (the ideal CVT traction curve).
Generally, more transmission gears provide better matching to the engine and make
the engine output power available over a wider vehicle speed range. For example, a
semi-truck may have as many as 16 gears in the transmission to fully utilize the engine
power potential over a wide speed range.

• Similarly, more transmission gears provide better engine matching in terms of fuel
economy because they allow the engine to run closer to the status corresponding to
the most fuel efficient range.

• Figure 1.9 provides a judgment on how well the transmission matches the engine.
A good match must have those piecewise traction curves closely enveloped by the
hyperbola.

P

V

Ideal transmission: CVT

Power losses

1st

2nd

3rd

4th
5th

PV = η (Power) max

Figure 1.9 Traction curve of the ideal transmission.
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A complete driving condition diagram that includes the CVT traction curve provides
important technical data on vehicle performance as described previously. In addition, it
tells us, to a certain degree, how the transmission ratios match the engine output.

1.3.6 Power–Speed Chart

When a vehicle is driven on a road surface, the power available from the powertrain,
(Power)A, and the power of the road load, (Power)R, are respectively determined by
the following equations:

Power A =Pv 1 28

Power R =Rv 1 29

where the driving force P and the road load R are respectively represented by Eqs (1.22)
and (1.14). Obviously, the power available from the powertrain must be higher than the
road load power for acceleration, and the two powers are balanced when the vehicle
cruises at constant vehicle speed. In general, vehicle power requirements depend on
its operation conditions. In a power–speed chart, the power available from the power-
train and the road load power to be overcome are both plotted against the vehicle speed,
as shown in Figure 1.10. In this chart, the horizontal axis is the vehicle speed, in either ft/s
or m/s, depending on the units used. The vertical axis represents the power in horse-
power or kilowatts available from the powertrain in each gear, the maximum engine
power, and the road load power. The power available from the powertrain is plotted
for each gear separately and the road load power is plotted on different grades. The max-
imum engine power is a horizontal line in the power–speed chart and is realized only by
the ideal transmission (CVT) for all vehicle speeds. While the driving condition diagram
tells the net driving force for vehicle acceleration, the power–speed chart provides a
graphic quantification on the net power reserve under all vehicle operation conditions.
The combination of the driving condition diagram and the power–speed chart gives a
complete picture of the availability of driving force and power for acceleration or
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gradability. For example, the maximum vehicle speed on level ground can also be found
on the power–speed chart. As shown in Figure 1.10, the power curve for the highest gear
intersects with the road load power curve on level ground. The maximum vehicle speed
is achieved at this intersection because no extra power from the powertrain would be
available to overcome the additional road power resulting from any further speed
increase.

1.4 Selection of Gear Ratios

The principal considerations for the selection of transmission gear ratios are vehicle per-
formance and fuel economy. The process of gear ratio selection is trial and error by
nature, in which experience and data on previous vehicles play an important role. There
is no closed form formula that would provide the precise values for the gear ratios that
match the engine output for the best results in dynamic performance and fuel efficiency.
However, approximate gear ratio values can be calculated analytically by equations
derived in this section. These approximate ratios can be used as the starting values
for the finalization of transmission ratios.

1.4.1 Highest Gear Ratio

The highest gear ratio is that for the top gear and has the lowest value. This ratio is usu-
ally selected such that the vehicle will achieve the maximum speed on level ground that is
allowed by the maximum engine power. As discussed previously, vehicle maximum
speed occurs at the intersection between the available power curve for the highest gear
and the road load power curve on level ground (Figure 1.10). There exists a unique gear
ratio for the highest gear such that the available power curve defined by this ratio, the line
of maximum power, and the road load power curve on level ground intersect at the same
point, which is point H as shown in Figure 1.11. Obviously, the vehicle speed correspond-
ing to point H is the very maximum vehicle speed as allowed by the engine capacity
power. At point H, the maximum engine power is fully matched by the highest gear ratio
to balance the road load power at the maximum vehicle speed.
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As shown in Figure 1.3, the maximum engine power only occurs at a unique engine
speed, and this speed corresponds to the maximum vehicle speed calculated as
follows:

vmax =
πnmaxp

30 ithia
r 1 30

where nmaxp is the engine RPM at which the engine output power is the maximum, r is
the tire rolling radius, and (ithia) is the overall powertrain ratio. Since the maximum
engine power is balanced by the road load power, the following equation becomes
apparent,

Rvmax = η Power max 1 31

where R is the road load determined by Eq. (1.14) with the slope angle θ is equal to zero,
η is the overall powertrain efficiency that is assumed to be a constant, and (Power)max is
obtained directly from the WOT engine output plot. An equation of the following form
can be derived by plugging Eqs (1.14) and (1.30) into Eq. (1.31):

πnmaxp

30 ithia
r 0 00118CDA

πnmaxp

30 ithia
r

2

+ fW = η Power max 1 32

This equation contains only one unknown (ithia), which is the overall powertrain ratio.
Through some simple manipulations, this equation can be transformed to a cubic equa-
tion in terms of the unknown (ithia):

η Power max ithia
3− fW

πnmaxp

30
r ithia

2−0 00118CDA
πnmaxp

30
r

3
= 0 1 33

For a given vehicle the only unknown in the equation above is overall powertrain ratio
(ithia), which can be solved by a simple iteration procedure. The transmission ratio in top
gear, ith, can then be easily determined if the final drive ratio ia is given.

1.4.2 First Gear Ratio

The first gear ratio has the largest value and is designed such that the vehicle will be capa-
ble of negotiating the theoretical maximum grade that is allowed by themaximum engine
output torque.When the vehicle negotiates the maximum grade in the first gear at a con-
stant low speed, the vehicle acceleration is zero and the air drag can be neglected in the
calculation of road load. Thus, the road load on the maximum grade at low vehicle speed
is approximated as:

R= fWcosθmax +W sinθmax≈ fW +
WGmax

100
1 34

The equation for the road load above uses the designation for the grade defined in
Eq. (1.26). For the vehicle to be able to negotiate the maximum grade, the driving force in
the first gear when the engine torque is the maximummust satisfy the following inequality,

Temax it1ia η

r
≥ fW +

WGmax

100
1 35
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Therefore,

it1ia = β
Wr f +

Gmax

100
ηTemax

1 36

where β is a reservation factor that should be larger than one. The engine maximum out-
put torque Temax is obtained directly from the engine WOT output torque plot
(Figure 1.3). The powertrain based gradability is usually designed to reach the gradability
allowed by the traction limit. That is to say, the value of Gmax

100 in Eq. (1.36) can be deter-
mined based the traction condition when the vehicle is running uphill. If rolling resist-
ance and air drag are neglected in calculation, then the traction based gradability for a
RWD vehicle is limited by the following inequality:

W sinθmax ≤ μWR = μ
W
L

bcosθmax + hsinθmax 1 37

where WR is the real axle weight determined by Eq. (1.5) when the acceleration and air
resistance are zero, and μ is the traction coefficient. Solving Eq. (1.37) for tan θmax and
using the definition for grade percentage in Eq. (1.26), the maximum traction based grad-
ability for a RWD vehicle can be approximated by:

Gmax = 100tanθmax≈ 100
μ b
L

1−μh
L

1 38

Finally, the overall first gear ratio for the RWD vehicle can be found by plugging
Eq. (1.38) into Eq. (1.36). The first gear ratio thus determined enables the vehicle with
the maximum gradability allowed by the engine torque capacity. Note that the maximum
vehicle gradability Gmax

100 is approximately equivalent to a vehicle acceleration of Gmax
100 g on

level ground. This can be observed from Eq. (1.24) by dropping the air drag and rolling
resistance in the equation. As can be observed in Eq. (1.36), the value of the first gear ratio
heavily depends on the vehicle weight and the engine maximum output torque. For vehi-
cles that have a high ratio between total vehicle weight and engine output torque, such as
a heavy duty truck, there needs to be a very large first gear ratio for gradability and accel-
eration capability during launch.

1.4.3 Intermediate Gear Ratios

The low and high gears define the transmission ratio range, and the gap between low and
high gears must be bridged by a number of intermediate gears. These ratios affect the
engine RPM range under various vehicle operation statuses. Generally, internal combus-
tion engines have a certain RPM range within which the engine output torque is close to
the maximum. The lowest specific fuel consumption usually falls within this range. For a
given engine, the low andhigh bounds of this range can be selected from the engine output
torque plot. Apparently, for the best results in acceleration performance and fuel effi-
ciency, the intermediate gear ratios should be designed such that the engine RPM is kept
within this rangewhile the vehicle operates in different gears. As shown in Figure 1.12, the
low bound and high bound of the RPM range are denoted by L and M respectively.
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The intermediate gear ratios are designed such that the engine RPM is maintained
within the interval [L,M] when the transmission shifts gears. Suppose the vehicle is being
accelerated in the current gear, or a lower gear. As the vehicle speed increases, the engine
speed also increases toward the high bound M. To keep the engine speed within the
range, an upshift must be made when the high bound M is reached. Immediately after
the upshift, the engine speed should be down to the low bound L, while the vehicle speed
remains almost unchanged because the shift only lasts a short time. If the current (lower)
overall gear ratio is iL, then the vehicle speed corresponding to the high bound M is,

v=
πM
30iL

r 1 39

After the upshift, the engine speed drops to the low bound L, but the vehicle speed
remains almost the same and is related to the next (higher) overall gear ratio iH as:

v=
πL
30iH

r 1 40

These two equations result in the following relation for the current and the next overall
powertrain ratios:

iH =
L
M

iL = ciL 1 41

where c is a constant, since the lower and upper bounds are specified. After the upshift,
the vehicle will be driven with the gear ratio iH. As the vehicle speed increases, the engine
speed will reach the high bound M again. Then an upshift is made again to keep the
engine RPM within the range. By similar analysis, the gear ratio after the next upshift
will be ciH or c2iL. Thus it can be observed by deduction that the gear ratios should form
a geometric progression if the engine RPM is to be kept within the speed range [L,M].
For example, if designed in a geometric progression, the gear ratios of a five speedmanual
transmission will be related by the following equation,

HP

ft.lb

160

140

120

100

80

60

40

20

Torque

Power

L M RPM

SFC

Selected
RPM range

P
o
w

e
r

T
o
rq

u
e

140

120

100

80

60

40

20

2000 3000 4000 5000 6000

Figure 1.12 Engine RPM range.
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i5
i4
=
i4
i3
=
i3
i2
=
i2
i1
=

L
M

= c 1 42

If all upshifts are made at the same engine RPM, then the engine RPM will drop by the
same amount, as shown in Figure 1.13. Clearly, the engine speed is kept between the low
bound and the high bound.
The number of gears needed to match the engine output largely depends on the shape

of the engine output torque curve and on the type of vehicle. For an engine with sharply
peaked torque curve, the ratio between the low bound and high bound c= L

M is higher
than that for an engine with a flatter torque curve. This means that more gear ratios
are needed to bridge the gap between the low gear and the high gear. The higher the value
of L

M, the more the transmission gears needed. In other words, the narrower the RPM
range within which the engine is kept to operate, the more gear ratios are needed. If a
relatively small engine is used as the power plant for a large vehicle, such as the case
for a semi-truck, it is highly desirable to keep the engine RPM nearest to the peak output,
thus the ratio L

M is close to one and a large number of gears are required in the
transmission.
Summarizing this analysis, the first gear ratio it1ia for the whole powertrain is designed

for maximum gradability or acceleration, the highest gear ratio ithia is designed for the
maximum vehicle speed allowed by the maximum engine power, and the intermediate
gear ratios fall in a geometric progression such that the engine RPM will be kept within
the same range for optimized engine performance in torque and fuel efficiency. The final
drive ratio ia is always a constant and is realized separately from the transmission. There-
fore the first gear ratio it1 and the highest gear ratio ith of the transmission become known
after the final drive ratio is selected. If the number of gears is pre-determined, then the
intermediate gear ratios can be calculated by the following equations:

c=
ith
it1

n−1 1 43
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Figure 1.13 Engine RPM vs vehicle speed for gear ratios in geometric progression.
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it2 = cit1; it3 = c
2it1 ,…… .., it n−1 = c n−2 it1 1 44

where n is the number of gears in the transmission. If the engine RPM range is specified,
that is, the value of c= L

M is predetermined, then the number of gears can be calculated
firstly by using:

n= 1 +
ln ith

it1

lnc
1 45

The answer from this equation must be rounded up to the nearest integer. Then Eqs
(1.43) and (1.44) are used to calculate all the intermediate gear ratios. It can be observed
from Eq. (1.45) that if the first gear ratio it1 is large, as in the case of heavy duty truck, the
value of n, i.e. the number of gears, will also be large. Similarly, if c gets closer to one, the
number of gears will become larger, as mentioned previously.

1.4.4 Finalization of Gear Ratios

The gear ratio values calculated above may not be the final gear ratios used for the trans-
mission, but these values serve as a good starting point in the transmission ratio selec-
tion. After these starting values are calculated, the driving condition diagram and the
power–speed chart, Figures 1.8 and 1.10, can then be plotted for the vehicle to judge
how good the engine–transmission match is. With the selected gear ratios, the vehicle
acceleration performance and fuel economy can also be simulated under various drive
ranges. Based on the simulation results, necessary modifications of the gear ratios can
be made for priorities in acceleration performance or fuel economy or for the optimized
trade-off between the two.
Note that, in addition to the geometric progression method described in this section,

transmission gear ratios can also be designed in progressive steps [5].When transmission
gear ratios are in progressive steps, the difference between two adjacent gears becomes
smaller toward the high gears. This means that the engine RPM will not drop the same
amount during upshifts, as shown in Figure 1.13. Instead, the engine RPMdrop decreases
for upshifts in higher gears. Gear ratios for passenger car transmissions often have low
gear ratios close to a geometric series and high gear ratios with the characteristics of pro-
gressive steps.

Example 1.2 A five-speed manual transmission is used for a FWD car with the
following data:

Front axle weight: 1820 lb Rear axle weight: 1700 lb
Center of gravity height: 14 in. Wheelbase: 105 in.
Air drag coefficient: 0.31 Frontal projected area: 21.50 sq.ft
Tire radius: 12.0 in. Roll resistance coefficient: 0.02
Powertrain efficiency: 0.94 Road adhesion coefficient: 1.0
Max. power @ 5500 RPM: 198 HP Max. torque @3850 RPM: 199 ft.lb.

The torque output curve of the engine is given in Figure 1.14. Design the overall power-
train ratio of the highest gear for the highest vehicle speed and the ratio of the lowest gear
for the maximum gradability, using a reservation factor β = 1 35.
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a) Determine all the gear ratios assuming they fall into a geometric progression.
b) Determine the maximum grade the vehicle can negotiate in 4th gear at a constant

speed of 65 mph.
c) What will be the maximum vehicle speed if the overall powertrain ratio of 5th gear is

designed as 2.15?

Note: Show how the data are taken from the plot.

Solution:

a) Fifth gear ratio:
Plugging the relevant data given in the problem into Eq. (1.33), we can obtain a

cubic equation with (iai5) as the unknown:

102366 iai5
3−40527 2 iai5

2−1500368 7 = 0

Solving the equation above by iteration, iai5 = 2 57
First gear ratio:
For an FWD vehicle, the traction based maximum gradability is determined as:

W sinθmax ≤ μo
c
L
W cosθmax−

h
L
sinθmax

Gmax = 100tanθmax = 100
μo

c
L

1 + μo
h
L

= 100
1 0 1820
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105

= 45 6
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Figure 1.14 Engine WOT output for Example 1.2.
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Intermediate gear ratios:

Since the gear ratios are in a geometric series, i5 = c4i1, so, c= 2 57
12 10

4 = 0.679, the

other ratios are:

iai2 = 0 679 12 10 = 8 22

iai3 = 0 679 8 22 = 5 58

iai4 = 0 679 5 58 = 3 79

b) Maximum grade:

v= 65mph= 1 467 65 = 95 36 ft/s

R= 0 02 + 3520 + 0 00118 31 21 5 95 36 2 + sinθ = 140 25 + 3520sinθ

ωe = i4ia
v
r
= 3 79

95 36
1 0

= 361 41 rad/s = 3451RPM

From the torque plot, the engine torque Te is found to be 192 ft.lb at 3451 RPM, so

P =
0 94 3 79 192

1 0
= 684 lb

At maximum grade, traction and road load are balanced, so

140 25 + 3520sinθmax = 684

Gmax≈100sinθmax = 15 2

c) When the vehicle reaches its maximum speed, the available power from the power-
train is fully balanced by road load power, i.e. Rvmax = η Power or,

vmax 0 02 3520 + 0 00118 0 31 21 5 v2max = 0 94 Power

74 89vmax + 0 008367v3max =Power

Note that Power is a function of engine RPM. The solution for vmax is based on iter-
ation.

First iteration: assuming vmax =
3 14 5500 1 0

30 2 57
= 223 99 ft/s, then,

Road load power 74 89 223 99 + 0 008367 223 993 = 110802 ft lb/s = 201HP

RPM=2 15
30
π

v
r
= 2 15

30
π

223 99
1 0

= 4598 7

At 4598 RPM, the engine power is about 165 HP and is below 201 HP. So
vmax < 223 99 ft/s
Second iteration: assuming vmax = 190 ft/s, then
Road load power: 74 87 190 + 0 008367 190 3 = 129HP

RPM=2 15
190
1 0

30
π

= 3900
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At 3900 RPM, the engine power is 152 HP and is higher than 129 HP. So
vmax > 190 ft/s
Third iteration: assuming vmax = 210 ft/s, then

Road load power: 74 89 210 + 0 008367 210 3 = 168HP

RPM=2 15
210
1 0

30
π

= 4311

At 4311 RPM, the engine power is about 162 HP, so vmax≈210 ft/s = 143mph
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Problem

A FWD vehicle has the following data:

Front axle weight: 1750 lb Rear axle weight: 1200 lb
Center of gravity height: 15 in. Wheelbase: 105 in.
Air drag coefficient: 0.30 Frontal projected area: 22.0 square feet
Tire radius: 11.40 in. Roll resistance coefficient: 0.02
Max. power @6000 RPM: 138 HP Max. torque @4500 RPM: 132 ft.lb
Powertrain efficiency: 0.96 Final drive ratio: 3.143

A six-speed manual transmission is used for the vehicle and the gear ratios from 1st to
4th gears are: 1st gear (3.92), 2nd gear (2.76), 3rd gear (1.85), 4th gear (1.35). The engine
WOT output plot is as given in Figure 1.3.

a) The vehicle runs in the 5th gear at a speed of 55 mph with the engine speed at 2450
RPM. The driver then makes a 5–6 upshift and the engine RPM drops by 500 RPM
immediately after the shift. Determine the 5th and the 6th gear ratios.
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b) Determine the engine torque and work done by the engine when the vehicle cruises
for 1.5 miles at a constant speed of 65 mph on level ground in the 6th and 5th gears
respectively.

c) The driver floors the gas pedal and simultaneously makes a 6–5 downshift when the
vehicle runs on a 3% slope at a speed of 65 mph. Determine the vehicle acceleration
immediately after the 6–5 downshift.

d) What is the steepest percentage slope the vehicle can negotiate at a speed of 70 mph?
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2

Manual Transmissions

2.1 Introduction

The gear ratios discussed in Chapter 1 that match the engine outputs for optimized vehi-
cle performance and fuel economy are realized by different types of transmissions. Man-
ual transmissions (MT) are the oldest type and have a history as old as the automotive
industry [1]. In a manual transmission, engine power is transmitted by gear pairs on fixed
axes from input to output, and gear shifts are manually made by the driver. Although the
basic structure and operation principles have remained almost the same ever since the
advent of automobiles, manual transmissions have undergone an evolution of changes
aimed at improving ease of operation and shift smoothness. The earliest manual trans-
missions used sliding gears for gear shifts [2]. Tomake a shift, the driver would separate a
gear pair by pulling one of the gears out of mesh, and then pushing and sliding another
gear into mesh. It was very difficult to make shifts this way and gear grinding was una-
voidable during shifts. Later versions had constant mesh gear design in which gears
responsible for shifts had a dogtooth ring attached. During a shift, the driver would push
a sleeve with internal spline teeth on the transmission shaft and slide it into mesh with
the dogtooth ring. Tooth grinding was still unavoidable since the speed of the sleeve and
the dogtooth ring were different during shifts. It was in the 1930s that synchronizers were
widely applied in manual transmissions [1,2]. The use of synchronizers greatly improved
vehicle drivability and made driving much easier and more pleasant. To a certain degree,
synchronized manual transmissions contributed to the wide spread of automobiles in
the daily life of the populace.
The design of synchronized manual transmissions has not changed much for many

decades, but advances in material and manufacturing technologies have made these pro-
ducts more durable and reliable. In comparison with automatic transmissions (AT) that
offer better driver convenience, manual transmissions are less costly and generally more
fuel efficient. For some drivers, manual transmission vehicles are the preferred choice
because they offer sportier driving techniques and experience than the automatic coun-
terparts. In addition, manual transmissions with multiple gear ratios are more suitable
for heavy duty trucks due to their advantages in cost and fuel economy. For these reasons,
it can be said that manual transmissions are amature and everlasting product in the auto-
motive industry.
The market share of manual transmissions varies with vehicle type and marketplace

[3]. For passenger vehicles, manual transmissions have less than 20% market share in
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North America, but the number is closer to 80% in Europe. In the Chinese market, which
is currently the world’s largest, manual transmission market share is about 60%. For
trucks, including pickups and heavy duty vehicles, manual transmission share is well
above 50% in all markets. For the world market as a whole, the manual transmission mar-
ket share floats around 58%. These numbers indicate the significant status of manual
transmissions in today’s automotive market.
The overall vehicle powertrain system includes the engine, transmission, transfer case

for four wheel drive (4WD), drive shaft, final drive and differential, half shafts, universal
or constant velocity joints, and driving wheels. The transmission is the core in the drive-
line from the engine output to the wheels. The focus of this chapter is on manual trans-
missions. Readers are recommended to study publications that provide technical details
on other driveline components, such as transfer case, CV joints, and universal joints [4,5].
A manual transmission is a mechanical system that consists of dozens of components,
including clutch, gears, shafts, synchronizers, bearings, and seals. This chapter starts with
the general layouts of vehicle powertrains and the basic structures of manual transmis-
sions, followed by the analysis on the power flow and transmission ratios. At the com-
ponent level, the chapter focuses on the design and analysis of clutches and
synchronizers which are specifically developed for automotive transmissions.
A dynamic model will be introduced for the analysis of manual transmission shift
dynamics. Detailed analysis on the synchronization process and synchronizer design
are covered based on the model. Transmission gear design will be covered separately
in the next chapter. It should be noted that this chapter uses example transmissions
to demonstrate general principles and approaches, which are applicable for the design
and analysis of all other manual transmissions.

2.2 Powertrain Layout and Manual Transmission Structure

Vehicle powertrain system layouts depend on whether the vehicle has front wheel drive
(FWD), real wheel drive (RWD), or four wheel drive (4WD). For FWD vehicles, the
transmission and the final drive, which contains the differential, are integrated into
the same assembly. FWD vehicles usually have transversely mounted engines, with
the engine crankshaft parallel to the drive axle, as shown in Figure 2.1a. A FWD vehicle
can also have the engine mounted longitudinally as shown in Figure 2.1b, then a pair of
spiral bevel gears or hypoid gears must be used to transmit the power to the driving
wheels from the transmission output shaft which is perpendicular to the axle. In com-
parison with RWD layout, FWD layout offers lower manufacturing cost and better pas-
senger room due to its compactness. It also offers somewhat better traction in cold
weather conditions because the front axle has a larger portion of the weight distribution.
Most passenger cars or vans today have front FWD layout because of these advantages.
RWD vehicles always have longitudinally mounted engines. The transmission and the

final drive are separate assemblies, as shown in Figure 2.2a, with a drive shaft connecting
the transmission output and the final drive input. Universal joints (Hooke joints) are used
at the two ends of the drive shaft to accommodate assembly condition and drive line flex-
ibility. The final drive assembly in an RWD vehicle contains a pair of spiral bevel gears or
hypoid gears that provide the final drive ratio and the differential that allows a speed
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difference between the two driving wheels. The weight distribution of RWD cars can be
designed close to a perfect 50/50 between the front and rear axles. This optimized weight
distribution leads to improved drivability and handling in comparison with that of FWD
vehicles. There are drivers who prefer RWD cars because of the better drivability (at least
as perceived by them) in steering and cornering. This may be one of the reasons why
RWD is used for most of the luxury and sports cars. The RWD layout in Figure 2.2a
is also used for the powertrains of light to middle duty trucks, such as pickups and deliv-
ery trucks. This layout can be conveniently modified to fit a 4WD system, as shown in
Figure 2.2b. For 4WD vehicles, there are two final drive and differential assemblies, one
for each drive axle. Other 4WD layouts may originate from an FWD configuration with
transversely mounted engine. In a 4WD powertrain shown in Figure 2.2b, the transmis-
sion output is split by the transfer case to the final drives on the front and rear axles. The
distribution of transmission output torque between the front and rear axles depends on
the design and control of the transfer case.
The vast majority of non-commercial passenger vehicles have powertrain layouts as

shown in Figures 2.1 and 2.2, perhaps with very few exceptions for fancy sports cars.
Other powertrain system layouts can also be adopted to meet the requirements of dif-
ferent vehicle types and functions. For example, Figure 2.3a shows the typical powertrain
layout for a semi-truck with two drive axles in series. Standard cargo boxes are hooked to
the semi-trailer on top of the double axles that provide propulsion together. Spiral bevel

Engine

Drive shaft

Hooke joints

Final drive

Engine MT

Drive shaft

Hooke joints

Final drives

(a)

(b)

MT

Figure 2.3 Powertrain layouts for (a) semi-truck and (b) commercial bus.
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gears or hypoid gears can be used in the final drives for the transmission of power from
the longitudinal drive shaft to the axles. Both spiral bevel gears (with the pinion and gear
axes intersected) and hypoid gears are used in the final drive of heavy duty trucks or
buses. A pair of helical gears is sometimes used to provide an additional reduction ratio
in the final drive assembly. The hypoid gear sets used in the layout shown in Figure 2.3a
have the pinion axis offset above the axle, allowing the assembly of the differential at the
center of the hypoid gear. Figure 2.3b shows the layout for a large passenger bus that has
the engine longitudinally mounted in the rear. It should be noted here that either a man-
ual transmission or an automatic transmission can be fitted to the same powertrain sys-
tem layout of a vehicle.
Most of the manual transmissions used for passenger cars and vans today have five or

six forward gears and one reverse. Only a few sports cars or high end models are
equipped with transmissions with six or more forward speeds for fuel economy and per-
formance. Manual transmissions are a mature product in the automotive industry that
shares similar structures. Figure 2.4 shows the section view of a typical five-speed FWD
manual transmission that fits to the powertrain layout in Figure 2.1a for passenger cars.
Key components in the manual transmission are marked in the drawing. The gear pairs
for different speeds and synchronizers are laid out on the input shaft and the output
shaft. All gears except the reverse gears are cylindrical helical gears. There are six gears
on each shaft since there are five forward and one reverse gears. Both the input and out-
put shafts are supported on cylindrical roller bearings on the engine side and on deep
groove ball bearings on the outside. The whole output shaft and a section of the input
shaft are hollow to reduce weight and mass moment of inertia. The 1st gear and the 5th
gear are on the two ends of the shaft, close to the bearings, to minimize shaft deflection.
The synchronizer for the first and second gears is on the output shaft. The 3–4 synchro-
nizer and the 5th synchronizer are mounted on the input shaft. The reverse gear is rea-
lized by a sliding idler between the input and output shafts. This requires a little more
effort than shifting into a forward gear, but has little effect on drivability since reverse
gear is always engaged when the vehicle is at rest. The output gear for reverse is attached
to the 1–2 synchronizer assembly and is machined on the sleeve of the 1–2 synchronizer.
The input gear of the final drive is machined on the output shaft, and the ring gear (final
drive output) is bolted to the differential carrier, which is supported on both sides by
tapered roller bearings that resist thrusts. Each of the two side gears of the differential
is connected to the driving wheel via a haft shaft, which is coupled to the side gear
and the wheel hub by CV joints. The transmission housing consists of two pieces bolted
together with sealing and is attached to the engine assembly by bolts. The housing is
designed with an empty space on the input side, called clutch well, for the clutch assem-
bly. Note that the axes of the shafts, the final drive, and the sliding idler are actually not
within a plane, but at angles with respect to each other for assembly and compactness
considerations.
A typical five-speed manual transmission for an RWD passenger vehicle is shown in

Figure 2.5. This transmission fits the powertrain layout in Figure 2.2a. There are three
shafts in this transmission design. The input shaft is supported on the housing by a deep
groove ball bearing and at the center of the engine flywheel by a pilot bearing. To min-
imize shaft deflection, both the counter shaft and the output shaft are supported at three
locations. The counter shaft carries all of the gears on it and is supported by a cylindrical
roller bearing on the engine side, a double row roller bearing on the supporting wall of
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the housing, and a ball bearing at the other side. The output shaft is supported by ball
bearings on the supporting wall and on the output side, as well as by a roller bearing at the
center of the input gear. The first, second, and 5th gears are located by the bearing to
minimize shaft deflections. The reverse gears are constantly meshed and the reverse gear
is engaged by the R-5 synchronizer. All three synchronizers are mounted on the output
shaft and thus all gears freewheel on the output shaft unless engaged. The housing is
designed with an extra space on the output side for the assembly of the shifting

5th Synchronizer

3-4 Synchronizer

Rev. Idler

Input shaft

Output shaft

Final drive

5th
4th

3rd

2nd

1st

1-2 Synchronizer

Rev

Differential

Figure 2.4 Section view of a FWD five-speed manual transmission.
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mechanism and speedometer gear or speed sensor. There are variations of RDWmanual
transmissions with five or six speeds based on improvements from the one shown in
Figure 2.5. In the newer versions [6], the supporting wall in the transmission housing
and the bearings on it are eliminated because sufficient rigidity and strength are guar-
anteed by new materials and manufacturing technologies for the housing.
The structure of a manual transmission, or any other mechanical systems in general,

can be illustrated by a simple and intuitive sketch, commonly termed as “stick diagram”
in the automotive industry. A stick diagram uses a set of symbols to represent various
components and interconnections between them in a mechanical system or machinery.
The symbols used in a stick diagram are easily identifiable and are used consistently to
represent powertrain components throughout this book. A list of symbols for powertrain
components is shown in Figure 2.6.
The stick diagrams for the five-speed FWDmanual transmission in Figure 2.4 and the

five-speed RWD manual transmission in Figure 2.5 are shown in Figures 2.7a and 2.7b,
respectively. Clutches are not shown in the stick diagrams for clarity of the drawing.
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Figure 2.5 Section view of an RWD five-speed manual transmission.
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Figure 2.6 Symbols for common powertrain components.
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Figure 2.7 Stick diagrams for (a) five-speed FWD MT and (b) five-speed RWD MT.



These two stick diagramsprovide a clear picture for the structural layouts of the twomanual
transmissions andare easy tounderstandbecauseof the intuitive featureof the symbols.The
numbers of teeth for each gear are also labeled in the stick diagrams for the identification of
power flows andgear ratios, which are discussed in the next section.The first of the two sub-
scripts indicates the speed and the second indicates the shaft that the gear ison. For example,
N4i is the number of teethof the 4thgear on the input shaft. For the FWDMT, the integrated
final drive is a pair of helical gears labeled as Nai and Nao. The RWDMT has two stages of
gears for each speed, which shares a common input gear pair labeled as Ni and Nc.

2.3 Power Flows and Gear Ratios

It is fairly straightforward to figure out the power flow in each gear for a manual trans-
mission. With the numbers of teeth labeled with the subscripts as shown in Figure 2.7,
the power flow can be identified directly from the input to the output. For example, the
power flow in each forward gear for the FWD MT in Figure 2.7a is shown as follows:

1st gear: Input shaft (gear N1i) Output shaft (gear N1o and gear Nai) Final drive
output (gear Nao)

2nd gear: Input shaft (gear N2i) Output shaft (gear N2o and gear Nai) Final drive
output (gear Nao)

3rd gear: Input shaft (gear N3i) Output shaft (gear N3o and gear Nai) Final drive
output (gear Nao)

4th gear: Input shaft (gear N4i) Output shaft (gear N4o and gear Nai) Final drive
output (gear Nao)

5th gear: Input shaft (gear N5i) Output shaft (gear N5o and gear Nai) Final drive
output (gear Nao)

It should be noted that, in each gear, only the concerned gear in the power flow is
coupled to the shaft by the synchronizer, and gears not in the power flow freewheel
on their shafts. The power flow in reverse gear differs from forward gears and involves
an idler gear between the input and output shafts, shown in the following:

Rev gear : Input shaft gearNri Idler gear Nidler Output shaft Nro

Final drive output gearNao

In all manual transmissions, the reverse gear is realized by the reverse idler. Due to their
being one more external mesh than the forward gears, the reverse idler gear will reverse
the direction of rotation of the output shaft without contributing to the gear ratio. When
the vehicle travels in a straight path, the final drive output, i.e. the ring gear of the final
drive, will rotate at the same angular velocity as the two driving wheels. The differential
allows speed difference for the two driving wheels on the driving axle when the vehicle
travels on curves. The power flow for the RWD five-speed MT shown in Figure 2.7b can
be found in a similar fashion. All forward gears, except the 4th gear, involves two stages of
gearing, as follows:

1st gear: Input shaft (gear Ni) Counter shaft (gear Nc and gear N1c) Output shaft
(gear N1o) Final drive

2nd gear: Input shaft (gear Ni) Counter shaft (gear Nc and gear N2c) Output shaft
(gear N2o) Final drive
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3rd gear: Input shaft (gear Ni) Counter shaft (gear Nc and gear N3c) Output shaft
(gear N3o) Final drive

5th gear: Input shaft (gear Ni) Counter shaft (gear Nc and gear N5c) Output shaft
(gear N5o) Final drive

The 4th gear is a direct drive, with the output shaft coupled to the input shaft gear Ni by
the 3–4 synchronizer. All gears freewheel in the 4th gear. The reverse gear power flow
involves an idler gear as follows:

Rev gear : Input shaft gear Ni Counter shaft Idler gear Nidler

output shaft gear N1o Final drive

Similar to all other gearboxes, the gear ratios of an automotive transmission are defined
as the ratio between the input angular velocity to the output angular velocity, by the fol-
lowing general formula:

it =
ωinput

ωoutput
= −1 n numbers of teeth of driven gears

numbers of teeth of driving gears
2 1

where n is the number of external meshes in the power flow path. Clearly, if n is odd, then
the output angular velocity will be opposite to the input. For the FWDMT in Figure 2.7a,
the value of transmission ratio in each gear and the final drive gear ratio are calculated
by the following equations:

i1 =
N1o

N1i
; i2 =

N2o

N2i
; i3 =

N3o

N3i
; i4 =

N4o

N4i
; i5 =

N5o

N5i
; ir = −

Nro

Nri
; ia =

Nao

Nai
2 2

It should be noted here that the transmission ratio in a FDW transmission refers to the
ratio between the input angular velocity and the output angular velocity that is also the
input angular velocity of the final drive. For the transmission in Figure 2.7a, there are two
external meshes in the power flow of forward gears from the transmission input shaft to
the final drive output, so the direction of rotation for the input shaft and the driving
wheels is the same. But in the reverse gear, there are three external meshes in the power
flow, so the direction of rotation of the driving wheels is opposite to that of the input shaft
and the vehicle moves backward, as illustrated in Figure 2.8.
For the RWDMT in Figure 2.7b, there are more than one pairs of gears involved in the

power flows, with the exception of the 4th gear, as mentioned previously. Using Eq. (2.1),
the five forward ratios and the reverse ratio are determined in terms of the tooth numbers
of involved gears in the following:

i1 =
NcN1o

NiN1c
; i2 =

NcN2o

NiN2c
; i3 =

NcN3o

NiN3c
; i4 = 1 ; i5 =

NcN5o

NiN5c
; ir = −

NcNro

NiNrc
2 3

The minus sign for the reverse gear ratio indicates that the rotational direction of the
output shaft in reverse gear is opposite to that of the forward gears. In this RWD
MT, the 4th gear is a direct drive with a ratio of one and the 5th gear is an overdrive with
a ratio below one. In the automotive industry today, some passenger vehicles are also
equipped with FWD or RWD six-speedmanual transmissions with typical layouts shown
in Figure 2.9.
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2.4 Manual Transmission Clutches

As mentioned in Chapter 1, internal combustion engines cannot provide stable output
torque below the idle speed. When a vehicle is being launched from rest, the vehicle
speed is zero but the engine speed must be above the idle. This means that there must
be a launch device that allows slippage while transmitting the engine torque to the trans-
mission input during vehicle launch. The slippage ends at the time when the vehicle
speed has gradually increased to the value that satisfies Eq. 1.21. In a manual transmis-
sion vehicle, the clutch functions as the launch device that bridges the gap between the
engine RPM and the vehicle speed. The clutch has another important function in a man-
ual transmission vehicle. When disengaged, it provides a disconnection between the
engine output and the transmission input. During a shift, the clutch is briefly disengaged
to cut off power supply to the transmission so that the disengagement of the current gear
and the engagement of the next gear can be carried out smoothly by the driver. Most of
the clutches in manual transmissions are actuated manually through clutch pedal
depression by the driver, but some are automated hydraulically or electrically for ease
of operation

2.4.1 Clutch Structure

Manual transmission clutches are friction devices that require a clamping force or nor-
mal force on friction surfaces for the generation of friction. The clamping force is gen-
erated by the compression of springs. There are two types of springs used in manual
transmission clutches, coil springs and Belleville or diaphragm springs. Coil spring
clutches have higher torque capacity and are thus mainly used for trucks. Belleville
clutches aremainly used for passenger vehicles due to structural simplicity and compact-
ness. The structure of a coil spring clutch is illustrated by a section view in Figure 2.10.
As shown in the Figure 2.10, the clutch assembly consists of the friction disk, pressure

plate, clutch cover, release lever, coil springs, and release bearing. Friction is generated
on the two faces of the friction disk that is splined to the transmission input shaft and
sandwiched between the pressure plate and the engine flywheel which is machined with a
flat contacting surface. The friction disk is assembled with a torsional spring damper that
is designed to cushion the dynamic impacts caused by clutch actuation and engine out-
put harmonics. The pressure plate is attached to the clutch cover by flexible links as
shown in Figure 2.10. The flexible links carry the pressure plate in rotation with the
clutch cover that is bolted to the flywheel and meanwhile allow the pressure plate to
move slightly in the axial direction. A set of coil springs is installed circumferentially
between the pressure plate and the clutch cover. Compression in the coil springs is gen-
erated in assembly when the clutch cover is bolted to the flywheel. This compression is
adjustable by the tightness of the assembly bolts. The clutch is normally engaged since
sufficient magnitude of clamping force is generated by the coil spring at assembly. This
clamping force is applied by the pressure plate to the friction disk. Engine torque is trans-
mitted by the friction generated on the two contacting faces of the friction disk – one
between the disk and the flywheel, and the other between the disk and the pressure
plate – to the transmission input shaft. The disengagement of the clutch and the control
of the clamping force (i.e. the clutch torque) are realized through symmetrically mounted
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release levers, each of which is on the central line between two coil springs, pivoting
about a pin joint on the clutch cover. The upper end of the release lever contacts the
pressure plate and the lower end contacts the release bearing. The engaged position
and the disengaged position of the clutch are shown in Figures 2.10a and 2.10b respec-
tively. Before the vehicle is launched, the driver will first depress the clutch pedal fully to
disengage the clutch through the clutch actuation linkage. The release bearing moves
leftward and the pressure plate moves rightward as the clutch pedal is depressed, placing
the clutch in the disengaged position as shown in Figure 2.10b. As the vehicle is being
launched, the driver will gradually lift the clutch pedal so that the release bearing moves
rightward due the spring force and the pressure plate moves leftward until the clutch is
engaged as shown in Figure 2.10a. Clutch operation during transmission shifts is the
same as for vehicle launch. The clutch in Figure 2.10 uses one friction disk. To increase
the torque transmission capacity, two or more friction disks may be used, with an extra
pressure plate between the two for additional friction faces.
As shown in Figure 2.11, the structure of the Belleville or diaphragm clutch is similar to

that of coil spring clutches, but only differs in the spring that generates the clamping
force. In a Belleville clutch, the conically shaped diaphragm spring serves as both the
clamping force generator and the release lever. Multiple slots are machined on the dia-
phragm spring so that its inner side forms touching fingers to contact the release bearing.
These slots are also conducive to uniform deformation of the inner side along the axial
direction when pushed by the release bearing. The diaphragm spring is attached to the
clutch cover by pins that fit into the holes on the upper side of the slots. Two circular
rings are placed on the rivet pins, on each side of the diaphragm spring. These two cir-
cular rings retain the position of the diaphragm spring and also allow it to pivot about the
pins. The outer side of the diaphragm spring is attached to the pressure plate. This
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Figure 2.10 Structure of coil spring clutch (a) engaged (b) disengaged.
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attachment allows for a slight relative motion between the diaphragm spring and the
pressure plate. Before the clutch cover is bolted to the engine flywheel, the diaphragm
spring is not deformed and there is a small gap between the clutch cover and the flywheel
even though the flywheel, the friction disk, and the pressure plate touch each other.
When the clutch cover is bolted to the engine flywheel, the small gap is eliminated
and the diaphragm spring is therefore deformed in the axial direction, generating the
clamping force on the pressure plate. This results in bending in the upper portion of
the diaphragm spring and an axial deflection at the pivoting point that is equal to the
gap. By design, this deflection of the diaphragm spring generates sufficient clamping
force to fully engage the clutch at assembly. The friction disk is then clamped tightly
between the pressure plate and the flywheel. When the clutch needs to be released,
the clutch actuation linkage pushes the release bearing to the left, carrying the diaphragm
spring inner side to the left also. The leftward deflection at the inner side reduces the
clamping force on the pressure plate due to the lever effect of the diaphragm spring itself.
If the release bearing moves to the left sufficiently, then the combined effect of spring
deformation and leverage will pull the pressure plate completely out of contact with
the friction disk, fully disengaging the clutch. Note that the axial stiffness of the dia-
phragm spring – i.e. the relation between the axial spring deflection and the axial force
applied by the release bearing on the spring inner side – can be analytically formulated
and validated by experiments.
The clutch actuation mechanism is fairly simple in structure. The release bearing is

actuated by the clutch release fork which pivots about a joint attached to the clutch well
of the transmission housing. This fork straddles over the groove on the release bearing
and is connected to the clutch pedal by either a cable or a linkage. In some designs, the
clutch fork is connected to the clutch pedal by a hydraulic hose with a master cylinder on
the driver side and a slave cylinder on the clutch side. The slave cylinder can also be
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Figure 2.11 Diaphragm spring and structure of Belleville clutch (a) engaged (b) disengaged.
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mounted with the release bearing on the transmission input shaft for compactness, with
the piston pushing the release bearing directly. A mechanical advantage is designed
between the clutch pedal and the clutch release fork to reduce the effort of the driver’s
foot on the clutch pedal.

2.4.2 Clutch Torque Capacity

The clutch for a manual transmission must be capable of transmitting the maximum
engine torque; in other words, the clutch torque capacity must be higher than the max-
imum engine torque. As mentioned previously, clutch torque is generated by the friction
on the friction disk due the clutch clamping force. It is therefore clear that the clutch
torque capacity depends on several factors: the friction coefficient of the friction disk,
the clamping force, and the dimensions of the disk. In formulating the clutch torque
capacity, an assumption must be made about the distribution of the normal pressure
generated by the clamping force on the disk face. One assumption is that the clamping
force is evenly distributed over the disk. The other assumes that the clamping force is
distributed in such a way that the power of friction per disk area is a constant from
the inner radius to the outer radius. This assumption is equivalent to uniform wear
on the disk face and is termed accordingly. The following equation quantifies the uni-
form wear assumption:

μpnv=Cf 2 4

where μ is the friction coefficient of the friction disk, pn is the distribution of the clamping
force or the normal pressure in N

m2 or psi. v is the speed at a point on the disk friction
face. Cf is the friction power per unit area that is a constant with a unit of W

m2 or
ft lb s−1

ft2 . Here, W is watts. Based on this assumption, the clamping force distribution
or the normal pressure is then described by:

pn =
Cf

μv
=

Cf

μωr
=
C
r

2 5

where r is the radius of a point on the disk friction face, as shown in Figure 2.12.C is also a

constant since the term Cf

μω is constant for a given disk at a given angular velocity ω.

Therefore, the maximum normal pressure pmax occurs at the inner radius and the con-
stant C is equal to d

2pmax. The distribution of the clamping force is thus expressed as

pn = 1
2pmax

d
r . The clamping force and the friction torque on one friction face are then

determined by integration through the following equations:
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where d and D are the inner and outer diameters of the friction disk respectively. Since
each disk has two faces, the clutch torque for a clutch with n disks is determined by:

TC = n
D+ d
2

μF 2 8

For a given clutch, nD+ d
2 is a constant. The friction coefficient depends on the lining

material and can be considered as a given value in clutch design. For ceramic lining,
the friction coefficient is about 0.25, and for an organic lining, it is about 0.30. In real
world applications, the value of friction coefficient is affected by clutch temperature
to some degree and gradually fades away with the clutch service life. The dominating
parameter in the clutch torque is the clamping force F generated by the clutch spring.
Note that Eq. (2.8) will also be used to model the torque in wet clutches in automatic
transmissions where the clamping force F is generated by hydraulic pistons.

2.4.3 Clutch Design

The clutch for a manual transmission must be capable of transmitting the maximum
engine torque. This means that the clutch torque capacity must be designed to be higher
than the maximum engine torque with some reservation, i.e. TC = 1 15 1 20 Temax.As
can be observed in Eq. (2.8), there are only three design parameters, which are the inner
and outer diameters of the friction disk and the clamping force. The friction coefficient is
considered as a constant and its value depends on the lining material, as already men-
tioned. The inner and outer diameters must guarantee both sufficient friction surface
area and enough room in the radial direction for the assembly of the spring damper.
In addition, the outer diameter is also limited by the centrifugal stress at the disk perim-
eter at high RPMs and the availability of assembly room in the clutch well. The magni-
tude of the clamping force depends on the maximum contact stress allowed for the disk
lining material. The contact stress is in magnitude equal to the normal pressure pn. After
the normal pressure pn is determined based on friction disk material properties, the disk
dimension, namely the inner and outer diameters can then be designed according to the
required torque capacity and assembly conditions. Note that the clutch spring has to be

D d

pn Friction disk

ω
r

ν = ωr

Figure 2.12 Distribution of clamping force on disk face.
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further deformed at the fully disengaged position. The spring force at the fully disen-
gaged position is usually designed to be about 15% larger than the spring force F at
the engaged position. This means that the spring stiffness is equal to 0 15F

δ , with δ as
the pressure plate travel between the engaged and disengaged positions. Knowing the
spring forces at the two clutch positions and the spring stiffness, clutch designers can
then select the springs from product inventories of spring suppliers. In the automotive
industry today, manual transmission clutches are mature products and can be readily
supplied by clutch manufacturers according to the required torque capacity.

2.5 Synchronizer and Synchronization

Gear shifting in a transmission involves coupling together two components or assemblies
that turn at different angular velocities in the same direction. This is dynamically similar
to the case when an object moving linearly is collided behind by another object moving
collinearly at a higher speed. If the rotational speeds of the two components during a gear
shift are not brought to the same value, i.e. not synchronized, before they are coupled
together, a collision will occur between them, resulting sharp noises, gear grinding,
and even component damage. It is possible to make synchronized shifts, or nearly syn-
chronized shifts, in a manual transmission without synchronizers if the driver is highly
skilled. But for an average driver, it is a very difficult (if not impossible) job to operate a
vehicle equipped with a non-synchronized manual transmission. The vast majority of
manual transmissions today are equipped with synchronizers, with a few exceptions
for heavy duty trucks. Note that the synchronization issue during shifts is also important
for automatic transmissions. In an automatic transmission, synchronization during shifts
is realized by controlling the slippage in hydraulically actuated clutches, as discussed in
Chapter 6.

2.5.1 Shift without Synchronizer

In the following qualitative analysis, the five-speed MT in Figure 2.7b is used as the
example to demonstrate the 3–4 upshift and the 4–3 downshift processes in the absence
of synchronizers. Other upshifts or downshifts are similar in nature, so the example can
be extended to all other manual transmissions for generality.
3–4 Upshift: The 3–4 upshift involves the disengagement of the 3rd gear and the

engagement of the 4th gear. This is realized by moving the 3–4 shifter or the 3–4 syn-
chronizer sleeve, illustrated in Figure 2.13, from the 3rd gear position to the 4th gear
position along the output shaft so that the internal teeth on the 3–4 shifter engage
the dog teeth ring on the input gear (the 4th gear) Ni. When the vehicle is driven in
3rd gear at speed v, the 3rd gear N3o is engaged by the 3–4 shifter to the output shaft
and turns with it at the angular velocity determined by:

ω3o =ω3−4 shifter =ωout = ia
v
r

2 9

where ia is the final drive ratio and r is the tire rolling radius. The 4th gear, i.e. the input
gear Ni on the input shaft, turns at an angular velocity higher than the output, that is,
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ωi = i3ωout >ω3−4 shifter since i3 > 1. If the driver decides to make a 3–4 upshift, the clutch
is first disengaged to cut off the engine power and then gear N3o is decoupled from the
output shaft by the 3–4 shifter, which is now at the neutral position.While the 3–4 shifter
stays at neutral, both angular velocities, ωi and ω3−4 shifter , decrease since there is no
power supplied to the transmission. However, ωi decreases at a much higher rate than
ω3−4 shifter because the 3–4 shifter turns with the output shaft that is coupled to the whole
vehicle mass. Therefore, the two angular velocities, ωi and ω3−4 shifter , will become equal
themselves at some time. The driver can then actuate the shift stick to engage the 4th
gear at or near that time, making a synchronized shift without the help of a synchronizer.
Clearly, to make this happen, the driver needs high skill and must know the right time to
engage the target gear.
4–3 Downshift: In downshifts, the next gear turns at higher speed than the current

gear, contrary to upshifts. For the five-speed MT in the example, a 4–3 downshift
involves the disengagement of the 4th gear Ni and the engagement of the 3rd gear
N3o through the 3–4 shifter. When the vehicle is driven in 4th gear at speed v, gear
Ni is coupled by the 3–4 shifter to the output shaft and both turn at the output angular
velocity determined by:

ωi =ω3−4 shifter =ωout = ia
v
r

2 10

The 3rd gear N3o turns at a lower angular velocity determined by:

ω3o =
i4
i3
ia
v
r
=
1
i3
ia
v
r
<ω3−4 shifter 2 11

When a 4–3 downshift is initiated, first the clutch is disengaged and then the 4th gear Ni

is decoupled by the 3–4 shifter, which now stays at the neutral position for a fraction of a
second. While the 3–4 shifter stays at the neutral position, both angular velocities,
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Figure 2.13 Synchronizer assembly and gear with dog teeth.
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ω3−4 shifter and ωN3o, decrease since power is cut off. However, ω3−4 shifter decreases at a
much lower rate than ω3o for the same reason as mentioned previously in the analysis for
the 3–4 upshift. This makes it impossible for the two angular velocities to become equal
by themselves because ω3−4 shifter is already higher than ω3o before the 4–3 shift is
initiated and drops at a much lower rate than ω3o at the neutral position. Therefore syn-
chronized downshift will not happen without driver’s intervention. In this case, the driver
can use a so-called “double declutching shift” technique to make synchronized or near
synchronized downshifts. In double declutching, the driver will briefly engage the clutch
and step on the gas pedal while the shift stick is at neutral position. This action will
quickly increase angular velocity ω3o to be above ω3−4 shifter as the engine RPM flares.
The driver then disengages the clutch again. Now that ω3o is higher than ω3−4 shifter

but drops at a much higher rate than ω3−4 shifter while the 3–4 shifter is still in the neutral
position, the two angular velocities will become equal at some point of time as in the 3–4
upshift example. An experienced driver would then be able to make a synchronized
downshift by actuating the shifting stick at the right time.

2.5.2 Shift with Synchronizer

It can be seen from this analysis that even though synchronized shifts are possible for
transmissions without synchronizers for well-experienced drivers, driving such vehicles
will still be a very difficult and unpleasant endeavor for an average driver. This is the rea-
son why manual transmissions for today’s passenger vehicles are all synchronized. To
understand how synchronizers work, it is helpful to first take a look at the structure
of a typical synchronizer, as shown in Figures 2.13 and 2.14.
Figure 2.13 illustrates the assembly of a typical synchronizer with a gear on each side.

This assembly consists of several key components: synchronizer hub, shifting sleeve, two
blocking rings (one on each side of the hub), and inserts (or sliders) that are located
between the synchronizer hub and the shifting sleeve. The hub has both internal splines
and external splines. The internal splines couple the hub to the shaft so the hub and the
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Structure of sychronizer
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A–– Nutch B–– Gaps C –– Gaps on blocking ring

Figure 2.14 Exploded view of a synchronizer.
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shaft always turn together. The external spline teeth of the hub mesh with the internal
spline teeth of the shifting sleeve. This allows the shifting sleeve to slide over the hub
during a shift, while turning with it. Gears are located on each side of a synchronizer
and always freewheel on the shaft unless engaged by the shifting sleeve. For the example
transmission, we can imagine that the 4th gear is on the left side of the synchronizer and
the 3rd gear is on the right side, as shown in Figure 2.13. The engagement of a gear is
through the mesh between the dog teeth on it and the internal teeth of the sleeve.
The dog teeth form a ring with the same pitch radius as the internal spline teeth on
the sleeve. Power is transmitted by the regular gear teeth once the related gear is engaged
by the shifting sleeve. The two blocking rings, placed between the gear and the hub on
each side, both have a ring of teeth with the same pitch radius and other tooth element
proportions as the internal spline teeth of the shifting sleeve. Clearly, the shifting sleeve
has to slide over the blocking ring to engage a gear. The blocking rings are usually made
of bronze to enhance wear resistance and are both machined with an internal conical
surface that contacts the external conical surface on the gear. It is the friction generated
between the two contacting conical surfaces that realizes the synchronization during a
shifting process. Double friction cones can be designed to minimize synchronization
time for quicker shifts, as in sports car applications. Without the blocking rings, the
assembly is just a plain gear shifter that disengages and engages gears during shifts with-
out synchronization.
The exploded view in Figure 2.14 offers a better understanding on the structure and

operation of synchronizer. As shown in the figure, three symmetrically arranged gaps are
machined on the external spline of the hub (4). The three inserts (3) have the same width
as these gaps and are placed in them. There is a small ridge at the middle of each insert
that fits into a notch on the internal spline of the sleeve (2). Two ring-shaped springs (5),
one on each end of the insert, fit into the corners of the three inserts and push them
outward against the sleeve internal spline. There are also three symmetrically arranged
gaps on each of the blocking rings (1). The three inserts (3) are longer than the gaps on
the hub, therefore the two ends of these inserts extend into the gaps on the two blocking
rings in the assembly. The blocking ring gaps are slightly wider than the width of the
inserts, so a small relative rotation is allowed between the blocking ring (1) and the
inserts (3). The teeth on the two blocking rings (1) have the same pitch radius and tooth
element proportions as the internal spline teeth of the sleeve (2). The tooth space on the
blocking ring and the tooth on the sleeve internal spline are aligned by design only when
the inserts are exactly located at the middle of the gaps on the blocking ring. This is the
only relative position between the blocking ring and the sleeve that will allows the sliding
of the sleeve over the blocking ring. When the vehicle is driven in any particular gear, the
insert contacts one side of the gap on the blocking ring by the gear that is not engaged
and carries the blocking ring in rotation with the synchronizer assembly and the shaft.
3-4 Upshift: When the vehicle is driven in 3rd gear, the sleeve of the 3–4 synchronizer,

i.e. the 3–4 shifter, engages the 3rd gearN3o and couples it to the output shaft. The inserts
contact the two blocking rings at the lower end of the gap on it, as shown in Figure 2.15a.
The blocking rings are thus carried by the inserts to rotate with the output shaft and the
3–4 synchronizer assembly at angular velocity ωsleeve that is equal to ωout, as determined
by Eq. (2.9). When a 3–4 upshift is initiated, the clutch is firstly disengaged to cut off
engine power and meanwhile the 3rd gear N3o is disengaged by the sleeve, or the 3–4
shifter. The sleeve is now temporarily at the middle position, i.e. the neutral position,
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and the inserts still contact the blocking ring at the same point as in 3rd gear operation, as
shown in Figure 2.15a. As the driver pushes or pulls the shift stick continuously, the
sleeve is forced to move leftward by the shifting force F and tends to carry the inserts
in this motion due to the combined effects of the ridge on the inserts and the friction
between the inserts and the addendum of the spline teeth. This quickly leads the left
end of the inserts to contact the blocking ring and applies a force on it in the axial direc-
tion. Contact force and friction with it are then generated between the friction cones of
the 4th gear and the blocking ring.
This friction then turns the blocking ring quickly through a small angle in the direction

as carried by the 4th gear since it turns faster than the 3rd gear and as allowed by the
width difference between the gap and the inserts, until the inserts contact the other side
of the gap on the blocking ring, as shown in Figure 2.15b. At this position, there is no
relative rotation between the blocking ring and the sleeve, but the sleeve keeps moving
leftward as pushed by the shift force F until the teeth on the sleeve internal spline contact
the teeth on the blocking ring as shown in Figure 2.15b. Since the inserts are located at
the end side of gaps on the blocking ring, the tooth space on the blocking ring is not
aligned with the tooth space of the sleeve internal spline. As a result, the teeth of the
blocking ring and the teeth of the sleeve internal spline contact against each other at
the blocked position shown in Figure 2.15b. Note that the blocking ring must turn
quickly enough so that the insert reaches the other side of the gap on the blocking ring
before the sleeve slides to the blocked position. The ends of the blocking ring teeth and
the sleeve internal spline are machined with round-up surfaces that form an arrow
shaped tip, so that at the contact point between the blocking ring teeth and sleeve inter-
nal spline teeth, contact force Nt and friction force μtNt will be generated on an inclined
side surface on the tooth end as the sleeve is pushed by the shifting force F.
Meanwhile, the friction cone on the blocking ring will be pressed against the friction

cone on the 4th gear, and friction is generated due the existence of the normal contact
force on the conical surfaces and the relative motion between the two cones. At the
blocked position, the blocking ring is subject to the friction between the friction cones
of the 4th gear and the blocking ring itself, and at the contact between itself and the
sleeve, the contact force Nt and friction force μtNt. The resultant of contact force Nt

and friction force μtNt has a component in the tangential direction of the blocking ring
as shown in Figure 2.15b and Figure 2.16b, forming a torque about the axis of the syn-
chronizer that tends to rotate the blocking ring to make way for the sleeve to slide over.
This effect is resisted by a resistant torque generated by the friction between the two fric-
tion cones on the blocking ring. This resistant torque is reactive and is by design larger
than or equal to the torque formed by the resultant of contact force Nt and friction force
μtNt. Therefore, the sleeve is blocked by the blocking ring at the blocked position.
While the sleeve is at the blocked position, the friction between the two friction cones

acts against the 4th gear and decelerates its angular velocity ω4. As time goes by, the
angular velocity of the 4th gear decreases to be equal to that of the sleeve, i.e.
ω4 =ωsleeve. When these two angular velocities are synchronized, the friction between
the two friction cones disappears due to the lack of relative motion. The shift force F,
contact force Nt and friction force μtNt still exist because of the driver’s actuation on
the shifting stick. Now that there is no friction between the two friction cones to resist
the torque formed by the resultant of contact force Nt and friction force μtNt in the tan-
gential direction, the blocking ring will turn slightly so that the inserts will be positioned
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at the middle of the gap to align the tooth space on the blocking ring and the internal
sleeve spline teeth, allowing the sleeve to slide over the blocking ring, as shown in
Figure 2.15c. After the sleeve slides over the blocking ring, its internal spline teeth then
contact the dog teeth on the 4th gear at the round-up tooth ends. Now that the angular
velocity of the 4th gear and the sleeve are the same, the dog teeth can be engaged quickly
and smoothly, as shown in Figure 2.15d.
4–3 Downshift: The 4–3 downshift, or any other downshifts, are basically similar to

the 3–4 upshift analysed above. There are some general differences between downshifts
and upshifts. Before a 4–3 downshift is initiated, the 2–3 synchronizer sleeve engages the
4th gear Ni, as shown in Figure 2.15d. In the 4–3 downshift process, the 4th gear is firstly
disengaged and the sleeve is then at the neutral position, as illustrated in Figure 2.15a.
Unlike the 3–4 upshift, the inserts remain at the position in the blocking ring gap as
shown in Figure 2.15a during the synchronization process. The friction between the fric-
tion cones of the 3rd gear and the blocking ring on the right side (not shown in
Figure 2.15) of the 3–4 synchronizer speeds up the angular velocity of the 3rd gear
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Figure 2.16 Dynamic model for synchronization process.
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N3o on the output shaft and synchronizes it with the angular velocity of 3–4 synchronizer
sleeve. The 4–3 downshift is otherwise the same as the 3–4 upshift.

2.6 Dynamic Modeling of Synchronization Process

A lumped mass model is shown in Figure 2.16a for the dynamic analysis of the synchro-
nization process during manual transmission shifts. The model is based on a 3–4 upshift
for the example 5-speed RWDMT, shown again in Figure 2.17 for readers’ convenience,
but is generally applicable for all shifts in other manual transmissions. As shown in
Figure 2.16, F is the shifting force transferred from the shifting stick, N is the contact
force between the two friction cones, andMc is the friction torque generated by the fric-
tion cones about the shaft. The geometry of the friction cones is defined by the mean
radius rc and the cone angle α. The pitch radius of the sleeve internal spline and the
blocking ring are the same, denoted as rr in Figure 2.16b. The to-be-synchronized com-
ponent in the 3–4 upshift is the input gear or 4th gear Ni and its angular velocity is
denoted as ω4. In the 3–4 upshift, ω4 is to be reduced by the friction torque Mc to be
synchronized with ω3, which is the angular velocity of the 3–4 synchronizer sleeve. It
should be noted that the 3–4 synchronizer sleeve and the output shaft rotate together
at the same angular velocity since the 3–4 synchronizer is coupled with the output shaft.
When a manual transmission makes a shift, the angular velocity of the output shaft is

related to the vehicle speed and is almost unchanged because the vehicle has a huge iner-
tia in comparison with the to-be-synchronized component. The angular velocities of syn-
chronizers that are splined to the output shaft and gear pairs rotating with the output
shaft are also almost unchanged. All other components, including gears, shafts, and syn-
chronizers that rotate separately from the output shaft, will change angular velocity and
need to be synchronized as a lumpedmass. As shown in Figure 2.16a, the equivalentmass
moment of inertia of this lumped mass is denoted as Je, and the equivalent mass moment
of inertia of the vehicle and components coupled to the output shaft is denoted as Jo.
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1–2 Synch.
5-R Synch.

Counter
shaft

Output shaft

Ni N3o
N2o

N1o

Nro
N5o

Nrc
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Figure 2.17 Example five-speed RDW MT.
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2.6.1 Equivalent Mass Moment of Inertia

Note that the components that rotate separately from the output shaft are always the
same during all shifts for the same transmission. To find the equivalent mass moment
of inertia, the first step is to identify those components in the transmission whose
angular velocities change during shifts. These components can be easily identified by
observing the stick diagram. For the example transmission in Figure 2.17, the output
shaft and the three synchronizers on it are coupled to the vehicle inertia and therefore
do not change angular velocity. All other components, including the input shaft with the
clutch friction disk on it, the counter shaft with all gears on it, the reverse idler and
reverse gear that freewheels on the output shaft, and all gears that freewheel on the out-
put shaft during shifts, do change angular velocity and need to be accounted for in the
equivalent mass moment of inertia. The second step in finding the equivalent mass
moment of inertia is to identify the component that is to be synchronized directly
by the synchronizer. The directly synchronized component varies for different shifts.
For the example MT in Figure 2.17, the component to be synchronized directly is the
input shaft with gear Ni in a 3–4 upshift. But for a 4–5 upshift, the component to be
synchronized directly is gear N5o. The equivalent mass moment of inertia to be synchro-
nized is lumped on the component that is to be synchronized directly by the synchro-
nizer. The determination of the equivalent mass moment of inertia is based on the
condition that the kinetic energy of the equivalent mass moment of inertia must be same
as the sum of kinetic energies of all individual components that change angular velocity
during a shift, i.e.

1
2
Jeω

2
s =

1
2

n

i= 1

Jiω
2
i 2 12

Je =
n

i= 1

Ji
ωi

ωs

2

2 13

where ωs is the angular velocity of the component to be synchronized directly, ωi and Ji
are respectively the angular velocity and the mass moment of inertia of each component
that changes angular velocity during the shift. The summation is for all those compo-
nents that need to be synchronized as lumped masses. In summary, the equivalent mass
moment of inertia can be determined for any shift by following steps:

• Assuming the transmission output speed remains the same, identify all the compo-
nents in the transmission that will change angular velocities during shifts. These com-
ponents are the same for the same transmission in all shifts.

• Identify the component, which can be a gear or a shaft, to be synchronized directly in
the shift of interest.

• Use Eq. (2.13) to find the equivalent mass moment of inertia for the shift.

For the 3–4 upshift in the example transmission shown in Figure 2.17, ωs is the angular
velocity of the 4th gear Ni, i.e. ω4 as shown in Figure 2.16a. ωi is the angular velocity of
each individual component that changes angular velocity, including the input shaft, the
counter shaft with all gears on it, the reverse idler, and all gears that freewheel on the
output shaft during shifts. The summation is for all of these individual components.
The angular velocity ratios in Eq. (2.13) depend on the tooth numbers of related gears.
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For the 3–4 upshift in the example, the equivalent mass moment of inertia is deter-
mined by:

Je = JNi
ω4

ω4

2

+ JCS
ωCS

ω4

2

+ Jidler
ωidler

ω4

2

+ JN1o
ω1o

ω4

2
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2
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ω4
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+ + JN5o
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2
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In Eq. (2.15), JCS is the mass moment of inertia of the counter shaft assembly that
includes all of the gears that rotate with it. All other mass moments of inertia are for each
individual gear as indicated by the subscripts. The equivalent mass moment of inertia for
other shifts can be found similarly by replacing the angular velocity of the component to
be synchronized directly, ωs in Eq. (2.13) accordingly. For example, for 4–5 shift, the
component to be synchronized directly will be the fifth gear N5o and ωs is replaced by
ω5o in Eq. (2.13) to find the equivalent mass moment of inertia in a 4–5 shift. Note that
if the component to be directly synchronized is the same, then the equivalent mass
moments of inertia are also the same regardless of shifts. For example, the equivalent
mass moment of inertia for 3–4 upshift and 5–4 downshift is the same as determined
by Eq. (2.15).
The location of the synchronizers affects the number of components whose angular

velocities will change during shifts and the equivalent mass moment of inertia. For
example, the 3–4 synchronizer is located on the counter shaft for the six-speed RWD
MT in Figure 2.9. This arrangement will reduce the number of components to be syn-
chronized during shifts. In this case, the counter shaft is the component to be synchro-
nized directly by the 3–4 synchronizer in any shift whose target gear is 3rd or 4th. In
general, putting a synchronizer on the counter shaft for an RWDMT reduces the equiv-
alent mass moment of inertia, but increases the angular velocity difference to be synchro-
nized during shifts.
The equivalent massmoment of inertia coupled to the vehicle, JO, can be determined in

similar fashion. For the 3–4 shift in the example, JO is determined on the output shaft as
follows:

Jo = J3−4 Synch + J1−2 Synch + J5−R Synch +
1
2
W
g

r
ia

2

Je 2 16

The equivalent mass moment of inertia coupled to the vehicle is far larger than the mass
moment of inertia to be synchronized. Therefore, it is reasonable to assume that the
angular velocity of those components that are coupled the output shaft is unchanged
during synchronization.
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2.6.2 Equation of Motion during Synchronization

Referring to Figure 2.17, the equation of motion for the equivalent mass moment of iner-
tia during the 3–4 upshift is represented in the following based on Newton’s second law:

MC = Je
dω4

dt
2 17

Since the synchronization time is fairly short, the equation above can be approximated by
its finite form as:

MC = Je
Δω4

Δt
2 18

where Δω4 is the change of angular velocity before and after shift of the input shaft with
the fourth gearNi, which is the component to be synchronized directly in the 3–4 upshift,
and Δt is the synchronization time. Clearly, larger equivalent mass moment of inertia,
bigger change in the angular velocity during shift, and shorter synchronization time cor-
respond to a larger friction torque being required for synchronization. The angular
velocity difference in the 3–4 upshift can be calculated by:

Δω4 =Δω4
A −Δω4

B =
v
r
iai4−

v
r
ia i3 =

v
r
ia 1− i3 2 19

As can be observed in this equation, the angular velocity difference that needs to be syn-
chronized is proportional to the difference of the gear ratios between the current and
next gears. It is also proportional to the vehicle speed v at which the shift is made. In
addition, the angular velocity difference to be synchronized in upshifts, such as the
3–4 upshift in the example, is always negative. This means that the component to be
synchronized directly in upshifts is always slowed down. As shown in Figure 2.17, the
contact force between the friction cones generated by the shift force F is equal to
F

sinα. The friction torque MC generated in the friction cones is thus determined by:

MC = μFrc/sinα 2 20

where μ is the friction coefficient of the friction cones and μ≈0 1. For a given synchro-
nizer, the friction torqueMC depends on only the shift force F. As can be observed from
Eq. (2.18), the magnitude of the shift force directly affects the synchronization time Δt,
which should be below half a second so that a shift, including actuations for disengage-
ment, engagement, and synchronization, can be completed within a second. Shorter syn-
chronization time requires a larger shift force F, which originates from the driver’s hand
pushing or pulling the shifting stick. Although a mechanical advantage is designed into
the shift mechanism between the driver’s hand and the shift sleeve, the shift force F
should be kept within an appropriate range since a large mechanical advantage needs
a large travel of driver’s hand on the shifting stick. To reduce the effort and enhance
the shifting feel of the driver, the shift force on the synchronizer sleeve should be below
100 N for passenger cars, and below 300 N for trucks. Before synchronization is achieved,
the friction torque MC has two crucial effects for the synchronization process, one of
which is to reduce the angular velocity of the fourth gear and the other is to prevent
the blocking ring from turning by the tangential resultant Ft of the contact force Nt

and friction force μtNt at the contact point between the blocking ring and the sleeve,
as shown in Figures 2.16a and 2.16b. The friction torque MC exists only when there is
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relative motion between the two friction cones. At the synchronization point, the relative
angular velocity Δω4 is equal to zero and the friction torque becomes zero also, as
observed from Eq. (2.18), even though the shift force F still exists because the driver pulls
or pushes the shifting stick continuously during the shift.

2.6.3 Condition for Synchronization

As shown in Figure 2.16b, the sleeve of the 3–4 synchronizer is blocked by the blocking
ring and is in equilibrium before the synchronization is achieved, therefore,

Nt cosβ + μtNt sinβ = F 2 21

Nt =
F

cosβ + μt sinβ
2 22

where β is the contact angle at the tooth tips of the blocking ring and the sleeve internal
spline, as shown in Figure 2.16b. Note that the contact forceNt and the friction force μtNt

are at the contact between the blocking ring teeth and the sleeve internal spline teeth, and
the contact force N and friction force μN are at the contact between the two friction
cones. All of these forces originate from the shift force F. The tangential component
Ft is the sum of the projections of the contact force Nt and the friction force μtNt in
the tangential direction of the blocking ring, determined as:

Ft =Nt sinβ− μtNt cosβ =
sinβ−μt cosβ
cosβ + μt sinβ

F 2 23

As discussed previously, the tangential force component Ft in the equation above tends
to turn the blocking ring in the direction to yield for the sleeve to slide over it. The critical
condition for achieving synchronization is that the blocking ring remains at the blocked
position before the synchronization point. To satisfy this condition, the friction torque
generated by the friction cones must be larger than the torque generated by the tangen-
tial force component on the blocking ring, i.e.

MC ≥ Ftrr 2 24

μrc/sinα ≥
sinβ−μt cosβ
cosβ + μt sinβ

rr 2 25

The inequality (2.25) is the condition for guaranteeing that the blocking ring does not
turn before synchronization is achieved and is therefore the condition for synchroniza-
tion. The shift force F does not appear in this inequality since it is a common factor for
both MC and Ft in inequality (2.24) and cancels itself out. It can be observed from ine-
quality (2.25) that the friction coefficient μt at the contact between the blocking teeth and
the sleeve internal spline teeth makes the right-hand side smaller. Neglecting μt makes
the right-hand side larger and strengthens the synchronization condition. The strength-
ened synchronization condition is then represented by the following inequality:

tanβ ≤
μrc

rr sinα
2 26

To satisfy the synchronization condition, the cone angle α should be as small as possible
to increase the contact force N for a larger friction torque MC. But it has to be above a
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minimum value to avoid the locking of the friction cones. This minimum cone angle
depends on the friction coefficient of the friction cones and is equal to the friction angle,
i.e. αmin = tan−1μ. The friction coefficient μ is about 0.1 as mentioned previously, there-
fore the minimum cone angle to avoid friction cone locking is about 6 . In synchronizer
design, the cone angle is usually above 6 for a factor of safety. The ratio between the
friction cone mean radius and the blocking ring pitch radius is about 0.85. Thus the con-
tact angle β is in the neighborhood of 35 . It should be noted that the friction coefficient μ
depends on many factors, such as temperature and lubrication, and is impossible to be
accurately determined. The synchronization condition and the analysis in this paragraph
provide only a guideline for synchronizer design, so experimental data and experience of
existing production synchronizers are crucial to the selection of the related design para-
meters. Synchronizers are mature products in today’s automotive industry and can
usually be ordered from suppliers from existing inventories based on transmission
specifications.
As long as the synchronization condition is satisfied, the angular velocity of the to-be-

synchronized component during a shift, ω4 in the 3–4 shift of the example transmission,
will be synchronized to be the same as the coupling component, the 3–4 synchronizer
sleeve in the example, as described by Eq. 2.17. As soon as synchronization is achieved,
the friction torque MC disappears and the blocking ring is then turned slightly by
the tangential force component Ft, aligning the tooth space of the blocking ring
with the teeth of the sleeve internal spline. The shift force F further pushes the sleeve
over the blocking ring and eventually engages the sleeve with the dog teeth of the
fourth gear.

Example 1.1 The stick diagram of a five-speed FWDMT is shown in Figure 2.7a. The
tire radius of the vehicle is R (ft). The numbers of teeth are labeled in the drawing.

a) Determine the equivalent massmoment of inertia to be synchronized in a 1–2 upshift
and a 5–4 downshift respectively, in terms of the gear tooth numbers and mass
moments of inertia of the involved parts.

b) A 1–2 upshift is to be made at a vehicle speed of v (mph). Assuming the
synchronization time is Δt and the angular velocity change is uniform during syn-
chronization, determine the friction torque to be generated by the synchronizer fric-
tion cones.

c) Determine the work done by the friction in the process of synchronization for the
shift in (b).

d) The synchronizers used in the transmission are the same, and the angular velocity
change during synchronization is assumed to be uniform. Find the ratio between
the magnitude of the shift force in a 4–5 upshift, F45, and the magnitude of the shift
force in a 5–4 downshift, F54. Both shifts are made at the same engine speed and
within the same synchronization time.

Solution:

a) For this transmission, the following components need to be synchronized during
shifts: the input shaft assembly that includes gears N1i, N2i, Nri and the 3–4 and
5th synchronizers, gears N1o and N2o. In a 1–2 shift, gear N2o is directly synchronized
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by the 1–2 synchronizer that turns with the output shaft. In a 5–4 shift, the input shaft
is directly synchronized by the 3–4 synchronizer to rotate at the same angular velocity
as gearN4i. The equivalent mass moments of inertia for the 1–2 shift and 5–4 shift are
determined respectively in the following by using Eq. 2.13.

J12 = JN2o + Jinput
N2o

N2i

2

+ JN1o
N2oN1i

N2iN1o

2

J54 = Jinput + JN2o
N2i

N2o

2

+ JN1o
N1i

N1o

2

b) ωoutput = 1 467ia
V
R
= 1 467

Nao

Nai

v
R

1
s

The angular velocity of gear N2o before and after the 1–2 shift is:

ωB
12 =

i1
i2
ωoutput = 1 467

N1o

N1i

N2i

N2o

Nao

Nai

v
R

ωA
12 =ωoutput = 1 467

Nao

Nai

v
R

With J12 determined in (a), the friction torque can be determined using Eq. (2.18) as:

M12 = J12
Δω
Δt

= J12
ωA
12− ωB

12

Δt
= 1 467

J12
Δt

Nao

Nai

v
R

1−
N1o

N1i

N2i

N2o
ft lb

c) Friction work is equal to the change of kinetic energy. Therefore:

W12 =
1
2
J12 ωA

12
2
−
1
2
J12 ωB

12
2

=
1
2
J12 1 467

Nao

Nai

v
R

2

− 1 467
N1o

N1i

N2i

N2o

Nao

Nai

v
R

2

ft lb

d) The equivalent mass moment of inertia for the 4–5 upshift and 5–4 downshift is the
same since the component to be synchronized in both shifts is the same. As observed
in Eq. (2.18) and Eq. (2.20), the shift forces in the 4–5 upshift and the 5–4 downshift
are proportional to the angular velocity differences to be synchronized in the two
shifts.

For the 4– 5 upshift : Δω45 =
ωe

i4
i5−ωe =ωe

i5
i4
−1

For the 4– 5 downshift : Δω54 =
ωe

i5
i4−ωe =ωe

i4
i5
−1
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Since the shifts are made at the same engine speed, the shift force ratio is:
F54
F45

=

i4
i5
−1

i5
i4
−1

=
i4
i5
=
N4o

N4i

N5i

N5o

2.7 Shifting Mechanisms

The shifting mechanism of a manual transmission must fulfill the following functional
requirements:

a) Fully engage the synchronizer sleeve internal spline teeth with the gear dog teeth and
keep the gear engaged without dropping out.

b) Prevent different gears from being engaged at the same time.
c) Differentiate the engagement of reverse gear from that of forward gears.
d) Be able to produce an appropriate mechanical advantage between the shift stick and

the synchronizer sleeve to reduce the driver’s effort during shifts.

The functions above are realized through the external shifting mechanism and internal
shifting mechanism which are interconnected in kinematics by either a connection rod
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1: Shift stick 5: Shift rail bearing seal
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7: Gear box housing
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3: Link rod

4: Shift link support

Figure 2.18 Shifting stick and shift pattern.
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or cables. Shifts in the vast majority of, if not all, manual transmissions today are realized
through the shifting stick that has two motions if actuated by the driver, a horizontal
motion for gear selection and a fore and aft motion for gear engagement in a so-called
H pattern. The internal shifting mechanism may have multi-rail design or single (or
main) rail design. The following text uses a main-rail design as the example for analysis.
The design and operation of multi-rail the shifting mechanism is similar in principle.
The external shifting mechanism shown in Figure 2.18 is typical for RWD manual

transmissions, as shown in Figures 2.7b and 2.9b. The low end of the shifting stick (1)
is connected with the main shifting rail (6) (or the single shifting rail if designed so)
in the internal shifting mechanism, shown in Figure 2.19, by the shift link rod (3).
The shifting stick pivots on a ball and socket joint mounted on the gear shifter support
(4) rigidly attached to the transmission housing. Force and motion originated from the
driver’s hand are transmitted to main shift rail through the shift link rod (3). The joints at
the two ends of the shift link rod allow the main shifting rod to rotate and move axially.
The shift stick is blocked from moving into the reverse gear position unless it is lifted
by the driver at the neutral position to release the blocking first. The joints on both ends
of the shift link rod (3) are enclosed by rubber boots (2) and are lubricated at assembly.
The ball and socket for the shifting stick is also lubricated at assembly and enclosed in
rubber root that serves both sealing and cosmetic purposes.
The internal shiftingmechanism is shown in Figure 2.19, including an internal shift rod

(2) which is used to support the 3–4 shifter fork (19) and the 5-R shifter fork (4). The 1–2
shifter fork (3) is supported on the main shift rail (18) itself. The shift finger (11) and shift
pin support (5) are rigidly attached to the main shift rail (18) by bolts. Spring (15) is
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Figure 2.19 Internal shifting mechanism of main-rail design.
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mounted on the main shift rail between the spring seat (16), which is retained axially by a
snap ring (17) and spring support (6) that is mounted on the housing. Note that the 3–4
shifter and the 5-R shifter can also bemounted on themain shift rail in a single rail design
that does not need the auxiliary shift rod (2). In either design, the shifter forks are sup-
ported on the shift rail by multiple race ball bearings (1) which minimize friction for lin-
ear motion. The shifter fork straddles over the groove of a synchronizer and maintains a
fixed angular position as designed. The main shift rail is supported on both ends also by
multiple race bearings. During a shift, the main shift rail has two motions: rotation for
selection and axial motion for gear engaging. When the main shift rail rotates in the
selection motion, the shift finger (11) on it will be aligned with the receiving notch on
the selected shifter or selector fork. Since the angular position of the shifter is fixed, there
is only one rotational angle for the main shift rail to align its shift finger with the receiving
notch of the shifter. Meanwhile, only at this position, will the shift pin on the shift pin
support (5) be aligned with the shift gate (13) for the selected gear. The shift gate guar-
antees that only the selected gear will be engaged and also provides the effect of guiding
the engaging motion of the shifting stick and keeping the angular position of the main
shift rail at an engaged position. Once a gear is selected during a shift – that is, the shift
finger (11) is received and connected with the selected shifter and the shift pin is aligned
with the gate for the selected gear – the driver will push or pull the shifting stick to actu-
ate an axial motion for the main shift rail to engage the selected gear.
The axial positions of the main shift rail (18), namely the left position for 1–3–5 gears

and the right position for 2–3–R gears, as shown in Figure 2.19, are locked by the shift rail
locking mechanism (8). Three shallow ball-shaped or V-shaped races, are machined on
the left end of the main shift rail which fit into a hole in the transmission housing. The
center distances between these three races are equal to the travel of the shifters to fully
engage the gear dog teeth. A ball is seated on top of a spring inside a hole drilled on the
transmission housing, as shown in Figure 2.19. This ball is jacked up by the spring and fits
into the races when the main shift rail is located at the three positions corresponding to
the synchronizer sleeve or the shifter, locking the main shift rail in these positions unless
the driver pulls or pushes the shifting stick, and therefore, keeping gears engaged without
dropping out. In addition, the locking mechanism, designed appropriately, will yield a
“clicking” or “sucking in” feel when a gear is disengaged or engaged. The spring (15)
is not deformed at the neutral position and helps return the main shift rail to the neutral
position. It also provides a damping feel for the driver while moving the shifting stick. In
reverse gear, an actuating pin (9) will close the reverse warning light circuit to signal the
driver and the pedestrians around the vehicle. The locking plate (12) and reverse inter-
lock (14) double guarantee that only one gear can be engaged at a time.
Other designs for the shifting mechanism are also applied for manual transmission,

depending on assembly and cost considerations. For example, three shift rails can be
used, each for two gear positions and each with a locking mechanism. In this design,
the shifters are fixed to the rails and move with the rails axially during shifts. Interlocks
using balls and pins are placed between the three shifting rails, allowing only one rail to
move axially at a time. The three receiving notches on the rail ends are arranged in a row
with a distance between each. The shift finger on the lower end of the shifting stick is
directly received and connected by a receiving notch on the rail for the selected gear.
Other aspects for the shifting mechanism and operations are similar to those already dis-
cussed. Note that in manual transmissions for FWD vehicles, shift cables are often used
instead of a shift rod, due to the peculiar assembly conditions. Usually, two cables
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contained in steel tubes are used, one for selection motion and the other for engaging
motion. Since the cables are contained in steel tubes, both push and pull motions during
shifts will be transmitted from the shifting stick to the shifting levers attached to the
transmission housing. The shifting levels then complete the gear selection and engage
for the intended shift. The details of these shifting mechanisms can be found in techni-
cians’manuals for most passenger vehicles [6] in the market, which can be referred to for
further studies on the subject.
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Problems

1 The stick diagram of a six-speed RWD MT is shown Figure 2.9b. The tire radius of
the vehicle is R (ft) and the final drive ratio ia is 3.25. The numbers of teeth are labeled
in the drawing. Some gear ratios are given as: 1st gear (3.92), 2nd gear (2.76), 3rd
gear (1.91), 4th gear (1.41). The number of teeth of gears Ni and Nc are 19 and
23 respectively.
a) Determine the equivalent mass moment of inertia to be synchronized in a 1–2

upshift and a 5–4 downshift respectively, in terms of the mass moments of inertia
of the involved parts and the labels for the tooth numbers.

b) A 2–3 upshift is to be made at a vehicle speed ofV (mph). Assuming the synchro-
nization time is Δt and the angular velocity change is uniform during synchro-
nization, determine the friction torque to be generated by the synchronizer
friction cones.

c) Determine the work done by the friction and the angle of rotation of gear N4c in
the process of synchronization for the shift in (b).

d) The synchronizers used in the transmission are the same and the angular velocity
change during synchronization is assumed to be uniform. If the magnitude of the
shift force in a 2–3 upshift, F23, is 10 N, determine the magnitude of the shift
force in a 1–2 upshift, F12. Both shifts are made at the same engine angular veloc-
ity ωe and within the same synchronization time Δt.
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Note: In your answers for (a), (b), and (c), only the equivalent mass moments of
inertia are allowed to contain labels for tooth numbers.

2 The stick diagram of a six-speed FWD MT is shown in Figure 2.9a. The tire radius
of the vehicle is R (ft). The numbers of teeth are labeled in the drawing for clarity.
The gear ratios from the 1st to the 4th gears are: 1st gear (3.92), 2nd gear (2.76),
3rd gear (1.85), 4th gear (1.35). The numbers of teeth of the final drive gears are:
NFi = 21, NFo = 66.
a) Determine the equivalent mass moment of inertia to be synchronized in a 1–2

upshift and a 4–3 downshift respectively, in terms of the mass moments of inertia
of the involved parts.

b) A 2–3 upshift is to be made at a vehicle speed ofV (mph). Assuming the synchro-
nization time is Δt and the angular velocity change is uniform during synchro-
nization, determine the friction torque to be generated by the synchronizer
friction cones.

c) Determine the work done by the friction and the angle of rotation of gear N4i in
the process of synchronization for the shift in (b).

d) The synchronizers used in the transmission are the same and the angular velocity
change during synchronization is assumed to be uniform. If the shift force in a
2–3 upshift, F23, is 10 N, determine the shift force in a 1–2 shift, F12. Both shifts
are made at the same engine speed and within the same synchronization time.

Note: Your answers must not contain the gear tooth labels.
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3

Transmission Gear Design

3.1 Introduction

Gears are one of the most important components for mechanical systems. Although
gears are applied in all machinery, the automotive industry is by far the largest user
of gears because of the huge number of vehicle sales. In automotive powertrain systems,
gears are indispensable, regardless what type of transmission is used for the vehicle. Dif-
ferent gear designs are applied for different types of transmissions. Lay-shaft gears are
applied mostly for manual transmissions and sometimes also for automatic transmis-
sions, where all gears rotate about fixed axes and multiple transmission ratios are
achieved by multiple gear pairs rotating about parallel shafts, as discussed in
Chapter 2. Most of the conventional automatic transmissions use planetary gear trains
to transmit power and achieve multiple gear ratios, with multiple clutches to control the
power flows. Different from lay-shaft gear systems, not all gears rotate about fixed axes in
planetary gear systems. Continuously variable transmissions do not need as many as
gears as manual transmissions or conventional automatic transmissions, but they still
use gears in the final drive to increase the overall drive train ratio.
The history of gears dates back thousands of years in human civilization [1], but it was

not until the eighteenth century that the gear industry started to take shape. The vast
majority of gears in the gear industry today are involute gears (i.e. gears with involute
tooth profiles), which were originally designed by Leonhard Euler [2]. Gears with cycloid
tooth profiles are also used for some applications, such as mechanical clocks and appa-
ratus, which mainly involve the transmission of motion. Many types of gears have been
developed for various applications. In vehicle powertrain systems, spur gears, helical
gears, and bevel gears (including straight, spiral, and hypoid bevel gears) are mostly
applied for the transmission of power. Because of the large volume and wide application,
gears are standardized mechanical components in the industry.
Gear design standard and practice is based on the principles and approaches of the

theory of gearing. For a comprehensive study of gear design fundamentals, seeAnalytical
Mechanics of Gears by E. Buckingham [3], Gear Geometry and Applied Theory by F.L.
Litvin [4], and Handbook of Practical Gear Design by D.W. Dudley [5]. The contents
of this chapter will be focused on gear design using existing equations or formulas avail-
able in AGMA standards [6,7] rather than on general gear design theory. Following the
introduction section, the chapter will first provide a summary of gear design fundamen-
tals on conjugate motions, characteristics of involute gearing, and key definitions and
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terminologies. The chapter will then present the design of tooth element proportions for
spur and helical involute gears according to the related AGMA standards. The design of
non-standard gears, including the long-short addendum system and the general non-
standard gears will be highlighted in the chapter since the design of these gears is very
useful for vehicle transmission applications. The chapter will also cover the calculation of
gear forces in the power flows of automotive transmissions. A separate section will be
included on the strength design and power rating of gear pairs based on AGMA standard
formulation. Note here that the design of hypoid gears used in the final drives of RWD
and 4WD vehicles is quite different from cylindrical gears and readers are referred to the
related AGMA standard [8] for the design of these gear drives.
The chapter ends with a section on the kinematics of planetary gear trains which are

widely applied in automatic transmissions. The section specifically covers the structure
and kinematics of three types of planetary gear trains – the simple planetary gear train,
dual-planet planetary gear train, and Ravigneaux planetary gear train – since it is these
three types of planetary gear trains that are widely applied in automatic transmissions.
The kinematic characteristics and torque relations of these three types of planetary gear
trains will be analysed and formulated in this section, which will be applied for the design
and analysis of automatic transmissions in Chapter 5.

3.2 Gear Design Fundamentals

3.2.1 Conjugate Motion and Definitions

In planar gearing, a pair of gears transmits rotational motion and power from one axis to
another through conjugate motion between the tooth profiles of the two gears. As shown
in Figure 3.1, the two gears are centered at pointO1 andO2, with E as the center distance.
The two conjugate tooth profiles, Σ1 and Σ2, rotate with the respective gear about the
gear axis at point O1 and O2 at angular velocities ω1 and ω2. According to the Lewis the-
orem [4], the common normal at the point of contact (point of tangency) between the
two conjugate profiles in the process of conjugate motion must intersect the line O1O2

connecting the centers of rotation and divide the line O1O2 into two segments O1I and
O2I that are related by the following equation:

O2I
O1I

=
ω1

ω2
= i 3 1

where i is the gear ratio. If i is a constant, then the position of point I remains the same in
the process of conjugate motion. Thus, to transmit uniform rotary motion from one shaft
to another by means of gear teeth, the common normal to the profiles of the gear teeth at
all points of contact must pass through a fixed point in the line connecting the centers of
the two gears. Point I is in kinematics the instantaneous center of rotation between the
two gears and is called the pitch point, denoted as P, in gear design. As shown in
Figure 3.1, the two circles centered at point O1 and O2 with radius r1 and r2 equal to
O1P and O2P are called the pitch circles. The relative motion between the two gears
is equivalent in kinematics to the relative motion between the two circular disks with
the pitch radii rolling against each other without sliding. Therefore, the pitch circles
are the centrodes of the two gears in kinematics.
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During the process of the conjugate motion between a pair of gear tooth profiles, the
points of contact at different instants form a line in the fixed frame, which is called
the line of action. In other words, the two gear tooth profiles only contact at points along
the line of action. The curvilinear nature of the line of action depends on the conjugate
profiles. At a point of contact along the line of action, the common normal to the two
conjugate profiles passes through the pitch point P and forms angle α with the common
tangent to the two pitch circles, as shown in Figure 3.1. This angle α is called the pressure
angle in the theory of gearing and is a very important gear design parameter. In kinemat-
ics, the pressure angle affects the transmission of force from the input gear to the output
gear and the loading condition of the gears, shafts, and bearings.

3.2.2 Property of Involute Curves

As mentioned in the introduction, involute curves are used as the profiles for the vast
majority gears in power transmission applications. To understand why this is the case,
it is necessary to take a look at the geometry of involute curves and how these curves are
generated. A circular involute curve is uniquely defined by its base circle. As shown in
Figure 3.2, an involute curve starts from point Mo on the base circle with radius rb. The
straight line AMwith end pointM rolls on the base circle without sliding and is always in
tangency to the base circle. Initially, this line is in tangency to the base circle at pointMo,
and as it rolls on the base circle, the end point M will trace out the involute curve. The
generation of the involute curve can also be considered as the result of unwinding a line
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Figure 3.1 Definitions of conjugate motion.
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with end point Mo that initially wraps around the base circle. As the line unwinds from
the base circle, it is always kept taut so that the portion of the line away from the base
circle is always in tangency to the base circle. The end point of the line will then trace out
the involute curve as the line unwinds from the base circle.
It is obvious from the generation of involute curves that the normal of an involute

curve at any point along it is in tangency to the base circle. Since line AM rolls on
the base circle without sliding, the arc length AMo, rbϕ, is equal to the length of line
AM. As shown in Figure 3.2, the Cartesian coordinates of pointM on the involute curve
can be determined by the following equations:

x= rb sinϕ−ϕ cosϕ 3 2

y= rb cosϕ+ϕ sinϕ 3 3

where ϕ is the so-called unwinding angle of the involute curve and must be in radians.
The curvilinear equation of the involute curve can also be written in the following form:

x= R sinθ 3 4

y=R cosθ 3 5

R=
rb

cosα
; θ =ϕ−α 3 6

where angle α is called the pressure angle that is formed between line OM and line OA
and is a variable along the involute curve. For triangle ΔOAM, tanα= AM

rb =ϕ, there-
fore, θ = tanα−α. In gear design, the relation θ = tanα−α is defined as the involute func-
tion denoted as:

Inv α = tanα−α 3 7

3.2.3 Involute Curves as Gear Tooth Profiles

Involute spur gears, i.e. gears with straight teeth, have symmetric involute tooth profiles
with the same base circle. The tooth profiles on one side of the tooth can be imagined as
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Figure 3.2 Generation of involute curve.
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the curves formed by evenly spaced knots on a string that is unwinding from the base
circle, as shown in Figure 3.3. The distance between two neighboring tooth profiles
measured along the normal is constant and is called the normal pitch or the base pitch,
denoted as pb. Apparently, the base pitch is the even distribution of the base circle cir-
cumference on the number of gear teeth N:

pb =
2πrb
N

3 8

The arc distance between two neighboring tooth profiles measured on the pitch circle is
called the circular pitch or simply pitch, denoted as pc or just p without the subscript.
Similar to the base pitch, the circular pitch is the even distribution of the pitch circle
circumference on the number of teeth, i.e. p= 2πr

N , with r being the pitch circle radius.
It can be observed from Eqs (3.6) and (3.8) that the pitch circle radius, the base circle
radius, the circular pitch and the base pitch are related to the pressure angle α by the
following equations:

r =
rb

cosα
;pb = p cosα 3 9

3.2.4 Characteristics of Involute Gearing

Because of the geometric properties of involute curves, gears with involute profiles have
unique features that are advantageous for applications in power transmission and for
manufacturability. The characteristics of involute gears described in the following list
warrant that these gears are almost exclusively applied in the gear industry.

a) The line of action for a pair of involute gears is a straight line, as shown in Figure 3.1.
As mentioned previously, the normal at any point along an involute curve is always
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Figure 3.3 Formation of involute gear teeth.
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tangent to the base circle. This means that the common normal at any point of contact
between the tooth profiles of an involute gear pair must be in tangency to the two base
circles. There are only two common tangents to the two base circles in a gear pair, one
for each pair of contacting tooth branches. It follows immediately that the tooth pro-
files only contact each other along a common tangent to the base circles. Thus, the
common tangent to the two base circles is the line of action by definition. Further-
more, the line of action, or the common tangent to the two base circles, intersects
the gear center line O1O2 at the pitch point P.

b) The pressure angle of involute gears is a constant in the process of conjugate motion.
This follows directly from (a) since the position and orientation of the common tan-
gent to the two base circles do not change as the gears rotate. This feature is advan-
tageous for the loading conditions on the gear teeth, bearings, and shafts since the
contact force is always applied in a constant direction.

c) Involute tooth profiles are mutually conjugative. This means that if the tooth profile
of a gear is involute, then the tooth profile of the other gear in the pair is also involute.
This feature can be rigorously proven by the theory of gearing [4]. Thanks to this fea-
ture, involute gears possess excellent exchangeability and manufacturability.

d) If the pitch diameter of one gear is given and the pitch diameter of the other is infi-
nitely large, then the conjugate motion is between a gear and a rack. If the gear tooth
profile is involute, then the rack tooth profile is a straight line. Vice versa, it is also
true. In this case, the line of action passes through the pitch point and is tangent
to the gear base circle. This feature is very important for gear manufacturing because
all involute gears can be cut by a rack cutter – or basic rack as commonly termed in
gear theory –with a straight blade. In production, gears are mostly manufactured by a
hob in the hobbing process, as shown in Figure 3.4. The hob is a cylindrical wormwith
multiple straight slots. These slots form the cutting edges for the hob and allow the
removal of cutting chips from the gear blank. In the axial section of the hob, the pro-
file of the worm teeth is the same as that of the basic rack. In kinematics, the turning
of the hob is equivalent to the translation of a rack with straight teeth. The angular
velocities of the hob and the gear blank are controlled at a constant ratio according to
the tooth number of the gear being cut and the pitch of the hob. The hob also moves
along the gear axis as the feed motion to cut the whole length of the gear teeth.

e) The change of center distance does not change the gear ratio of a pair of involute
gears. The gear ratio of a pair of involute gears solely depends on the ratio between
the base circle radii. Once the gears are cut, the base circle radii are determined and do
not change at whatever center distance the two gears are assembled. As shown in
Figure 3.5, the common tangent to the two base circles defines the line of action when
the gears are assembled at center distance E , shown on the right side of Figure 3.5,
which is not the same as the standard center distance E = r1 + r2, with r1 and r2 being
the pitch radii of the two gears, as shown on the left side of the Figure 3.5. Point I is the
instantaneous center of rotation of the two gears. Since the gears are not assembled at
the standard center distance, point I is not the point of tangency between the two
pitch circles with pitch radius r1 and r2 respectively. The two circles with radius r1
and r2, equal to O1I and O2I respectively, intersect at point I and are called the oper-
ating pitch circles. The respective radius r1 and r2 are called the operating pitch
radius. In kinematics, the motion between the two gears assembled at center distance
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E is equivalent to the rolling of the two operating pitch circles against each other
without sliding.

f) Therefore, the operating pitch circles are actually the centrodes of the two gears.
Based on the Lewis theory and Eq. (3.1), the gear ratio for the gear pair is

i=
ω1

ω2
=
O2I
O1I

=
r2
r1
. Since the two triangles, ΔO1KI and ΔO2LI, are similar, the ratio

between the base circle radii is equal to the ratio between the operating pitch radii,

i.e.
r2
r1

=
rb2
rb1

. It is apparent then that the gear ratio remains the same since

i=
ω1

ω2
=

r2
r1

=
rb2
rb1

=
r2
r1
. Note that when the two gears are assembled at a non-standard

center distance, the operating pitch radii r1 and r2, and the operating pressure angle α
as shown in Figure 3.5 are different from the standard values.

3.3 Design of Tooth Element Proportions of Standard Gears

3.3.1 Gear Dimensional and Geometrical Parameters

The gear pitch circle is the design reference for gear dimension and geometry. The design
parameters of the rack cutter and the corresponding parameters of the gear are shown in
Figure 3.6. The geometry and dimension of a gear are determined by the design para-
meters, or the tooth element proportions:

N: number of teeth P: diametral pitch αc: cutter pressure angle
a: addendum b: dedendum c: clearance (c= b−a)
r: pitch radius ra: addendum radius rd: dedendum radius
rb: base circle radius pc: circular pitch pb: base pitch
t: tooth thickness w: tooth space pn: cutter normal pitch (pb = pn)
α: gear pressure angle (for standard gears, α= αc)

3.3.2 Standardization of Tooth Dimensions

In the AGMA Standard [6,7], the tooth element proportions are designed based on the
diametral pitch, which is denoted as P and is defined as:

P =
π

pc
=
N
d

3 10

As defined in Eq. (3.10), the diametral pitch can be considered as the distribution of the
number of teeth on the gear pitch diameter, as the term itself implies. The unit of the
diametral pitch is the reverse of inch, i.e. 1 in. Once the diametral pitch of a gear is spe-
cified, the pitch circle diameter and the circular pitch are then determined as:

pc =
π

P
;d =

N
P

3 11
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The diametral pitch is standardized in the gear industry and its values are divided into
two groups as listed in the following:

a) Coarse pitch: 1, 1
1
4
, 1

1
2
, 1

3
4
, 2, 2

1
2
, 2

3
4
, 3, 3

1
2
, 4, 5, 6, 7, 8, 9, 10, 12, 14, 16, 18

b) Fine pitch: 20, 22, 24, 26, 28, 30, 48, 64, 72, 80, 96, 120

The fine pitch gears are mainly used for the transmission of motions in applications with
low loads, such as instruments and control mechanisms. For gears used in automotive
powertrain applications, the diametral pitches are in the series 6, 7, 8, 9, 10, 12. For pas-
senger car transmission gears, diametral pitches 7, 8, 9, 10, 12 are usually used. For truck
transmission gears, the diametral pitches are usually selected from 6, 7, 8, 9, 10.
In SI units, the gear tooth element proportions are designed based on the module,

denoted as m and with milimeters (mm) as the unit. The module is the reverse of the
diametral pitch numerically, that is, = 25 4

P . For passenger vehicle transmission gears,
the module is usually in the series 2, 2.5, 2.75, 3, 3.5, and for truck transmission gears, the
module is usually selected between 3 and 5.5.
The gear pressure angle α on the pitch circle is the other standardized parameter in the

gear industry. For spur gears, the standard pressure angle is 20 or 16 . The standard-
ization of the gear pressure angle is directly related to the cutter pressure angle αc, as
shown in Figure 3.6. For standard gears, the gear pressure angle α is the same as the cutter
pressure angle αc. It is obvious that the diametral pitch and the pressure angle for a pair of
gears in mesh must be the same.
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Figure 3.6 Gear tooth element proportions.
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3.3.3 Tooth Dimensions of Standard Gears

According to the AGMA standard [6,7], the tooth element proportions, mainly the
addendum and the dedendum, are designed by slightly different formulae for coarse
pitch and fine pitch, as represented in the following:

Coarse Pitch : a=
1
P
;b=

1 250
P

3 12

Fine Pitch : a=
1
P
;b=

1 250
P

+ 0 002 3 13

For both diametral pitch series, the tooth thickness and the tooth space on the pitch cir-
cle are the same, equal to half of the circular pitch:

t =w=
pc
2
=

π

2P
3 14

Following the AGMA standard, other gear dimensional parameters are calculated by the
following equations:

Pitch circle diameter : d =
N
P

3 15

Addendum diameter : da = d + 2a 3 16

Dedendum diameter : dd = d−2b 3 17

Base circle diameter : db = d cosα 3 18

Circular pitch : pc = p=
π

P
3 19

Tooth thickness : t =
pc
2
=

π

2P
3 20

Tooth space : w= t =
pc
2
=

π

2P
3 21

3.3.4 Contact Ratio

A gear pair is designed to transmit motion and power from one gear to another contin-
uously. For the gear pair in Figure 3.7, gear 1 (upper gear) is the driving member and gear
2 is the driven member. Line N1N2 is the line of action that is tangent to the two base
circles. Point B2 is the intersection between the addendum circle of gear 2 and the line
of action, and point B1 is the intersection of the addendum circle of gear 1 and the line of
action. It is obvious that B2 is the starting point and B1 is the end point of the mesh cycle.
Three cases are shown in Figure 3.7 to demonstrate the effect of the length of line seg-
ment B1B2 on the continuity of mesh. In case (a), B1B2 is just equal to the base pitch pb.
Mesh continuity is barely maintained in this case since when the current tooth pair ends
contact at point B1, the next pair just starts contact at point B2. In case (b), B1B2 is longer
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than the base pitch pb. Mesh continuity is well maintained since the next pair of teeth is
already in contact before the current pair comes out of contact. This guarantees that at
least one pair of teeth will be in contact during the mesh process. In case (c), B1B2 is
shorter than the base pitch pb. In this case, mesh continuity cannot be maintained since
when the current pair of teeth comes out contact, the next pair is not yet at contact. In
gear design, mesh continuity is quantified by the contact ratio, defined as the ratio

between the length of line segment B1B2 and the base pitch:
B1B2

pb
.

The contact ratio of a pair of involute gears can be determined using Figure 3.8. By
considering gear 1 as the driving member and gear 2 as the driven member, the starting
point and end point of mesh are at B1 and B2, which are respectively the inter-
section between the line of action and the addendum circles of gear 2 and gear 1. Points
K and L are the points of tangency between the line of action and the two base circles. For
ΔO1KB2 and ΔO2LB1, the lengths of line segments KB2 and B1L can be determined as:

KB2 = r2a1−r
2
b1

B1L= r2a2−r
2
b2

3 22

where ra1 and ra2 are the respective addendum radii of gear 1 and gear1, rb1 and rb2 are
the respective base circle radii. Length KL is related to the center distance E and is deter-
mined as:

KL=O1I sinα+O2I sinα= E sinα 3 23

It is apparent that KB2 +B1L=KL+B1B2. Therefore the contact ratio is determined by
the following equation:

mc =
B1B2

Pb
=
KB2 +B1L−KL

pb
=

P
π cosα

r2a1−r
2
b1 + r2a2−r

2
b2 −E sinα 3 24
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ω2 ω2
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P
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Figure 3.7 Gear mesh process and definition of contact ratio.
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In gear design, the contact ratio must be higher than 1.0. Higher contact ratio is ben-
eficial for the sharing of contact load and also for the reduction of gear noise. It is
observed from the equation above that larger addendum radii yield higher contact ratio.
In gear design practice, non-standard gears with modified addendum radii are some-
times used to increase the contact ratio, as discussed later in the design of non-standard
gears.

3.3.5 Tooth Thickness and Space along the Tooth Height

The tooth thickness is very important for gear design and manufacturing. If the tooth
thickness is not controlled with high accuracy in gear manufacturing, the gear teeth
may not be properly meshed. There will be either interference or backlash between
the teeth of the two gears. The tooth thickness calculated by Eq. (3.20) is measured
on the pitch circle. Along the tooth height, the tooth thickness varies from the largest
at the base circle to the smallest at the addendum. The tooth thickness at different radii
from the gear center is crucial to the mesh condition of non-standard gears, as discussed
in the next section. In the following, a set of equations formulated in reference [4] are
represented for the calculation of tooth thickness of involute gears at any radius from
the gear center.

As shown in Figure 3.9, arc length AA is the standard tooth thickness t on the pitch

circle with the pitch radius r, and arc lengthBB is the tooth thickness tx on the circle with
radius rx. Angles β and βx are respectively the angle between line OA and the middle line
of the tooth and between line OAo and the middle line of the tooth. The tooth thickness
on the pitch circle is equal to 2βr. The angle between lineOAo and lineOA is determined
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α
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α
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Figure 3.8 Determination of contact ratio.
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by Eq. 3.7 and is equal to Inv(αc), and the angle between line OAo and line OB is equal to
Inv(αx). The following equations can be obtained by observing Figure 3.9:

rb = rx cosαx = r cosαc =
N
2P

cosαc 3 25

Inv αc + β= Inv αx + βx 3 26

βx = Inv αc + β− Inv αx 3 27

where αc is the cutter pressure angle and is the same as the pressure angle α for standard
gears. The tooth thickness at radius rx and the tooth thickness at pitch radius are equal to
2βxrx and 2βr respectively. Therefore:

tx = 2βxrx = 2rx Inv αc + β− Inv αx = 2rx Inv αc +
t
2r

− Inv αx 3 28

The tooth space wx at radius rx is equal to the circular pitch on the circle with radius rx
minus the tooth thickness tx, and is determined by the following equation:

wx =
2πrx
N

− tx =
2πrx
N

−2rx
t
2r

+ 2rxInv αx −2rxInv αc

=
wrx
r

+ 2rxInv αx −2rxInv αc = 2rx −Inv αc +
w
2r

+ Inv αx 3 29

Summarizing these derivations, the tooth thickness and the tooth space at a given radius
rx for an involute gear are determined by the following set of equations:

αx = cos−1
N cosαc
2Prx

3 30

Inv αx = tanαx−αx 3 31
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Figure 3.9 Tooth thickness at different radius.
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tx = 2rx
π

2N
+ Inv αc −Inv αx 3 32

wx = 2rx
π

2N
−Inv αc + Inv αx 3 33

The tooth thickness and tooth space change along the tooth height and are critical for the
proper mesh of general non-standard gears discussed in the next section. For the deri-
vation of mesh condition for general standard gears, Eqs (3.32) and (3.33) can be rewrit-
ten as:

tx
rx

=
t
r
+ 2 Inv αc −Inv αx

wx

rx
=
w
r
−2 Inv αc − Inv αx

3 34

3.4 Design of Non-Standard Gears

3.4.1 Standard and Non-Standard Cutter Settings

Non-standard gears differ from standard gears in the cutter settings that are used to cut
them. As mentioned previously, gears can be cut by a rack cutter or “basic rack” as shown
in Figures 3.4 and 3.6. In the cutting process, the cutter pitch line is in tangency to the
pitch circle of the gear being cut. When a standard gear is cut, the middle line of the rack
cutter coincides with the pitch line and is in tangency with the gear pitch circle, as shown
in Figure 3.10. In this standard cutter setting, the distance between the middle line of the
rack cutter and the gear center is equal to the gear pitch radius. However, the rack cutter
can be displaced either toward or away from the gear center. If displaced away from the

Cutter middle line

Cutter pitch line

Non-standard cutter setting: e ≠ 0Standard cutter setting: e = 0

Pitch circle

e

OO

t*
tc Wc

v = ωr

ωω

v = ωrαc

Figure 3.10 Standard and non-standard cutter settings.
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gear center, the cutter displacement, denoted as e in Figure 3.10, is defined to be positive,
otherwise, the displacement is negative. Gears that are cut when the cutter displacement
is not zero are non-standard gears. Obviously, the cutter displacement for standard gears
is equal to zero.
The tooth thickness tc and tooth space wc of the rack cutter on the middle line are

designed as the same and are both equal to half a pitch, i.e. π
2P as shown in

Figure 3.10. In the cutting process, the rack cutter travels a distance equal to the pitch
when the gear rotates through a circular pitch, which is also equal to π

2P . Therefore, for
standard gears, the tooth thickness and tooth space of the gear are respectively equal to
the tooth space and tooth thickness of the rack cutter on its middle line:

t =wc =
π

2P
, w= tc =

π

2P
3 35

For non-standard gears, the cutter middle line does not coincide with cutter pitch line,
that is in tangency with the gear pitch circle. For the positive cutter displacement shown
in Figure 3.10, the tooth space on its pitch line becomes wider, while the tooth thickness
becomes narrower, resulting in an increase in the tooth thickness and a decrease in the
tooth space on the gear pitch circle, as determined by the following equations:

t∗ = tc + 2e tanαc =
π

2P
+ 2e tanαc

w∗ =wc−2e tanαc =
π

2P
−2e tanαc

3 36

where αc is the cutter pressure angle and e is the cutter displacement, shown as positive in
Figure 3.10. It is obvious from Eq. (3.36) that when the cutter displacement is positive, the
gear tooth thickness on the pitch circle is increased and the tooth space is decreased. It is
also obvious that the gear dedendum and dedendum radius will be changed by the cutter
displacement as follows:

b∗ = b−e

rd∗ = r−b+ e
3 37

where r and b are the gear pitch radius and the standard gear dedendum respectively. For
positive cutter displacement, the dedendum will be decreased by an amount equal to the
cutter displacement, while the dedendum circle radius will be increased by the cutter
displacement.

3.4.2 Avoidance of Tooth Undercutting and Minimum Number of Teeth

Tooth undercutting is a phenomenon that occurs in the gear cutting process. When it
occurs in the cutting process of involute gears, the tooth profile is not the involute curve
over the whole tooth, but has an undercut portion in the root area. Figure 3.11 shows the
comparison between a gear tooth with normal involute profile and an undercut gear
tooth. When there is no undercutting, the envelope of the cutter traces at different posi-
tions during the cutting process forms the involute profile for the whole tooth. However,
when undercutting occurs, the profile on the tooth root is not the involute profile
required for the proper mesh of gears. It is obvious that undercutting must be avoided
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in gear design since an undercut gear cannot be meshed properly and the undercut root
makes the gear strength much lower. The problem of undercutting can be solved in gen-
eral by methods in the theory of gearing; for the case of involute gears, it can be solved
based on involute curve geometry and the cutter setup [4], as shown in Figure 3.12.
The regular tooth profile of an involute gear must be above the base circle since invo-

lute curves start from the base circle. As shown in Figure 3.12, the rack cutter is displaced
with an offset e. The cutter addendum is a and the cutter clearance is c. The cutter pres-
sure angle and pitch are denoted as αc and pc. The cutter and the gear tooth profiles are
denoted as Σ1 and Σ2 respectively. Point G is the starting point of the gear tooth profile

Involute tooth profile

Cutter traces

Undercut tooth profile

Undercut portionInvolute for whole tooth

Figure 3.11 Undercutting of involute gears.
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Figure 3.12 Undercutting avoidance for involute gears.
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and αG is the pressure angle at point G. Clearly, rG ≥ rb and αG ≥ 0. Line PL is the line of
action between the rack cutter and the gear and is in tangency to the gear base circle at
point L. PointG is on the line of action since it is a normal contact point between the rack
cutter profile and the gear tooth profile. For triangle ΔGOL, the following inequality can
be derived:

tanαG =
PL−PG

rb
=
GL
rb

=
rb tanαc−

a−e
sinαc

rb
= tanαc−

a−e
rb sinαc

≥ 0 3 38

For standard gears, the cutter displacement e is zero, therefore,

sin2αc ≥
a cosαc

rb
=
a
r
=

2
N

;N ≥
2

sin2αc
=Nmin 3 39

Equations (3.9) and (3.12) are used in the derivation of the inequality just given. It follows
directly that to avoid undercutting of standard involute gears, the number of teeth of the
gearmust be larger than 2

sin2αc . This quantity is rounded up to the integer and is called
the minimum number of teeth, denoted as Nmin, for the avoidance of undercutting.
For non-standard gears, the cutter displacement e is not zero and the inequality in

Eq. (3.38) can be transformed as follows:

a−e
sinαc

≤ rb tanαc =
N
2P

sinαc 3 40

Nsin2αG−2 1−Pe ≥ 0 3 41

Pe ≥ 1−
Nsin2αc

2
= 1−

N
Nmin

=
Nmin−N

Nmin
3 42

where P is the diametral pitch, Pe is unitless and is denoted as ζ, which is called the mod-
ification coefficient for non-standard gears. The condition for non-undercutting can
then be represented as ζ ≥ Nmin −N

Nmin
. In gear design practice, there are two cases invol-

ving the use of modification coefficient ζ. In the first case, N <Nmin and ζ > 0, i.e. the
number of teeth of the gear is smaller than the minimum number of teeth for the avoid-
ance of undercutting. In this case, the cutter must be displaced away from the gear center
and the minimum cutter displacement is determined by:

ζmin =
Nmin−N

Nmin
, emin =

ζmin

P
3 43

In the second case, N >Nmin and ζ < 0. The cutter setting can be either standard or the
cutter can be displaced toward the gear center to change the tooth thickness for non-
standard gears.

3.4.3 Systems of Non-standard Gears

Non-standard gears are designed for several purposes:

• To avoid undercutting of a gear with fewer teeth than the minimum number of
teeth, Nmin.
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• To enlarge the tooth thickness of the pinion, the smaller gear, for the balance of
strength in a gear pair. This is possible when the sum of the numbers of teeth in
the gear pair is larger than 2Nmin, as will be shown later.

• To accommodate the assembly of gear pairs at non-standard center distance. This is
often useful for gear designs that involve multiple gear pairs on the parallel shafts, such
as in manual transmissions.

• To increase the contact ratio by increasing the tooth height.

• To optimize the tooth element proportions for specific applications, such as gear
pumps and meters.

There are two systems for the design of non-standard gears in AGMA Standard [6,7], as
categorized by the sum of cutter displacements for the pinion and for the gear,
i.e. ep + eg):

1) Long-short addendum gear system: ep + eg = 0
2) General non-standard gear system: ep + eg 0

3.4.4 Design of Long-Short Addendum Gear System

There must be no tooth undercutting for each of the two gears in the pair, so the cutter
displacement, ep for the pinion and eg for the gear, must satisfy the inequality expressed
by Eq. (3.42):

ep ≥
1
P

Nmin−Np

Nmin
3 44

eg ≥
1
P

Nmin−Ng

Nmin
3 45

Since ep + eg = 0 for the long-short (L-S) addendum system, it follows directly that for the
design of non-standard gears in this system, the following condition must be satisfied:

Np +Ng ≥ 2Nmin =
4

sin2αc
3 46

In the design of L-S addendum gears, the first step is to check whether the inequality in
Eq. (3.46) is satisfied. The cutter displacements must then be chosen according to the
design priority. Usually, the pinion cutter displacement ep is chosen to be positive for
an increase in the pinion tooth thickness. The gear cutter displacement eg has the same
magnitude as ep but is opposite in sign. Obviously, both ep and eg must satisfy Eqs (3.44)
and (3.45). Once the cutter displacements are chosen, the tooth element proportions are
then calculated by the following standard equations:

Dedendum : bp =
1 25
P

– ep; bg =
1 25
P

– eg for coarse pitch 3 47

bp =
1 25
P

+ 0 002−ep; bg =
1 25
P

+ 0 002 – eg for fine pitch 3 48
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Addendum : ap =
1
P
+ ep; ag =

1
P
+ eg 3 49

Tooth thickness : tp =
π

2P
+ 2ep tanαc; tg =

π

2P
+ 2eg tanαc 3 50

Center distance : E =
1
2P

Np +Ng 3 51

It can be seen from Eq. (3.49) that the addendum of the pinion becomes longer and the
addendum of the gear becomes shorter in the so-called L-S addendum system. It should
be emphasized here that non-standard gears in the L-S addendum system are assembled
at the standard center distance and the pressure angle is the same as the standard pres-
sure angle. In summary, the characteristics of non-standard gears in the L-S addendum
system are:

• The sum of cutter displacements is zero. Usually, the pinion cutter displacement is
positive and the gear displacement is negative.

• The center distance is the same as the standard center distance E.

• The operation pressure angle of the non-standard gears in the L-S addendum system at
assembly is the same as the standard pressure angle.

• The tooth thickness differs from that of the standard gears. Usually, the pinion tooth
thickness is increased due to the positive cutter displacement for strength balance in
the gear pair. The gear tooth thickness is reduced by the same amount.

• The addendum and dedendum differ from the standard gears.

• The operation pitch circles are the same as those in standard gears.

3.4.5 Design of General Non-Standard Gear System

Asmentioned in Section 3.2, the change of center distance does not change the gear ratio
of a pair of involute gears. However, if a pair of involute gears is assembled at a non-
standard center distance, the operating pitch circles, i.e. the centrodes in kinematics,
and the operating pressure angle are different from the standard values, as shown in
Figure 3.13. It is obvious that the non-standard center distance E is the sum of the oper-
ating pitch radius of the pinion and the gear, as expressed by the following equations:

rp =
rbp

cosα
=
rp cosαc
cosα

; rg =
rbg

cosα
=

rg cosαc
cosα

3 52

E = rp + rg =
cosαc
cosα

rp + rg =
Np +Ng

2P
cosαc
cosα

= E
cosαc
cosα

3 53

In the meshing process, the two operating pitch circles roll against each other without
sliding. There cannot be either backlash or interference between the meshing teeth on
the operating pitch circle. Using Eq. (3.36), the pinion tooth thickness and the gear tooth
space on the respective pitch circles for the non-standard gear pair can be determined as
follows:

t∗p =
π

2P
+ 2ep tanαc 3 54
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w∗
g =

π

2P
−2eg tanαc 3 55

The pinion tooth thickness and the gear tooth space on the respective operating pitch
circles, tp and wg , can be found by Eq. (3.34) with the substitution of rx by the operating

pitch radius, rp and rg respectively and the substitution of αx by α , i.e.

tp = rp
t∗p
rp

+ 2 Inv αc −Inv α = rp

π

2P
+ 2ep tanαc

rp
+ 2 Inv αc − Inv α

3 56

wg = rg
w∗
g

rg
−2 Inv αc − Inv α = rg

π

2P
−2eg tanαc

rg
−2 Inv αc − Inv α

3 57

For the propermesh of the non-standard gears, the following equationmust be observed:

tp rp

wg rg
=
Ng

Np
3 58

On the left side of the equation above, the numerator is the pinion angle of rotation cor-
responding to the tooth thickness and the denominator is the gear angle of rotation
corresponding to the tooth space on the respective operation pitch circle. It follows
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Figure 3.13 Operating pitch circles and operating pressure angle.
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directly from Eqs (3.56–3.58) that the mesh condition for non-standard gears is repre-
sented by the following equation:

Inv α =
2 ep + eg P tanαc

Np +Ng
+ Inv αc 3 58a

This equation is themesh condition of general non-standard gears andmust be satisfied
in the design of general non-standard involute gears. For production gears, there is always a
certain amount of tooth backlash which is controlled by tooth thickness tolerance speci-
fications [9,10]. Inmanual transmissions, there aremultiple pairs of gears on parallel shafts.
In other words, multiple gear pairs are assembled at the same center distance. Since the
standard center distance depends on the sum of teeth, which are integers and must satisfy
the transmission ratio requirement, and the diametral pitch, which is selected in the stan-
dardized series, it is often impossible to have all the gear pairs with the same standard dis-
tance. In such applications, general non-standard gears can be designed to accommodate
the center distance constraints, as described in the following steps:
Step 1: The operating pressure angle α is determined from Eq. (3.53) as:

α = cos−1
Np +Ng

2PE
cosαc 3 59

where E is the non-standard distance at which the gears are to be assembled, i.e. the
distance between the two gear shafts; αc is the cutter pressure angle or the standard gear
pressure angle; Np +Ng is the sum of teeth for the gear pair that must provide the spe-
cified gear ratio; and P is the diametral pitch selected in the standard series.
Step 2: The sum of the cutter displacement ep + eg is then calculated based on the

mesh condition for general non-standard gears represented by Eq. (3.58a), as follows,

ep + eg =
Np +Ng

2P tanαc
Inv α −Inv αc 3 60

The sum of cutter displacements determined above is then distributed between the
pinion and the gear in the pair based on considerations of strength and of avoidance
of undercutting and interference [7,11,12].
Step 3: The tooth element proportions of the general non-standard gears are then cal-

culated by the following equations:

Tooth thickness : tp =
π

2P
+ 2ep tanαc; tg =

π

2P
+ 2eg tanαc 3 61

Dedendum : bp =
1 25
P

– ep; bg =
1 25
P

– eg for coarse pitch 3 62

bp =
1 25
P

+ 0 002−ep; bg =
1 25
P

+ 0 002 – eg for fine pitch 3 63

Dedendum radius : rdp = rp−
1 25
P

+ ep; rdg = rg −
1 25
P

+ eg for coarse pitch

3 64

rdp = rp−
1 25
P

−0 002 + ep; rdg = rg −
1 25
P

−0 002 + eg for fine pitch 3 65
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Addendum radius : rap =E −rdg −c; rag =E −rdp−c 3 66

Tooth height : h= ho− ep + eg −ΔE 3 67

where ho is the standard tooth height, which is equal to the sum of addendum and deden-
dum, i.e. ho = a+ b; ΔE is the difference between the center distance at which the gears are
assembled and the standard center distance, and is equal to E −E). The addendum radii
determined by Eq. (3.66) are designed to provide the standard clearance that is equal to
b−a . Obviously, the tooth height of general standard gears determined by Eq. (3.67) is
different from the standard value and is shortened by ep + eg −ΔE . After all tooth ele-
ment proportions are calculated, Eq. (3.24) is then used to check the contact ratio of the
designed general non-standard gears. Note here that when Eq. (3.24) is used for the con-
tact ratio of general non-standard gears, the operating pressure angle α and the non-
standard center distance E must be used in the equation instead of the standard pressure
angle α and the standard center distance E.

3.5 Involute Helical Gears

Involute helical gears have an involute tooth profile on the transverse section, which is
the cross-section perpendicular to the gear axis. The surface of an involute helical gear is
a helicoid which is formed by an involute curve on the transverse section in a screw
motion along the gear axis, as shown in Figure 3.14. Intuitively, an involute helical gear
can be thought as the result of a spur involute gear having undergone a uniform twist.

Involute curves

Helix spread

on plane

Gear axis

Lead: H

2Πr

Helix

Helical angle: β
Lead angle: λ

tan λ = H/2Πr

H

rb
ρ

ρ

β

λ

Figure 3.14 Basic geometry of involute helical gears.
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The base circles for all the involute tooth profiles on the transverse sections form the so-
called base cylinder with base radius rb. Similarly, the pitch circles on the transverse sec-
tions form the pitch cylinder with pitch radius r. The tooth surface of an involute helical
gear is between the base cylinder and the addendum cylinder with radius ra. The inter-
section between the tooth surface and any cylinder with radius between rb and ra is a helical
line or helix. The angle between the tangent to the helix on the pitch cylinder and the gear
axis is called the helical angle, denoted as β. This helical angle can also be defined by
spreading the helix on the pitch cylinder on a plane as shown in Figure 3.14. A helical gear
can be right handed or left handed, depending the direction of the helix. The gear shown in
Figure 3.14 is right handed. For helical gears with parallel axes, the two gears in mesh have
the same magnitude for the helical angle, but opposite hands of the helix in external gear-
ing. For internal gearing, the helical angle and helix direction are the same.

3.5.1 Characteristics of Involute Helical Gearing

Involute helical gears have all the characteristics of involute gears, plus additional fea-
tures highlighted in the following:

a) On the transverse section, involute helical gears just behave as spur involute gears.
Because of this, all of the equations and conclusions for the design and analysis of
spur involute gears are valid if the mesh for helical involute gears is considered on
the transverse section.

b) The involute tooth profiles along the gear axes come in and out of mesh at different
time, i.e. at different rotational positions. This provides an extra contact ratio, called
lengthwise contact ratio, in addition to the contact ratio on the transverse section.
Because of the enhanced contact ratio, involute helical gears are stronger and quieter
than spur involute gears.

c) Helical and spur involute gears are cut by the same machine tools and cutters. The
manufacturing costs for helical and spur gears are about the same.

d) The tooth geometry design of helical gears is based on the tooth form on the normal
section, which is the intersection between the tooth surface and the plane normal to
the helix on the pitch cylinder. The normal diametral pitch Pn and the normal pres-
sure angle αn are standardized for helical gears. For the proper mesh of a pair of helical
gears, the normal diametral pitch and the normal pressure angle must be the same
respectively, i.e. Pn1 =Pn2 and αn1 = αn2.

e) Helical gears have axial loads, or thrusts. This is the disadvantage of helical gears.

Because of the advantages in strength and quietness as compared with spur gears, invo-
lute helical gears are widely applied for passenger vehicle transmissions. Having an axial
load is a shortcoming of involute helical gears. When there are two gears on the same
shaft in the power flow of a gear box, one driven for a gear pair and one driving for
another gear pair, the axial load can be partially cancelled in gear design so as tominimize
the thrust on the bearing.

3.5.2 Design Parameters on the Normal and Transverse Sections

As mentioned in the design of spur involute gears, the tooth geometry of involute spur
gears is based on the rack cutter with a straight tooth, or the so-called basic rack shown in
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Figure 3.15a. Similarly, the geometry of involute helical gears is based a basic rack shown
in Figure 3.15b. The tooth surface of the rack cutter, or basic rack, is an inclined plane for
involute helical gears. On the pitch plane, that is tangent to the pitch cylinder, the rack
tooth profile is a straight line that forms the helical angle β with the lengthwise direction.
The distance between two neighboring teeth measured on the transverse section is the
transverse pitch pt. The normal pitch pn is measured perpendicular to the tooth profile
on the pitch plane, as shown in Figure 3.15c. The transverse pressure angle αt and the
normal pressure angle αn are respectively defined on the transverse section and the nor-
mal section of the basic rack, as shown in Figure 3.15d.
It can be observed from Figure 3.15c that the transverse pitch and the normal pitch are

related to the helical angle by pt =
pn

cosβ
. Reversing both sides of this relation leads to the

relation between the transverse diametral pitch Pt and the normal diametral pitch Pn.
From Figure 3.15d, the relation between the transverse pressure angle αt and the normal
pressure angle αn can be derived since the tooth height is the same whether it is measured
on the transverse section or the normal section. In summary, the normal diametral pitch
and the normal pressure angle are converted to the transverse diametral pitch and the
transverse pressure angle by the following equation:

Pt = Pn cosβ 3 68

tanαt =
tanαn
cosβ

3 69
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Figure 3.15 Transverse and normal sections of the rack cutter for involute helical gears.
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3.5.3 Tooth Dimensions of Standard Involute Helical Gears

As mentioned previously, the normal pressure angle αn and the normal diametral pitch
Pn for involute helical gears are standardized in the gear industry. The tooth element
proportions of involute helical gears are based on the tooth form on the normal section.
According to the AGMA standard [7,12], the addendum and the dedendum are designed
by the following equations:

a=
1
Pn

;b=
1 250
Pn

3 70

The basic design parameters of an involute helical gear are its normal pressure angle
αn, normal diametral pitch Pn, helical angle β, and number of teeth N. The dimensional
parameters are determined by the following equations:

Pitch radius : r =
N
2Pt

=
N

2Pn cosβ
3 71

Base radius : rb = r cosαt =
N cosαt
2Pn cosβ

3 72

Dedendum radius : rd = r−b=
N −2 5 cosβ
2Pn cosβ

3 73

Addendum radius : ra = r + a=
N + 2 cosβ
2Pn cosβ

3 74

Transverse pitch : pc = pt =
π

Pt
3 75

Normal pitch : pn =
π

Pn
3 76

Transverse tooth thickness : t =
pt
2
=

π

2Pt
3 77

Transverse tooth space : w= t =
π

2Pt
3 78

3.5.4 Minimum Number of Teeth for Involute Helical Gears

Since involute helical gears have the same characteristics as spur involute gears on the
transverse section, the condition for the avoidance of undercutting represented by
Eq. (3.39) can be applied directly if the parameters on the transverse section are used.
Therefore, the following inequality must be observed to avoid undercutting of standard
involute helical gears,

sin2αt ≥
a cosαt

rb
=

a
r
=
2 cosβ
N

;N ≥
2 cosβ

sin2αt
=Nmin 3 79
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As can be observed from Eq. (3.79), involute helical gears can be designed with fewer
teeth than spur gears without the issue of undercutting. The higher the helical angle, the
fewer the number of teeth the gear can have without undercutting. For example, if the
normal pressure angle is 20 and the helical angle is 45 , the minimum number of teeth
for an involute helical gear for the avoidance of undercutting is as few as seven.

3.5.5 Contact Ratio of Involute Helical Gears

The contact ratio of involute helical gears has two components: a transverse contact ratio
and a lengthwise contact ratio. The transverse contact ratio is also termed the involute
contact ratio, which is determined by Eq. (3.24). For involute helical gears, the transverse
diametral pitch Pt and the transverse pressure angle αt are used in Eq. (3.24), since these
gears behave as spur involute gears on the transverse section. The lengthwise contact
ratio comes from the fact that the tooth profiles on the two ends of the tooth length
do not come in and out of mesh at the same time. Figure 3.16 shows the planar spread
of the pitch cylinder and the tooth helixes on it, with β and L as the helical angle and the
tooth length. Line AB shows the position of a tooth that just enters mesh. For spur gears,
the tooth lines on the planar spread are straight lines parallel to the gear axis and sepa-
rated by the circular pitch. When a spur gear rotates through a circular pitch, points A
and B on tooth ends move to points A and B , which indicate the end of the mesh for the
tooth. However, in the case of helical gears, only themesh on the end section with pointA
is finished. When the gear rotates through a circular pitch, the same tooth is still in mesh
elsewhere along the tooth length. For the whole tooth to be out of mesh, the gear has to
rotate additionally until the other end of the tooth helix, point B, moves through on the
pitch circle an arc length B B that is equal to L tan β. The lengthwise contact ratioml is
then defined as the ratio between the length of line segment B B and the circular pitch
on the transverse section. The total contact ratio of helical gears is the sum of the trans-
verse contact ratio and the lengthwise contact ratio as follows:

ml =
L tanβ
pt

=
PnL sinβ

π
3 80

mc =mt +ml =
PnL sinβ

π
+

Pt
π cosαt

r2a1−r
2
b1 + r2a2−r

2
b2 −E sinαt 3 81
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Figure 3.16 Lengthwise contact ratio for involute helical gears.
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3.5.6 Design of Non-standard Involute Helical Gears

The design of non-standard involute helical gears is similar to the design of spur gears, as
described in Section 3.4. Firstly, the transverse diametral pitch Pt and the transverse pres-
sure angle αt are converted from the normal diametral pitch Pn and normal pressure
angle αn by Eqs (3.68) and (3.69). Then the non-standard center distance E and the mesh
condition on the transverse section are used to determine the operating transverse pres-
sure angle αt and the sum of the cutter displacements by the following equations:

αt = cos−1
Np +Ng

2PtE
cosαt 3 82

ep + eg =
Np +Ng

2Pt tanαt
Inv αt − Inv αt 3 83

The equations for the design of non-standard spur gears, Eqs (3.61–3.67), are also appli-
cable for the design of non-standard involute helical gears if the transverse pressure angle
αt is used. It is noted here that the normal diametral pitch Pn is used for the calculation of
addendum and dedendum in these equations. The contact ratio of non-standard involute
helical gears is calculated by Eq. (3.81), where the standard center distance E and the
standard transverse pressure angle αt are replaced by the non-standard center distance
E and non-standard transverse pressure angle αt .

3.6 Gear Tooth Strength and Pitting Resistance

3.6.1 Determination of Gear Forces

Figure 3.17 shows a pair of helical gears with the pinion as the driving member. The driv-
ing torque and the pinion angular velocity are in the same direction. Since the pinion is

Left hand gear
(driven)

Axial component

Right hand

pinion (driving)

Tangential
component

Contact side

Pinion direction

of rotation

Radial component

Gear direction

of rotation

Driving torque

Figure 3.17 Directions of gear force components.
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the driving member, the pinion tooth side that contacts the gear tooth is indicated as
shown in the figure. The contact force between the pinion and the gear has three com-
ponents: radial, tangential, and axial. The directions of the three force components
applied to the pinion are shown in Figure 3.17. The radial component is always toward
the center, the tangential component always forms a torque about the center to resist the
driving torque, and the direction of the axial component or thrust depends on the hand
of the helix and can be readily determined once the contact side of the driving member is
indicated. The three force components applied by the pinion to the gear member are just
in the opposite directions.
The magnitudes of the three force components shown in Figure 3.17 are related to the

normal pressure angle αn and the helical angle β. As shown in Figure 3.18, the contact
forceN acts on the normal section that is perpendicular to the helix on the pitch cylinder.
The angle between the contact force and the intersection between the normal
section and the pitch cylinder is the normal pressure angle αn. The contact force is
decomposed to two components on the normal section: the radial component Fr which
is always toward the gear center and the tangential component on the normal section Fnt.
Fnt is further decomposed into the tangential component Ft on the transverse section and
axial component Fa. It is obvious that the driving torque Td is equal to the tangential
component Ft times the pitch radius rp of the driving member, which is the pinion as
shown in Figure 3.17, i.e. Td = rpFt . By observing Figure 3.18, the gear contact force
and the three gear force components are determined by the following equations:

Fr =N sinαn 3 84

Ft =N cosαn cosβ 3 85

Fa =N cosαn sinβ 3 86

N =
Td

rp cosαn cosβ
3 87
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Figure 3.18 Determination of gear force components.
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Note that Eqs (3.84–3.87) are also valid for spur gears. To determine the gear force
components of spur gears, the normal pressure angle αn is replaced by the pressure angle
α of the spur gears and the helical angle β is zero. Obviously, the axial load for spur gears
is equal to zero.

3.6.2 AGMA Standard on Bending Strength and Pitting Resistance

Gear strength and durability are rated on bending stress and contact stress in the AGMA
standard [11,13]. For gears used in automotive transmissions, durability, which is related
to pitting resistance, and tooth strength, which is related to fracture and fatigue resist-
ance, are the most important design considerations. The AGMA standard Fundamental
Rating Factors and Calculation Methods for Involute Spur and Helical Gear Teeth pro-
vides the formula for bending stress calculations based on the modification of the Lewis
method for gear bending stress, and the formula for contact stress based on the modi-
fication of the Hertzian contact theory. Although these formulations are highly empirical
by nature andmay yield very different results since a large number of modifiers or factors
are used to account for variations in materials, manufacturing, and applications, they are
based on experiences, expertise, and real data from the whole gear industry and they have
been proved to be valuable and practical in the design and application of gear transmis-
sion systems. The following text highlights the AGMA formulations on gear tooth bend-
ing strength and pitting resistance and their applications in gear design practice.

3.6.3 Pitting Resistance

In the AGMA fundamental pitting resistance formulation for involute spur and helical
gears, the contact stress is calculated by the following equation:

sc = Cp
FtCa

Cv

Cs

dF
Cm,Cf

I
3 88

In this formulation five quantities carry a unit:

sc: This is the calculated contact stress in lb/in2 or MPa.

Cp: Elastic coefficient in lb/in2
1
2 or MPa

1
2, Cp is tabulated in the AGMA standard in

terms of materials.
Ft: Tangent component of the contact force in Eq. (3.85) in lb or N.
d: Operating pinion pitch diameter, in in. or mm.
F: Net face width of the narrowest member, in in. or mm, the same as tooth length L

in Eq. (3.82).

The other six quantities are unitless factors named as follows:

Ca: Application factor for pitting resistance.
Cs: Size factor for pitting resistance.
Cm: Load distribution factor for pitting resistance.
Cf: Surface condition factor for pitting resistance.
I: Geometry factor for pitting resistance.

Transmission Gear Design 93



The contact stress calculated by Eq. (3.88) must be lower than the allowable contact
stress, which is modified by a another set of factors, as shown below:

sc ≤ sac
CLCH

CTCR
3 89

The quantities in this formulation are as follows:

sac: Allowable contact stress in lb/in2 or MPa.
CL: Life factor for pitting resistance.
CH: Tooth hardness ratio for pitting resistance.
CT: Temperature factor for pitting resistance.
CR: Reliability factor for pitting resistance.

3.6.4 Bending Strength

In the AGMA’s fundamental bending strength formulation for involute spur and helical
gears, the bending stress is calculated by the following equation:

st =
FtKa

Kv

Pt
F

KsKmKB

J
3 90

In this formula, st is the calculated bending stress in lb/in2 or MPa. Ft and F are the same
as in the formulation for pitting resistance. Pt is the transverse diametral pitch. The six
unitless modification factors are as follows:

Ka: Application factor for bending strength.
KB: Rim thickness factor for bending strength.
Ks: Size factor for bending strength.
Km: Load distribution factor for bending strength.
Kv: Dynamic factor for bending strength.
J: Geometry factor for bending strength.

The bending stress calculated by Eq. (3.90) must be lower than the allowable bending
stress modified as follows:

st ≤ sat
KL

KTKR
3 91

In this formulation, the allowable bending stress sat is modified by three factors:

KL: Life factor for bending strength.
KT: Temperature factor for bending strength.
KR: Reliability factor for bending strength.

In the AGMA standard for gear pitting resistance and bending strength, the allowable
contact stress sac and the allowable bending stress sat are tabulated in terms of gear mate-
rials, grades, heat treatment, and hardness. These allowable stress values are based on 107

cycles with 99% reliability. There are a large number of factors in the AGMA formula-
tion, as shown in Eqs (3.88–3.91). The values of these factors have to be chosen carefully
from plots or formulations recommended by the AGMA standard. The modification
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factors that share the same name (i.e. the same subscripts, for example, Ca and Ka) in the
formulation have the same values and share the same plot or formula as provided in the
standard. A separate AGMA standard [13,14] needs to be used for the values of the two
geometry factors I and J.

3.7 Design of Automotive Transmission Gears

Involute helical gears are widely applied for automotive transmission gears. The design of
transmission gears is based on the same principle and theory as for other applications
and should take into considerations the vehicle operation conditions and requirements.
Generally, durability, compactness, cost, and quietness are the design priorities for auto-
motive gears, especially so for passenger vehicles. Because of the maturity of the auto-
motive industry, the gear design for new transmission development can rely on the
experience and data gained from existing products that have been proved in the industry.
As the crystallization of these experiences and data, the AGMA standards on gear design
provide guidelines in the highly empirical transmission gear design and development
process. For the design of transmission gears, a series of AGMA gear design standards
should be referenced or followed, as listed below:

AGMA 933-B03: Basic Gear Geometry
AGMA 913-A98: Method for Specifying the Geometry of Spur and Helical Gears
AGMA 2000-A88: Gear Classification and Inspection Handbook
AGMA 2002-B88: Tooth Thickness Specification and Measurement
AGMA 2001-D04: Fundamental Rating factors and Calculation Methods for Involute

Spur and Helical Gear Teeth
AGMA 6002-B93: Design Guide for Vehicle Spur and Helical Gear Drives
AGMA 908-B89: Information Sheet – Geometry Factors for Determining the Pitting

Resistance and Bending
Strength for Spur, Helical and Herringbone Gear Teeth, Parts 1 & 2

AGMA 918-A93: Summary of Numerical Examples Demonstrating the Procedures for
Calculating Geometry
Factors for Spur and Helical Gears

For the design of transmission gears, the following data are usually known or specified:

•Maximum engine torque and power

• Vehicle weight and dimensional data

• Transmission ratios

• Space envelope for the transmission assembly

• Expected service life

The design of transmission gearing is a process that does not have a direct closed-form
solution. Experiences and data on existing products in the industry play an important
role in the selections of initial design parameters. The following summarizes the steps
highlighting the gear design procedure for two example manual transmissions, one
FWD and the other RWD, shown in Figures 2.4 and 2.5. These manual transmissions
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are typical for FWD passenger cars and for RWD commercial vehicles such as pickup
truck and cargo vans. The stick diagrams are shown again in Figure 3.19 for convenience.
Step 1: Selection of normal pressure angle αn, helical angle β and normal diametral

pitch Pn
The normal pressure angle αn is usually chosen as the standard value of 16 or 20 . The

helical angle β is a very important design parameter that affects center distance, axial
load, and gear contact ratio. For passenger car transmission gears, β can be initially cho-
sen in the range 25 β ≤ 38 . For commercial vehicles, the helical angle should be cho-
sen at smaller values to reduce the axial load and can be chosen initially in the range
18 β ≤ 30 . The final value for the helical angle depends on center distance and load
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Figure 3.19 Transmission gear design examples.
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constraints. Note that the helical gears on the output shaft in the MT shown in
Figure 3.19a, and the helical gears on the counter shaft in the MT shown in
Figure 3.19b, should have the same hands of helix so that the axial loads at the two gear
meshes on these two shafts will partially cancel each other out. The gears on the input
shaft and the final drive ring gear N1o are right handed so that the axial load on the final
drive ring gear will push the gear box against the engine. The normal diametral pitch Pn
directly affects the dimension of the gears and the whole transmission size. It is recom-
mended that the normal diametral pitch be selected according to the engine output
power Pe as listed below:

Passenger cars : Pn = 12 for Pe 200HP
Pn = 10 for Pe > 200HP

Commercial vehicles : Pn = 8 for Pe 200HP
Pn = 7 for 200 <Pe ≤ 250HP
Pn = 6 for Pe > 250HP

If the SI unit is used, then these diametral pitch values are converted to themodule values

by
25 4
Pn

. This value is then rounded to the closest module value in the standard series. For

example, a normal diametral pitch Pn = 10 is converted to a normal modulemn = 2 5mm.
In many cases, a vehicle may be powered by optional engines with different output
powers. Then the selection of the normal diametral pitch should fit the engine option
with the highest power. For the FWD MT shown in Figure 3.19a, the final drive gears
are subjected to the highest torque, and if necessary the normal diametral pitch for
the final drive may be chosen as the coarser value next to the diametral pitch selected
for all other gears.
Note that if strength and endurance requirements are satisfied, finer diametral pitch or

smaller normal module are preferred. With the same size, gears can be designed with
more teeth if a finer pitch is used. Gear pairs with more teeth and finer pitch in general
run smoother and more quietly. For compact cars, the transmission gears are often
designed with a normal module of 2 mm or a normal diametral pitch of 12.
Step 2: Selection of the numbers of teeth for different gears
The numbers of teeth must firstly guarantee that the specified gear ratios be achieved

accurately, usually up to the second digit after the decimal point of the gear ratio value.
Secondly, the numbers of teeth must also satisfy the constraints on the center distance.
For the FWDMT in Figure 3.19a, the numbers of teeth and the center distances of gear
pairs on the input and output shafts are constrained by the following equations:

Eio =
1
2

Nji +Njo

Pn cosβj
3 92

ij =
Njo

Nji
3 93

where the subscript j is 1, 2, 3, 4, 5, and r respectively. Apparently, the shaft distance or
center distance, Eio is the same for all the six gear pairs. The value of Eio is usually spe-
cified within a narrow range due to assembly constraints. With the normal diametral
pitch Pn and the helical angle βj chosen in Step 1, the numbers of teeth for each gear pair,
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Nji and Njo, can be determined by combining Eqs (3.92) and (3.93). But the solutions for
Nji and Njo are generally not integers and must be rounded to the closest integers. These
rounded integer numbers of teeth are then plugged back into Eq. (3.92) to solve for the
helical angles. It is possible to design standard helical gears for all forward gears in this
way. The reverse gears in the FWDMT shown in Figure 3.19a can be designed as a non-
standard spur gear since the center distance of the spur reverse gears only depends on the
numbers of teeth once the diametral pitch is chosen.
For the FWD MT shown in Figure 3.19a, the first gear N1i, the second gear N2i, and

reverse gear Nri, are machined on the input shaft. The numbers of teeth of these three
gears can be chosen as: N1i = 12 14, N2i = 17 19, Nri = 12 14. The numbers of teeth
for gears N1o, N2o, and Nro are then determined by the specified ratios. The numbers of
teeth for the first, second, and reverse gears and the selected normal diametral pitch are
then plugged in Eq. (3.92) to solve the helical angles.
For the RWD MT in Figure 3.19b, the numbers of teeth and the center distances

between the output shaft that is coaxial with the input shaft and the counter shaft must
satisfy the following equations:

Eio =
1
2
Ni +Nc

Pn cosβi
=
1
2

Njc +Njo

Pn cosβj
3 94

ij =
Nc

Ni

Njo

Njc
3 95

where the subscripts j is 1, 2, 3, 4, 5, and r respectively. In the design, there is an input gear
pair,Ni andNc, which is in the power flows of all gears except the 4th gear. Except for the
direct 4th gear, the transmission ratios are the multiplication of the common input gear
ratio and the other ratio designated for each gear. The input gear ratio, Nc

Ni
, is usually

designed to be around 1 25 1 35, with Nc = 17 19 and Ni = 22 24. This allows for
a near balanced strength for the input gears which undergo the longest service life under
load. The numbers of teeth for other gear pairs are then chosen based on the gear ratio
requirements and center distance constraints. The selection for the number of teeth of
the first gear on the counter shaft,N1c, is very important because the first gear pair deter-
mines the radial dimension of the transmission housing and has the largest strength
imbalance between the pinion and the gear. In general,N1c is chosen to be 14 16. After
the numbers of teeth for the first gears are chosen, the numbers of teeth for all other gears
can then be chosen by using Eqs (3.94) and (3.95). As a rule of thumb, the counter shaft
gear of the next higher gear is designed with 4 6more teeth. For example,N2c is chosen
to be 18 20. The center distance constraints can be satisfied by choosing different hel-
ical angles for each gear pair. If the helical angle determined based on the center distance
constraint is way off the range recommended in Step 1, then general non-standard gears
can be designed to accommodate the center distance with the helical angle in the recom-
mended range.
Step 3: Selection of the tooth length (face width) for gear pair
The tooth length L affects the contact area, and therefore the load capacity of trans-

mission gears. The ratio between the tooth length and the normal diametral pitch is usu-
ally in the range: L= 7 8 5 1

Pn . For transmission gears with a normal diametral pitch
of 12, the tooth length can be designed as 0 6 0 7 inch.
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Step 4: Tooth element proportions and tolerance specifications
After Step 3, the tooth element proportions can then be calculated by equations in Sec-

tions 3.3, 3.4, and 3.5. The contact ratio for each gear pair is calculated using Eqs (3.24),
(3.80), and (3.81). Gears for automotive transmissions usually fall in class 9, 10, or 11 in
the AGMA standard, depending on the category of the vehicle using the transmission.
Gear tooth tolerances are specified in AGMA standards [9,10] based on the selected
gear class.
Step 5: Gear strength and pitting resistance check
The gear tooth strength and pitting resistance are rated respectively using Eqs (3.90) and

(3.91), and Eqs (3.90) and (3.91). Firstly, the gear force components are calculated by Eqs
(3.84–3.87). The driving torque in Eq. (3.87) is the maximum engine output torque of the
engine. For the FWDMT in Figure 3.19a, the first gears, 5th gears and the final drive gears
should be the focus of strength and pitting resistance rating since these gears are most
likely to be subjected to high loads or long service cycles. For the RDW MT in
Figure 3.19b, the input gears, the first gears and the 5th gears should be focused on for
the same reason. The allowable contact stress sac and the allowable bending stress sat
are related to gearmaterials, hardness, and heat treatment, and are tabulated in the AGMA
standard [15] accordingly. As shown in the equations, the tooth bending strength and pit-
ting resistance formulation largely depends on the various modification factors. The selec-
tion of these factors should follow the guidelines in the AGMA standard [11,14,15] and
also account for the operation conditions characteristic of the automotive transmissions.
Dynamic factors Cv and Kv: The dynamic factors account for extra gear load in addi-

tion to the normal gear load that is generated by the non-perfect conjugate motions in a
gear pair. The root cause for this extra load is the gear transmission errors defined as the
deviation from the theoretical uniform gear rotations. The values of Cv and Kv are mainly
related to the accuracy of the gears and the pitch line speed. In the AGMA standard [11],
the dynamic factors, Cv and Kv, are plotted against the pitch line speed for different gear
classes. The pitch line speed of transmission gears is approximately in the range
900 2100 ft/min. For transmission gears in AGMA Class 10, the values of Cv and Kv

are found to be in the range of 0 84 0 88 based on the AGMA standard.
Application factors Ca and Ka: The application factors account for the momentary

peak load which is appreciably larger than the nominal or design load. For automotive
transmission gears, there are rarely such operational conditions that would create
momentary load spikes. If the maximum engine torque is used to calculate the gear
forces, as mentioned previously, the values of Ca and Ka can be taken as one.
Size factors Cs and Ks: The size factor accounts for the non-uniformity of material

property in gears that have large dimensions. Transmission gears are normally sized
and the size factor is set to be one.
Load distribution factors Cm and Km: The load distribution factor reflects the varia-

tions of load distribution over the tooth length caused by manufacturing errors, bearing
and shaft misalignments, and deflections. Following the AGMA guidelines, the values of
the load distribution factors, Cm and Km, are selected to be 1 1 1 2.
Life factors CL and KL: The allowable contact and bending stresses, sac and sat, are

established in the AGMA standard for 107 tooth load cycles with 99% reliability. The life
factor is used to modify the allowable stresses if the designed life of gears differs from 107

tooth load cycles. The load cycles of the final drive ring gear are in the order of 108, cor-
responding to roughly 120,000 miles or 190,000 kilometers. The load cycles of the final
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drive pinion can then be approximated as 3 0 5 0 (108). For the gears on the input shaft
in the FWD MT shown in Figure 3.19a, the load cycles can be calculated based on the
percentage of total mileage each gear contributes. This contribution percentage can be
estimated as: 1st gear (1%), 2nd gear (3%), 3rd gear (8%), 4th gear (28%), and 5th gear
(60%). The load cycles of the gears on the output shaft are the multiplication of the con-
tribution percentage and the final drive pinion load cycles. The load cycles of the gears on
the input shaft are then determined by multiplying the respective gear ratio and the load
cycles of the gear on the output shaft. For the RWDMT in Figure 3.19b, the load cycles of
the gears on the counter shaft for each gear can be determined in similar fashion, i.e. by
the multiplication of the respective contribution percentage and the final drive pinion
load cycle. Note that the load cycles for the input gear Ni in Figure 3.19b should be cal-
culated as the multiplication of the ratio No

Ni
and the sum of load cycles of the 1st, 2nd, 3rd,

and 5th gears. After the load cycles are determined, the life factors can then be found
from the AGMA standard plots to modify the allowable stresses.
Temperature factors CT and KT: In general, automotive transmission gears operate at

temperatures below 250 F. The temperature factors are taken as unity.
Reliability factors CR and KR: As mentioned previously, the allowable stresses are

established for 107 tooth load cycles as 99% reliability. This means that statistically there
is one failure out of 100 after 107 tooth load cycles. This reliability is not sufficient for
automotive transmission gears. As recommended by the ASMG standard, the values
of CR and KR can be taken as 1.25, or 1.5 for higher reliability, corresponding to one fail-
ure in a thousand or one failure in ten thousand after 107 tooth load cycles.
The factors described above are common to both the pitting resistance and bending

resistance. Two additional modification factors – the surface condition factor Cf and
the hardness ratio factor CH – are used for the formulation of pitting resistance. One
additional factor, the rim thickness factor KB, is used for the formulation of bending
strength. These factors are explained in the following specifically for transmission gears.
Surface condition factor Cf and hardness ratio factor CH: The surface condition fac-

tor reflects the influence of surface finish and residual stress of the tooth surface on pit-
ting resistance. For automotive transmission gears, Cf can be taken as 1.0 because these
gears are normally sized and have sufficient accuracy in tooth surface finish. The hard-
ness ratio factor CH depends on the gear ratio and the hardness of the pinion and the
gear. In the AGMA standard [11], this factor is plotted against the gear ratio according
to the pinion and gear tooth hardness ratios. For transmission gears, the hardness ratio
factor CH can also be taken as unity since the gear ratio is usually smaller than 4.0 and
there is no significant difference in the tooth hardness between the pinion and the gear.
Rim thickness factor KB: This factor applies to ring gears where gear teeth are man-

ufactured on a thin ring, such as the ring gear of the final drive in the FDW MT in
Figure 3.19a. The ring gear of the final drive is bolted to the differential carrier and must
be designed with sufficient strength and rigidity to support the gear teeth on it. The rim
thickness factor KB is therefore set as unity for transmission gears.

Example A manual gear box for a RWD vehicle is shown in the figure. The normal
diametral pitch, the normal pressure angle and the helical angle of the gears labeled
as Ni, Nc, N1c, N1o, N2c, and N2o are given as: 8, 16, and 20 respectively. Gears Ni
and Nc are standard helical gears. The numbers of teeth of gears for the first and second
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speeds are given with the drawing. All gears on the counter shaft are right-handed. Cal-
culate the following for the gear design:

a) The shaft distance between the input shaft and the counter shaft.
b) The gears N10 and N1c have a tooth length of 0.95 inch. The two gears are designed as

non-standard gears using the long-short addendum system. It is required that the trans-
verse tooth thickness of gearN1c be increased by 10% comparedwith the standard tooth
thickness. Determine the cutter displacements for the two gears and the contact ratio.

c) Determine the operating pressure angle and the sum of the cutter displacements for
gears N2c and N2o.

d) If the engine torque is 200 ft.lb, determine the gear forces on the counter shaft in first
gear. Show the directions of gear force components at the mesh positions. Also, find
the thrust force applied to the counter shaft bearing.

Input shaft

Nc

Ni N3o
N1o

Nro
N5o

N2o

N3c N2c
N2c

Nrc

Nidler

N1c

3-4 Synch.
1-2 Synch.

5-R Synch.

Output shaft

Counter
shaft

N1c= 20

N2c= 23

N1o= 35

N2o= 31

Ni= 18

Nc= 37

Solution:

a) Shaft distance:

Pt = Pn cosβ = 8 cos20
0 = 7 5175

E =
Ni +NC

2Pt
=

18 + 37
2 7 5175

= 3 6581 inches

b) N1c +N1o = 20 + 35 = 55 ≥ 2Nmin, so long-short addendum system can be designed.
Standard tooth thickness:

tstd =
π

2Pt
= 0 2090 inch

Since tN1c = 1 1tstd ,

π

2Pt
+ 2ep tanαt = 1 1 0 2090
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αt = tan
−1 tanαn

cosβ
= tan−1 tan16

cos20
= 16 969

ep =
0 2299−0 2090
2 tan16 969

= 0 03432 inch

eg = −ep−0 03432

Pitch radii:

rp =
20

2 7 5175
= 1 3302; rg =

35
2 7 5175

= 2 3279

Pitch radii:

rbp =
20 cos16 969
2 7 5175

= 1 2723; rg =
35 cos16 969
2 7 5175

= 2 2265

Addendum radii:

rpa = rp +
1
Pn

+ ep = 1 3302 +
1
8
+ 0 03432 = 1 4895

rga = rg +
1
Pn

+ eg = 2 3279 +
1
8
−0 03432 = 2 4186

Contact ratio:

mt =
7 5175

π cos16 969
1 48952−1 27232 + 2 41862−2 22652−3 6581 sin16 969 = 1 062

ml =
PnL sinβ

π
=
8 0 95 sin20

π
= 0 8274

m=mt +ml = 1 062 + 0 82741 = 1 89

c) Gears N2c and N2o must be designed as general non-standard gears to accommodate
the shaft distance determined in (a).

cosαt =
Np +Ng cosαt

2E Pt
=

23 + 31 cossin16 969
2 3 6581 7 5175

= 0 9391

αt = cos
−10 9391 = 20 0990

Inv αt =
2 ep + eg Pt

Np +Ng
tanαt + Inv αt

Inv αt = tan αt −αt = tan20 0990−
20 0990π

180
= 0 01513

Inv αt = tan αt −αt = tan16 9695−
16 9695π

180
= 0 008975

ep + eg =
Inv αt − Inv αt

2Pt tanαt
Np +Ng =

0 01513−0 008975 54
2 7 5175 tan16 9695

= 0 07244 inch
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d) Gear forces:

For gears Ni and Nc Pt = 8 cos20 = 7 5175; rp =
18

2 7 5175
= 1 1972

Contact Force at the mesh of gears Ni and Nc:

N =
Td

rp cosαn cosβ
=

200 12
1 1972 cos16 cos20

= 2219 3 lb

Gear force components on gear Nc:

Fr =N sinαn = 2219 3 sin160 = 611 7 lb

Ft =N cosαn cosβ = 2219 3 cos16 cos20 = 2004 7 lb

Fa =N cosαn sinβ = 2219 3 cos16 sin20 = 729 6 lb

For gears Ni and Nc Td = 200
37
18

= 411 1 ft lb ; rp =
20

2 7 5175
= 1 3302

Contact Force at the mesh of gears Ni and Nc:

N =
Td

rp cosαn cosβ
=

411 1 12
1 3302 cos16 cos20

= 4105 8 lb

Gear force components on gear N1c:

Fr =N sinαn = 4105 8 sin160 = 1131 7 lb

Ft =N cosαn cosβ = 4105 8 cos16 cos20 = 3708 7 lb

Fa =N cosαn sinβ = 4105 8 cos16 sin20 = 1349 7 lb

Resultant thrust on the counter shaft: 1349 7−729 6 = 620 1 lb
Directions of gear forces on the counter shaft:

Nc

Direction of resultant thrust:

X
•

N1c

3.8 Planetary Gear Trains

Gears can be designed in series where all gear axes are fixed with respect to each other or
in systems where one or more gear axes rotate with respect to one another. Such systems
are called planetary gear trains (PGT). There are many PGT types categorized in terms of
their structure or configuration. Two PGT types are widely applied in automotive
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automatic transmissions: simple PGT and Ravigneaux PGT. Simple PGTs can be
designed with one planet gear that meshes with the sun gear and the ring gear, as shown
in Figure 3.20, or two planet gears in series as shown in Figure 3.21.
In the simple PGT shown in Figure 3.20 there are four elements: sun gear, planet gear,

ring gear, and carrier. The number of planet gears does not change the kinematics, but
multiple planet gears, usually four, are used in automatic transmissions for load sharing.
The sun gear and the ring gear rotate about the same axis. A planet gear participates in
two rotations, one about its own axis and the other about the axis of the sun gear. In other
words, the planet gear rotates about its axis which rotates about the sun. The angular
velocities of the sun gear ωS, the carrier ωC, and the ring gear ωR of the simple PGT
in Figure 3.20 are governed by the so-called characteristic equation as follows:

ωS + βωR− 1 + β ωC = 0 3 96

Carrier

ωR

ωc
ωs

Ring gear

Ring gear

Planet gear
Planet gear

Carrier

Sun gear Sun gear

Figure 3.20 Simple planetary gear train.

Ring
Ring

ωR

ωS

ωC

Sun

Sun

Carrier Carrier

Planet 2

Planet 2

Planet 1

Planet 1

Figure 3.21 Dual-planet simple planetary gear train.
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where β is the planetary parameter that is equal to the ratio between the numbers of teeth
in the ring gear and in the sun gear (β = NR

NS
). As can be observed from Eq. (3.96), the sim-

ple planetary train has two degrees of freedom, since only the characteristic equation
constrains the three angular velocities. If one of the three angular velocities is given
as input, the other two are not defined unless an additional constraint is imposed. In
automatic transmissions designed with planetary gear trains, the additional constraints
are from hydraulically actuated clutches.
In the dual-planet PGT shown in Figure 3.21, the carrier supports two planet gears in

series, and the mesh path is sun gear – planet gear 1 – planet gear 2 – ring gear. Each
planet gear group, planet 1 or planet 2, contains multiple planet gears for load sharing
in automatic transmission applications. The characteristic equation governing the
three angular velocities differs from Eq. (3.96) only by the sign before the planetary
parameter β:

ωS−βωR− 1−β ωC = 0 3 97

The structure of a Ravigneaux planetary gear train is shown in Figure 3.22. A Ravigneaux
PGT consists of sun gear 1, sun gear 2, long planet gear, short planet gear, carrier, and
ring gear. In terms of kinematics, a Ravigneaux PGT can be considered as the combina-
tion of a simple planetary PGT and a dual-planet PGT with a shared carrier and a shared
ring gear. There are twomesh paths in the Ravigneaux PGT: sun gear 1– long planet gear –
ring gear; and sun gear 2 – short planet gear – long planet gear – ring gear. Here, Eq. (3.96)
applies to the first mesh path and Eq. (3.97) applies to the second mesh path. The charac-
teristic equations that govern the angular velocities of a Ravigneaux PGT are:

Sun gear 1

Short planet gear Long plan

Sun gear 2
Ring gear

Carrier

Short planet

gear

Long planet

gear

Sun gear 1

Sun gear 2

Common planet

Common Carrier

Common ring

Sun 1

Sun 2

Ring gear

ωS2

ωS1

ωC ωR

Figure 3.22 Ravigneaux planetary gear train.
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ωS1 + β1ωR− 1 + β1 ωC = 0 3 98

ωS2−β2ωR− 1−β2 ωC = 0 3 99

where ωS1 and ωS2 are the angular velocities of sun gear 1 and sun gear 2 respectively. ωC

and ωR are the angular velocities of the carrier and the ring gear, β1 is the ratio between

the number of teeth in the ring gear and the number of teeth the sun gear 1
NR

NS1
, and

β2 is the ratio between the number of teeth in the ring gear and the number of teeth in the

sun gear 2
NR

NS2
. It can be observed from Eqs (3.98) and (3.99) that the Ravigneaux PGT

also has two degrees of freedom. The four angular velocities, ωS1, ωS2, ωC, and ωR, are
constrained by two equations. When one angular velocity is given as the input, there
must be an additional constraint for the motions to be defined. The Ravigneaux PGT
offers a compact design in automatic transmissions since it provides the functionality
of two simple PGTs.
When a planetary gear train is loaded in the transmission of power, members in the

PGT are subjected to externally or internally applied torque. In transmission applica-
tions, external torque can be applied to the sun gear, carrier, or ring gear through the
input, reaction, or output, as will be detailed in Chapter 5. The internal torque is applied
on the other PGT members. Similar to the angular velocities, the torque magnitudes on
PGT members are related to the planetary parameter, and the direction of the internal
torque on each member depends on the PGT type.

3.8.1 Simple Planetary Gear Train

The directions of the internal torques on the sun gear, the carrier, and the ring gear of a
simple PGT are shown in Figure 3.23a. Note that only the relative directions are shown in
the figure for the internal torques. For the simple PGT, the internal torques on the sun
gear and on the ring gear have the same direction, but the internal torque on the carrier is
in the opposite direction, as shown in Figure 3.23a. The internal torque on the sun gear
with a magnitude of TS is applied to the sun gear via the mesh between the planet gear
and the sun gear. The internal torque on the ring gear with a magnitude of TR is applied
to the ring gear via the mesh between the planet gear and the ring gear. Themagnitude of
the torque on the carrier is the algebraic sum of the torques on the sun gear and on the

Sun torque

(a) (b)

Carrier torque
Carrier torqueRing torque

Torque directions for simple PGT Torque directions for dual-planet PGT

Ring torqueSun torque

TS

TC
TC

TR

TR

TS

TS

TS

TR
TR

Figure 3.23 Internal torque directions for simple and dual-planet PGTs.
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ring gear. For convenience and clarity the carrier and the planet can be considered as one
body in drawing the torque diagrams for automatic transmissions that involve multiple
planetary gear trains. The torque on the sun gear and the torque on the carrier–planet
assembly are action and reaction, and so have the same magnitude but opposite direc-
tions. Similarly, the torque on the ring gear and the torque on the carrier-planet assembly
are also action and reaction, as shown in Figure 3.23a. The magnitudes of the torque on
the sun gear, the torque on the ring gear, and the torque on the carrier are related by the
following equations:

TR = βTS 3 100

TC = 1 + β TS 3 101

3.8.2 Dual-Planet Planetary Gear Train

The directions of the internal torques on the sun gear, the carrier, and the ring gear of a
dual-planet PGT are shown in Figure 3.23b. For the dual-planet PGT, the internal tor-
ques on the sun gear and on the ring gear have the opposite direction. The internal tor-
que on the sun gear with a magnitude of TS is applied to the sun gear via the mesh
between the planet gear 1 and the sun gear. The internal torque on the ring gear, with
a magnitude of TR, is applied to the ring gear via the mesh between the planet gear 2 and
the ring gear. The magnitude of the torque on the carrier is the algebraic sum of the tor-
ques on the sun gear and the ring gear. The magnitudes of the torques on the sun gear,
the ring gear, and the carrier are related by the following:

TR = βTS 3 102

TC = β−1 TS 3 103

Since the planetary parameter β is always larger than one, the direction of the internal
torque on the carrier is always the same as the direction of the torque on the sun gear in a
dual-planet PGT, and the magnitude of the ring gear torque is the sum of the sun gear
torque and the carrier torque.

3.8.3 Ravigneaux Planetary Gear Train

The directions of the internal torques on themembers of a Ravigneaux PGT are shown in
Figure 3.24. Note that the Ravigneaux PGT is treated as the combination of a simple PGT
and a dual-planet PGT. The torque magnitudes for a Ravigneaux PGT are related by the
following:

TR1 = β1TS1 3 104

TC1 = 1 + β1 TS1 3 105

TR2 = β2TS2 3 106

TC2 = β2−1 TS2 3 107

In automatic transmissions, there are multiple PGTs with members structurally inter-
connected. Equations (3.96–3.99) are used to constrain the angular velocities and accel-
erations of PGT members and other drive train components in the powertrain system.
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Equations (3.100–107) are used to relate the transmission input, output torque, and
clutch torques, as detailed in Chapter 5.
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Problems

1 A six-speed RWDMT is shown in the figure. The following data are given in the gear
design:

Input gears: Ni = 26, Nc = 29, normal diametral pitch: 12, normal pressure angle:
20 ; helical angle: 25 , tooth length: 0.95 inch.
First speed: N10/N1c = 41/13, normal diametral pitch: 12, normal pressure angle:

20 , helical angle: 25 .
Sixth speed: N60/N6c = 21/34, normal diametral pitch: 12, normal pressure

angle: 20 , helical angle: 25 .

5-6 Synch.

Input shaft

1-2 Synch.

3-4 Synch.

Rev. synch.

Output shaft
Ni

N6o
N3o

N4o N2o
N1o

Nro

Nri

NrcN1c

N2cN4c
N3c

N6cNc

Counter

shaft

All the gears on the counter shaft are right handed. The transmission efficiency is
0.98 and the final drive efficiency is 0.97.
a) The input gears Ni and Nc are designed as standard gears. Determine the con-

tact ratio.
b) The tooth thickness of gear N1c is designed to be 20% larger than the standard

tooth thickness. Determine the tooth thickness of gears N1c and N10.
c) The vehicle is running in 6th gear at a speed of 65 miles on a 1% slope and with an

acceleration of 2 ft/s2. Determine the gear forces on the counter shafts, and the
resultant thrust on the bearing on the counter shaft. Youmust show the direction
of each gear force and the thrust.

d) An optional 6th gear ratio of 0.7215 is to be made available for the transmission
by redesigning the six gears N60 and N6c only. The redesigned 6th gears must be
standard helical gears with normal diametral pitch equal to 12 and normal pres-
sure angle equal to 20 . The number of teeth N6c must be kept the same at 34.
Determine the helical angle of the resigned 6th gears.

Vehicle data:

Front axle weight: 1900 lb Rear axle weight: 1500 lb
Center of gravity height: 14 in. Wheel base: 108 in.
Air drag coefficient: 0.30 Frontal projected area: 21 sq. ft
Tire radius: 11.0 in Roll resistance coefficient: 0.02
Mass factor: 1.0 Final drive ratio 3.21
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Prob. 2: A six-speed FWDMT is shown in the figure. The gears for the 1st speed, the
6th speed, and the final drive are standard helical gears. The following data are given
in gear design:

First speed: gear ratio: 3.3846, number of teeth of gear N1i: 13, normal diametral
pitch: 12, normal pressure angle: 20

Sixth speed: numbers of teeth: N6i/N60 = 36/23, normal diametral pitch: 12, nor-
mal pressure angle: 20 , helical angle: 25 , tooth length: 0.8 in.

Final drive: numbers of teeth: 59/18, normal diametral pitch: 10, normal pressure
angle: 20 ; helical angle: 21

All gears on the output shaft are left handed. The overall drive line efficiency from
transmission input to final drive output is .96 and the final drive efficiency is .97.
a) Determine the contact ratio of the 6th gears.
b) Determine the pitch radii for the gears of the 1st speed.
c) The vehicle is running in 6th gear at a speed of 65 mph on a 1% slope and with an

acceleration of 2 ft/s2. Determine the gear forces on the output shafts and the
resultant thrust on the bearing on the output shaft. You must show the direction
of each gear force and the thrust.

d) An optional final drive is fitted into the same transmission housing. The numbers
of teeth of the optional final drive gears are: 59/16, the normal diametral pitch is 10,
the normal pressure angle is 20 , and the helical angle is 21 . The tooth thickness of
the pinion (the gear with 16 teeth) is to be designed 40% thicker than the standard
tooth; determine the cutter displacements for the two gears of the final drive.

Vehicle data:

Front axle weight: 1900 lb Rear axle weight: 1500 lb
Center of gravity height: 14 in. Wheel base: 108 in.
Air drag coefficient: 0.30 Frontal projected area: 21 sq. ft
Tire radius: 11.0 in. Roll resistance coefficient: 0.02
Mass factor: 1.0

1-2 Synch.

5-6 Synch. 3-4 Synch.

Input shaft

Output shaft

N6i

N6o N5o N1o
Nro N2o N3o

N4o
NFo

N5i N1i
Nri

N2i N3i N4i

NFi
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4

Torque Converters

4.1 Introduction

The invention of fluid couples, over a hundred years ago, was credited toH. Foettinger [1].
The fluid couple, with two elements, the impeller as input and the turbine as output, was
later improved by adding the reactor between the two elements to become the torque con-
verter. These hydraulic devices were first applied in the driving systems of ship propellers.
The development of torque converters for applications in automotive powertrains dates
back to the 1920s [1]. In the US automotive industry, fluid couples were already being
applied in the 1930s in transmissions for production passenger cars and city buses [2].
The application of torque converters in automatic transmissions of passenger cars started
to take off in the mid 1940s. By the late 1940s, automatic transmissions with torque con-
verters were already in mass production [3,4]. The market demand for family cars grew
rapidly in the booming economy afterWWII, and this called for the development of auto-
matic transmissions for passenger automobiles that would offer comfort and operation
easiness. Torque converter, due to its input and output characteristics, proved to be a per-
fect fit between the engine output and the transmission input. The application of torque
converters in the automotive industrywas sowidespread thatmore than 70%of passenger
automobiles sold in 1960 in theUSAwere already equippedwith automatic transmissions
with these devices [5]. It can be stated that torque converter equipped automatic automo-
biles are indispensable for daily transportation in today’s society.
Although torque converters can be applied in a variety of machinery, their application

in automotive transmissions is by far the most dominant. Today the vast majority of
automatic vehicles, if not all of them, are equipped with one of the three types of auto-
matic transmissions: (1) conventional automatic transmission that is commonly termed
just automatic transmission (AT) since it had been applied in the industry almost exclu-
sively for decades before the other two types were applied in significant scale: (2) con-
tinuously variable transmissions (CVT), and (3) dual-clutch transmissions (DCT).
Torque converters are applied in all ATs and in the vast majority of CVTs. It is not nec-
essary to use torque converters in DCTs since the vehicle launch is realized by control-
ling the slippage of one of the dual clutches. However, Honda recently developed a DCT
that is equipped with a torque converter to improve vehicle launch control and applied it
for a popular passenger car [6]. It is likely that the market share of automatic vehicles
equipped with torque converters will still grow, as customers in emerging markets are
buying more driver-friendly automobiles.
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The in-depth research and development conducted by the US automotive industry in
the 1940s and 1950s established the standards for torque converter design and applica-
tion for automotive transmissions. Pioneering works on torque converter design, man-
ufacturing, and applications can be found in the SAE publication [4] “Design Practices:
Passenger Car Automatic Transmissions”. This publication provides a collection of
classic technical papers that detailed the operation, analysis, and design optimization
of torque converters [3,5,7–11]. The advancement and maturity of torque converter
technologies today is thanks to the original technical contributions represented in these
papers.
The objective of this chapter is to provide readers a systematic description on the

structure, operation principles, and input–output characteristics of torque conver-
ters. The chapter starts in Section 4.2 with the basic structure and geometry of tor-
que converters with lock-up capability and a qualitative analysis on the functionality.
Then Section 4.3 follows on with the mechanism of fluid circulation and torque mul-
tiplication, including topics on fluid velocity diagrams, analysis of the angular
momentum of automatic transmission fluid (ATF) circulating inside the torque con-
verter, and torque formulations on the three torque converter elements. Section 4.4
presents the torque capacity formulation and input–output characteristics of torque
converters. The section ends with the modeling of the joint operation of the
complete vehicle system that consists of engine, torque converter, transmission,
and the vehicle itself. The conventions on torque converter terminologies in SAE
publications are used throughout this chapter wherever appropriate. For detailed
torque converter blade designs, readers are referred to specific SAE publications
and guidelines [3,5].

4.2 Torque Converter Structure and Functions

Torque converters used in automatic transmissions today consist of four elements:
impeller, reactor, turbine, and pressure plate. The impeller, reactor, and turbine are basic
elements that realize the functionality of a torque converter. The pressure plate is
designed to lock up the torque converter as a mechanical link between the engine
and the transmission input. As shown in Figure 4.1, the impeller, which is also called
the “pump”, is always rigidly connected to the engine flywheel; the turbine is the output
element and is connected to the transmission input; and the reactor or stator is placed
between the impeller and the turbine. The reactor is fixed with the outer race of a one-
way clutch whose inner race is grounded to the transmission housing and is thus allowed
to rotate in only one direction. The torque converter cover is welded to the impeller and
forms an enclosure with the impeller, which contains the turbine, the reactor, and the
automatic transmission fluid (ATF). The pressure plate is splined to the turbine shaft
and is machined with a friction surface. When the pressure plate is pushed against
the inside wall of the cover by the ATF under pressure, the friction generated on the con-
tacting surfaces of the cover and the pressure plate will lock up the torque converter,
forming a mechanical coupling between the engine and transmission. The pressure plate
assembly includes a torsional spring damper which cushions the impacts during
locking up.
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Torque converters provide several important functions for vehicle powertrain systems:

a) To multiple the engine output torque at lower turbine rotational velocity, which cor-
responds to low vehicle speed. This function is very useful since it helps launch the
vehicle quickly and smoothly while the engine is running in a low torque RPM range.
The torque multiplication is realized by the reactor which is not allowed to rotate by
the one-way clutch at low turbine speed and thus provides a reaction through the ATF
to the turbine. Without the reactor, the impeller and the turbine just form a fluid cou-
ple between the engine and the transmission input.

b) To form a fluid couple between the engine and the transmission after the turbine
speed gets close to the impeller speed. As the turbine speed increases to a certain
point, termed the coupling point, the ATF circulating inside the torque converter will
enter the reactor from the turbine in such a way that its impact on the reactor blades
starts to turn the reactor in the direction allowed by the one-way clutch. The torque
multiplication function no longer exists after the coupling point, and the torque con-
verter becomes a fluid couple. Functioning as a fluid couple, the torque converter
dampens the dynamic transients in the powertrain system and enhances transmission
shift smoothness.

c) To provide crawl and hill holding capability. This function can be considered as
the combined result of functions (a) and (b). When an automatic vehicle is stopped
with the engine running at idle, the small engine output torque will be transmitted
by the torque converter to the transmission input, generating sufficient driving
force to move the vehicle forward at low speed on level ground. If the vehicle
is stopped in an uphill position, this driving force prevents the vehicle from slip-
ping backward up to a certain grade percentage even if the brake pedal is not
pressed.

d) To provide a mechanical link between the engine and the transmission. When the
torque converter functions as a fluid couple, the torque on the turbine is the same
as the torque on the impeller, but the turbine speed always lags behind the impeller
speed. This represents a power loss due to the friction between the ATF and the con-
verter interior surfaces, internal ATF leakage, and turbulence. This power loss is con-
verted to an ATF temperature rise. After the torque converter is locked by the
pressure plate, it just becomes a mechanical link with no more power loss.

Impeller
(pump)

Reactor

Turbine

Damper

Pressure

plate
Converter

cover

Figure 4.1 Torque Converter Elements.
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4.2.1 Torque Multiplication and Fluid Coupling

The torquemultiplicationmechanism in a torque converter can be analysed qualitatively
as follows. As the impeller turns with the engine, automatic transmission fluid (ATF)
enters the torque converter and soon fills it up. The ATF then circulates continuously
within the torque converter between the impeller, turbine, and reactor. To simplify the
analysis on ATF circulation, let’s consider the circulation of a single drop of ATF. This
drop enters the impeller at the juncture between the reactor and the impeller, and then
travels outward on the surface of an impeller blade due to the centrifugal effect from the
impeller rotation. It then enters the turbine at the juncture between the impeller and the
turbine, producing an impact on the turbine. This impact from the ATF causes the tur-
bine to rotate. After entering the turbine, the fluid drop travels on the surface of a turbine
blade toward the juncture between the turbine and the reactor. When the fluid drop exits
the turbine and enters the reactor, it may impact either side of the reactor blade, depend-
ing on the direction of the absolute velocity of the fluid drop in its circulation motion.
The force from this impact tends to rotate the reactor in the direction conducive to the
ATF flow. However, due to the constraint from the one-way clutch, the reactor is only
allowed to rotate in one direction, as shown in Figure 4.2. If the fluid drop impacts the
blade side such that the rotation of the reactor is not allowed by the one-way clutch, it will
be deflected or redirected upon impact, resulting in a reaction to the turbine blade and
increasing the torque on the turbine. If the fluid drop impacts the other side of the reac-
tor blade, the impact force will then turn the reactor as allowed by the one-way clutch.
The motion of the fluid drop is thus continuous without deflection, resulting in no reac-
tion to the turbine and thus no turbine torque increment. The torque converter then
functions as a fluid couple.

STATOR

Rotation allowed

ATF flow

redirected

One-way

clutch

Figure 4.2 Reaction from the reactor.
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The absolute velocity of the fluid drop circulating in the torque converter is the vector
sum of its relative velocity with respect to the blade and the transfer velocity with the
blade. The relative velocity is in the direction tangential to the blade and the transfer
velocity is caused by the rotation of a torque converter element and is perpendicular
to the radial direction. Therefore, both the magnitude and the direction of the absolute
velocity of the fluid drop at the turbine exit, or the reactor entrance, depend on the angu-
lar velocity of the turbine. Because of the design of the blade geometry, the ATF impact
force when it enters the reactor cannot turn the reactor when the turbine angular velocity
is low, resulting in the turbine torque increasing as mentioned previously. The absolute
velocity of the fluid drop will change as the turbine angular velocity increases. At some
point, the direction of the fluid drop velocity at the turbine exit or the reactor entrance
will be such that the fluid drop enters the reactor from the blade side which produces the
impact to turn the reactor in the direction allowed by the one-way clutch. This point is
defined as the coupling point of the torque converter. If not locked up, the torque con-
verter just behaves as a fluid couple, with equal torque on the impeller and the turbine,
and with the turbine speed lagging behind the impeller speed by a small amount.

4.2.2 Torque Converter Locking up

There is an apparent power loss when a torque converter functions as a fluid couple
because the turbine speed lags behind the impeller speed. Torque converters with
lock-up clutch are designed to salvage that power loss. The unlocked and locked posi-
tions of a torque converter are shown in Figure 4.3a and 4.3b respectively. In the locked
position shown in Figure 4.3b, applied ATF flows between the turbine shaft and the fixed
support that is splined with the reactor, and empties the right side of the pressure plate.
The pressure plate is thus pressed by the ATF on its left side against the cover to lock up
the torque converter. Note that the AFT enters the pressure plate apply side (left side as
shown) from the converter inside through the small gap between the turbine and the
impeller and holes drilled on the turbine shell. In the unlocked position shown in
Figure 4.3a, released AFT enters the right side of the pressure plate to disengage the
clutchFigure. There are other designs of torque converter locking clutch. For example,
a multiple disk clutch can be placed between the turbine and the converter cover, with

Turbine Pressure plate Converter
cover

Friction
area

Contact

Torsional

spring

Reactor

Impeller

Release ATF Apply ATF

(a) (b)

Figure 4.3 Torque converter lock-up mechanism.
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friction disks and plates splined to a hub and a drum attached to the turbine and the
cover respectively. In this design, the hydraulic circuit for the engagement and release
of the lock-up clutch can be separated from the ATF circuit for the torque converter
operation.

4.3 ATF Circulation and Torque Formulation

In a torque converter, power is transmitted from the impeller to the turbine by ATF cir-
culation inside the torque converter. Based on Newton’s second law, the torque applied
on a torque converter element is equal to the change of angular moment with respect to
time of the AFT circulating inside the element from the entrance to the exit. The angular
momentum of a single drop in the AFT continuum depends on its velocity and position
inside the torque converter. Computational fluid dynamics can be applied to study the
ATF circulation as a continuum for torque converter dynamic behavior and design opti-
mization [10]. To simplify the problem, the torque formulations in this section will be
based on the concept of the mean effective flow, or design path, as defined in SAE pub-
lications on torque converters [4]. In this simplified formulation, AFT circulation as a
continuum is assumed to be equivalent to the mean effective flow along the design path.
For readers’ convenience, the text throughout this section will follow SAE conventions in
terminologies and definitions on torque converters.

4.3.1 Terminologies and Definitions

The section view (i.e. the view on a plane that contains the axis) of a torque converter is
shown in Figure 4.4. This section view is commonly termed the torus section, which is
used to define the geometry, dimension and other features of a torque converter as
described in the following.

Impeller

(a)

(b)

Element line

Circulating velocity

Shell

Core

Pressure plate

Design path

Turbine

One-way
clutchReactor

Output shaft

D

r2

γ

ωiωt

r3 r1

rc

rs

F

Figure 4.4 Torque converter terminologies and definitions.
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Design path: The design path is a circle on the torus section that is assumed to be the
mean flow path of ATF circulating as a continuum in the three elements of the torque
converter. The ATF circulating velocity is always tangential to the design path, as shown
in Figure 4.4a. There are an infinite number of axial sections or torus sections, and the
design paths on all torus sections form a circular tube about the converter axis.
Shell: The shell is the outside boundary of the AFT continuum and is physically the

inside wall of the shell of a torque converter element. The inside walls of the shells of the
three elements jointly form a tube-like surface.
Core: The core is the inside boundary of the ATF continuum and is physically the out-

side wall of the core of a torque converter element. ATF is contained between the core
and the shell in the torque converter. The core is also a tube-like surface.
Element line: The element line is perpendicular to the design path on the torus

section and is used for the design of blade geometry [3]. A set of element lines is arranged
on the torus section on each element and the position of each element line is defined by
the angle γ formed by the element line with respect to the vertical axis. The element line
intersects the shell and the core on a torus section at radius rs and rc respectively, as
shown in Figure 4.4b.
Maximumdiameter of flow path: As shown in Figure 4.4b, the maximum diameter of

flow path D is defined at the point in the ATF flow circuit that is the farthest from the
converter axis. It is actually the outer diameter of the shell. The maximum flow path
diameter is the most important design parameter that determines the torque converter
torque capacity, as will be shown later.
Entrance and exit radii: These radii are at the junctures between the three elements.

The radius at reactor exit and impeller entrance is r1, the radius at impeller exit and tur-
bine entrance is r2, and the radius at turbine exit and reactor entrance is r3. In design
practice, r1 = r3, and r2 is approximately equal to r1.
ATF flow area: The flow area is measured between the core and the shell of an element

in the direction perpendicular to the AFT circulation velocity. This area is formed by an
element line in Figure 4.4b performing a full revolution about the converter axis. The
ATF flow area is denoted as A and can be calculated by the following equation in terms
of radii rs and rc, and angle γ defined by an element line:

A=
π r2s − r2c

cos γ
4 1

For optimized torque converter performance, it is beneficial to keep the flow area A
approximately a constant along the design path. This is possible by properly designing
the shape and dimension of the shell and the core, as demonstrated in the classic paper by
V.J. Jandasek [3].
Blade entrance and exit angles: The blade surface of a converter element is highly

three dimensional. In each element, the blade surface intersects the circulating tube sur-
face formed by the design path, as shown in Figure 4.5. The curve of this intersection is
called themean blade curve and is used to define the blade geometry. The ATFmotion in
an element is assumed to be equivalent to the motion of an ATF drop along the mean
blade curve.
The motion of an ATF drop along the mean blade curve on an impeller blade is shown

in Figure 4.6. At any point P along the mean blade curve, the absolute velocity of the ATF
drop is the vector sum of two velocities, namely, the relative velocity whose direction is
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Figure 4.6 AFT velocities and blade angle definition.
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along the tangent to the mean blade curve, and the transfer velocity whose direction is
perpendicular to radial direction at point P. Following the convention in SAE publica-
tions, the absolute velocity, the relative velocity, and the transfer velocity are denoted
by V, W, and U respectively, with a subscript indicating element and bold letters or
arrows indicating vectors. Denoted by F in Figure 4.5, the circulating velocity is tangent
to the design path and is contained in the axial section. A prime is used for a velocity
component at the entrance of an element to distinguish it from the exit. The angle
between the relative velocity and the transfer velocity is defined as the blade angle. Geo-
metrically, the blade angle is formed between the tangent to the mean blade curve and
the normal to the axial plane at point P. The blade angles at the entrance and the exit are
the entrance angle and exit angle respectively.
ATF mass circulating rate: It is apparent that the ATF volumetric circulating rate is

(AF). The ATF has a constant density ρ since it is considered incompressible. The ATF
mass circulating rate, i.e. the ATF mass flow (AFρ , is therefore also a constant in the
converter elements if leakage is not considered. Similar to a centrifugal pump, the mass
circulating rate in a torque converter is proportional to the impeller (pump) speed. For a
given impeller speed, the mass circulating rate in a converter element can be assumed to
be a constant, resulting in a constant circulating velocity F since the circulating areaA is a
almost constant by design.
Speed ratio: The torque converter speed ratio, denoted as is, is defined as the angular

velocity of the turbine divided by the angular velocity of the impeller, i.e. is =
ωt
ωi
. As an

operating parameter, the speed ratio is used to define a range of variables related to tor-
que converter performance, as will be detailed later.
Torque ratio: The torque converter torque ratio, denoted as iq, is defined as the torque

on the turbine or the output torque divided by the torque on the impeller or the input
torque, i.e. iq =

Tt
Ti
. For a typical torque converter used for automatic transmissions, the

torque ratio varies between the stall ratio, which is approximately equal to 2.0, to the
coupling torque ratio which is always equal to 1.0.
Efficiency: The torque converter efficiency is the ratio between the output power and

the input power. Apparently, the efficiency is equal to the multiplication of the speed
ratio and the torque ratio, i.e. η= ωtTt

ωiTi
= isiq.

4.3.2 Velocity Diagrams

Since the AFT circulation is assumed to be along the design path that is always on the
axial plane, the transfer velocity is always perpendicular to the circulating velocity. Geo-
metrically, the directions of the circulating velocity and the transfer velocity are respec-
tively along the two mutually perpendicular tangents at point P on the surface of the
circulating tube. These two tangents define the tangent plane of the circulating tube sur-
face at point P. Since the mean blade curve is the intersection between the blade surface
and the circulating tube surface, the tangent line to the mean blade curve at point Pmust
be on the tangent plane. Therefore, the circulating velocity F, the transfer velocityU, and
the relative velocityW are contained within the tangent plane at point P to the surface of
the circulating tube shown in Figure 4.5. At any point along the design path, the absolute
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velocity of an ATF drop is the vector sum of its relative velocity and transfer velocity as
follows:

V =W +U 4 2

The magnitude of the transfer velocity depends on the element angular velocity and
the radial distance to the converter axis. Velocity diagrams for ATF circulation can be
constructed for the three converter elements based on Eq. (4.2) and blade geometry
under various operation conditions. Figure 4.7 shows the velocity diagrams when the
reactor is not turning and the converter functions as a torque multiplier.
While drawing the velocity diagrams shown in Figure 4.7, the angular velocities of the

impellerωi is considered as given and the circulating speed F is also a given constant. The
velocity components are shown on the plane formed by the transfer velocity U and cir-
culating velocity F. The drawing starts at the impeller entrance with radius r1. The mag-
nitude of the transfer velocity at the impeller entrance, Ui , is equal to ωir1, and the angle
between the relative velocity Wi and the transfer velocity Ui is the impeller blade
entrance angle αi. The circulating velocity F is the projection of the absolute velocity
V1 on the tangential direction to the design path and the tangential component S1 is
the projection of the absolute velocity V1 on the tangential direction of the plane of rota-
tion, with subscript 1 indicating radius r1.
After entering the impeller, the ATF drop moves along the mean blade curve of the

impeller blade surface toward the exit at radius r2. At the impeller exit, the magnitude
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Figure 4.7 Velocity diagrams for impeller,
turbine, and reactor.
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of the transfer velocity Ui is higher than that at the entrance and is equal to ωir2. The
angle between the relative velocity Wi and the transfer velocity Ui is the impeller exit
angle αi. The velocity diagram is uniquely defined since the magnitude of circulating
velocity F is a constant. Based on the velocity diagrams for the impeller at the
entrance and exit, there exist the following relations between the impeller velocity
components:

S1 =Ui +
F

tan αi
= ωir1 +

F
tan αi

4 3

S2 =Ui +
F

tan αi
= ωir2 +

F
tan αi

4 4

At the turbine entrance, the ATF absolute velocity V2 is the same as that at the impeller
exit. For a given turbine angular velocity ωt, the magnitude of the transfer velocity Ut is
calculated as ωtr2. The relative velocity Wt is then determined by the vector parallelo-
gram. At the turbine exit, the magnitude of the transfer velocity Ut is calculated as
ωtr3. The relative velocityWt is along the blade tangent that forms the exit angle αt with
the transfer velocity Ut. The velocity diagram at the turbine exit leads to the following
relation on the velocity components:

S3 =Ut +
F

tan αt
= ωtr2 +

F
tan αt

4 5

When the reactor is not turning, the transfer velocity for the ATF moving on the reac-
tor blade is zero. The absolute velocity at the reactor entrance is the same as that at the
turbine exit. The velocity diagrams at the reactor entrance and exit can be easily con-
structed as shown at the top of Figure 4.7.
The velocity diagrams in Figure 4.7 illustrate the velocity components of ATF circulat-

ing inside the torque converter and the relationship between them. Several important
observations and design recommendations can be made about these diagrams for a bet-
ter understanding on blade geometry and ATF circulation:

• The geometric blade exit angle is equal to the angle formed between the relative veloc-
ity and the transfer velocity, but the same is not true in general for the geometric blade
entrance angle. This can be explained by the velocity diagrams at the impeller exit and
the turbine entrance in Figure 4.7. The impeller exit angle αi is the same as the angle
formed between the ATF relative velocityWi and the transfer velocityUi, whose vector
sum determines the AFT absolute velocityV1. The AFT absolute velocity at the turbine
entrance is the same as V1 due to AFT flow continuity. The relative velocity Wt is
determined by the velocity parallelogram defined by V1 and the transfer velocity Ut
which depends on the turbine angular velocity ωt. Therefore, the angle between the
relative velocityWt and the transfer velocityUt , denoted as αt in Figure 4.7, is generally
not equal to the geometric turbine blade entrance angle. As a matter of fact, there
exists only one turbine angular velocity at which the geometric blade entrance angle
will be equal to the angle formed between the relative velocity Wt and the transfer
velocity Ut . The same is true for the entrance angles for the reactor and the impeller.

• To minimize ATF flow shock loss at an exit and entrance juncture, the blade entrance
angle should be equal to the angle formed between the relative velocity and the transfer
velocity. However, this is not possible since torque converter elements turn at different
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speeds that affect the ATF velocity direction. According to the research data in SAE
publication [4], the angles between the relative velocity and the transfer velocity at the
entrances of the impeller and the reactor, αi and αr , as denoted in Figure 4.7, vary in
wide ranges from around 30 to 150 while at the turbine entrance, the angle varies in a
much narrower range between about 22 to 45 . As recommended in [3,4], the
entrance angles of the impeller, turbine, and reactor are optimized at a speed ratio
of 0.7 for optimized results in stall torque ratio, efficiency, high coupling speed, and
characteristics. Typical blades that provide the optimized trade-off between stall ratio,
efficiency, and coupling characteristics are also recommended in SAE publication [4].
For example, a torque converter with a 12 inch design path diameter, the blade angles
are designed as: αi = 75 , αi = 105 ; αt = 150 , αt = 32 ;αr = 22 , αi = 90 .

• The velocity diagrams in Figure 4.7 are constructed for the torque converter operation
when the reactor is not turning. As shown at the top of Figure 4.7, the absolute AFT
velocity at the reactor entrance V3 is directed in such a way that the impact of the ATF
flow upon the reactor blade cannot turn the reactor because of the constraint from the
one-way clutch. As the turbine speed increases, the magnitude of the transfer velocity
Ut will also increase and thus the direction of V3 will change, as shown in the velocity
diagram at the turbine exit. The angle between V3 and the tangential direction on the
plane of rotation, αr shown in Figure 4.7, varies gradually from a value larger than 90
to a value smaller than 90 . When this happens, the impact of the ATF flow upon the
reactor blade will cause the reactor to turn in the direction allowed by the one-way
clutch. The torque converter then reaches the coupling point and functions just as
fluid couple.

4.3.3 Angular Momentum of ATF Flow and Torque Formulation

For an ATF drop circulating inside the torque converter, its angular momentum about
the converter axis is the cross product between its position vector from the axis and its
linear momentum. The component of the angular momentum of the ATF drop about the
converter axis is equal to (msr), where m is its mass, s is the tangential component of its
absolute velocity on the plane of rotation, and r is its radial distance from the converter
axis. For simplicity, the AFT is assumed to be circulating inside the torque converter as a
continuum along the design path. The change of ATF circulation status over time Δt is
shown in Figure 4.8 for the impeller. At any arbitrary time t during torque converter
operation, the ATF continuum is fully contained between the core and the shell of
the impeller, as shown in Figure 4.8a. At time t +Δt , a small amount of the ATF con-
tinuum moves into the impeller at the entrance and the same amount moves out of the
impeller at the exit since the ATF is assumed to be incompressible, as shown in
Figure 4.8b. The mass of the ATF amount moving into or moving out of the impeller
is equal to (AFΔtρ), where ρ is the mass density of the ATF, A is the ATF flow area
in Eq. 4.1, and F is the ATF circulating velocity. The angular momentum of the ATF
amounts that moves into or out of the impeller are therefore (AFΔtρs1r1) and
(AFΔtρs2r2) respectively, with r1 as the radius at the impeller entrance and r2 as the radius
at the impeller exit. As can be observed from Figure 4.8, the only change on the status of
the ATF continuum over time Δt occurs at the impeller entrance and exit. According to
the principle of angular impulse and momentum, the following equation applies to
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the ATF continuum contained between the core and shell of the torque converter
impeller:

TiΔt =AFΔtρS2r2−AFΔtρS1r1 4 6

where the left side is the angular impulse of torque Ti that is applied to the ATF contin-
uum over time Δt and the right side is the change of angular momentum of the ATF
continuum contained inside the impeller. It is obvious that the torque applied to the
impeller by the ATF continuum has the same magnitude as Ti, which can be determined
by dividing Eq. (4.6) on both sides by Δt, i.e.

Ti =AFρS2r2−AFρS1r1 =AFρ S2r2−S1r1 4 7

The torque equation for the turbine and reactor can be derived by following the same
procedure, as presented in the following:

Tt =AFρS3r3−AFρS2r2 =AFρ S3r3−S2r2 4 8

Tr =AFρS1r1−AFρS3r3 =AFρ S1r1−S3r3 4 9

It is apparent that the sum of the torque on the impeller, turbine, and reactor is equal to
zero, i.e. Ti +Tt +Tr = 0, since the torque converter as a whole body must be in equilib-
rium. The torque equations, Eqs (4.7–4.9), can also be expressed as follows by the sub-
stitution of S1, S2, and S3 from Eqs (4.3–4.5):

Ti =AFρ S2r2−S1r1 =AFρ ωi r
2
2 −r

2
1 + F

r2
tan αi

−
r1

tan αi
4 10
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Figure 4.8 Angular momentum change of ATF continuum over time Δt.
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Tt =AFρ S3r3−S2r2 =AFρ ωtr3r2−ωir
2
2 + F

r3
tan αt

−
r2

tan αt
4 11

Tr =AFρ S1r1−S3r3 =AFρ ωir
2
1 −ωtr3r2 + F

r1
tan αi

−
r3

tan αt
4 12

As can be observed from the torque equations above, the torque applied to a converter
element depends on many variables, including the angular velocities of converter ele-
ments, the ATF circulating velocity, the ATF mass density, the blade geometry, the
design path contour, and the converter dimensions.

4.4 Torque Capacity and Input–Output Characteristics

Equations (4.10–4.12) can be further simplified for the formulation of the torque applied
to a torque converter element. As an example, let us consider the torque applied to the
impeller formulated by Eq. (4.10). For a given torque converter, the following observa-
tions and assumptions can bemade on the torque converter design parameters and oper-
ation variables in Eq. (4.10):

• The radii at the impeller entrance and exit, r1 and r2, are proportional to the maximum
diameter of the flow path, i.e. r1 = λ1D and r2 = λ2D, where λ1 and λ2 are proportionality
factors.

• The ATF circulating velocity F is proportional to the mean transfer velocity on
the design path and depends on the speed ratio of the torque converter, i.e.
F = λF

Dωi
2 λ is , with λF as the proportionality factor. Function λ(is) describes the

dependence of the circulating velocity on the speed ratio.

• The AFT flow areaA, designed as a near constant, is proportional to the square of max-
imum diameter of the flow path, i.e. A= λAD2, with λA as the proportionality factor.

With these observations, Eq. (4.10) can then be translated into the following form:

Ti =
1
2
λAλFρλ is λ22−λ

2
1 +

1
2
λFλ is

λ2
tan αi

−
λ1

tan αi
D5ω2

i 4 13

where the ATF mass density ρ is a constant, the proportional factors are also constants,
and the entrance angle αi and exit angle αi are determined from the AFT velocity dia-
grams. As mentioned previously, these angles are not exactly the same as the geometric
blade angles and largely depend on the relative angular velocity between the impeller and
the turbine which is defined by the speed ratio at a given impeller angular velocity. There-
fore, for a given torque converter that turns at a given impeller angular velocity, the
torque applied to the impeller can be formulated by:

Ti = kD
5ω2

i 4 14

where k represents the whole term before D5ω2
i in Eq. (4.13) and only depends on the

speed ratio during the operation of a given torque converter. In the convention of SAE
standard publications, the impeller RPM is used in the impeller torque formulation.
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By replacingωiwith
πni
30 in the equation above, the torque applied to the impeller is then

represented by:

Ti =CD
5n2i 4 15

where C is called the torque capacity coefficient, and is similar to k in Eq. (4.14), depends
only on the speed ratio for a given torque converter. It should be emphasized here that
the torque capacity coefficient C reflects the effects of the geometry design parameters,
such as blade angles, entrance and exit radii, and ATF circulating area, on the perfor-
mance of a torque converter. Extensive dyno testing is required to obtain the relationship
between the torque capacity coefficient and the speed ratio. Based on test data, the torque
capacity coefficient is plotted versus the speed ratio for the determination of operation
status of a given torque converter [11]. Similar to the formulation of the impeller torque,
the turbine torque can also be formulated by an equation that resembles Eq. (4.15), where
the impeller RPM ni is replaced by the turbine RPM nt, as follows:

Tt =CtD
5n2t 4 16

where Ct is the capacity coefficient for the turbine torque and, similar to C in Eq. (4.15),
depends only on the speed ratio for a given torque converter. It follows directly from Eqs
(4.15) and (4.16) that the torque ratio iq, defined as Tt

Ti
, also depends on the speed ratio

only. It can also be observed from either of these equations that the torque transmitted by
a torque converter is proportional to the fifth power of the maximum diameter of the
flow path. A 20% increase on the converter size would increase the torque capacity by
2.5 times. This is advantageous for torque converter applications in the automotive
industry since a small range of converter dimensions will cover various vehicle power
requirements.

4.4.1 Torque Converter Capacity Factor

In torque converter design and applications, the torque capacity factor, or K-factor as
commonly termed, is used to present the relationship between the torque and the speed,
typically of the impeller, for a torque converter with particular dimension and blade
geometry design. The value of the K-factor is equal to the ratio between the impeller
speed and the square root of the impeller torque:

K =
ni
Ti

4 17

where ni is the impeller speed in RPM and Ti is the impeller torque in ft.lb. Comparing
Eqs (4.17) and (4.15), it is obvious that the K-factor is related to the torque capacity coef-
ficient C by the following equation:

K =
1

CD5
4 18

For a given converter, D is a constant and thus the K-factor only depends on the speed
ratio is. If the values of capacity factor C at different speed ratios have been obtained from
the test on a given torque converter, then the values of the K-factor can be easily obtained
from Eq. (4.18). In practice, the K-factor is often directly obtained through testing. In the
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dyno test setup, the impeller is connected to an electric motor with controllable torque,
and the turbine is connected to a loader withmeasurable torque load. During the test, the
input torque, i.e. the torque applied to the impeller by the motor, is kept as a constant.
The test then runs at different torque loads. The speeds of the impeller and the turbine
are measured when dynamic equilibrium is achieved on the dyno system. The torques
and speeds of the impeller and turbine are then used to calculate the speed ratio, the
torque ratio, the efficiency, and the torque capacity factor by Eq. (4.17). Typically, the
torque ratio, the torque capacity factor, and the efficiency are plotted versus the speed
ratio in the so-called torque converter characteristic plot, as shown in Figure 4.9.
Note that the US customary unit is used in Figure 4.9, where torque is in ft.lb. Similarly,

the torque converter characteristics can also be plotted in SI unit, with torque in Nm and
the value of K-factor converted accordingly. Several observations can be made on typical
torque converter characteristics from Figure 4.9:

•When the speed ratio is zero, i.e. the turbine is not turning, the torque ratio is the high-
est and is termed the stall ratio. As the speed ratio increases from zero to 0.9, the torque
ratio decreases from the stall ratio to 1.0. The torque converter reaches the coupling
point when the torque ratio is 1.0 and it then just behaves as a fluid couple if unlocked.

• The curve for K-factor versus speed ratio is upward in shape, with gradual increment
with respect to the speed ratio until the coupling point. After the coupling point, the
K-factor increases very sharply as the speed ratio approaches 1.0, rendering accurate
data reading impractical.
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Figure 4.9 Torque converter characteristic plot.
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• The torque converter efficiency increases from zero at stall to about 0.9 near the cou-
pling point. It increases further after the coupling point as the speed ratio increases and
the torque ratio stays at 1.0. However, there is always a power loss since the turbine
always lags behind the impeller if the torque converter is unlocked. To save the power
loss, which translates into fuel economy worsening, the torque converter is unlocked
only for operation conditions such as launching, crawl and hill holding, and transmis-
sion shifting process.

• The stall ratio helps launch the vehicle quickly and smoothly. Typically, torque con-
verters used for passenger vehicle transmissions have a stall ratio in the neighborhood
of 2.0.

• As implied by Eq. (4.17), the value of K-factor is equal to the impeller speed scaled by
1
Ti
. This is validated by the plot in Figure 4.9, which is based on the test setup where a

constant torque is applied to the impeller. As shown in Figure 4.9, the curve for torque
capacity is parallel to the curve of the impeller speed up to the coupling point. The
discrepancy after the coupling point is caused by the sharp increase of K-factor and
impeller speed versus the speed ratio.

• In addition, it is worthwhile to point out that the impeller speed (i.e. the engine speed),
as shown in Figure 4.9 increases monotonically versus the speed ratio, providing the
driver a desirable feel when the vehicle is being accelerated. This feature can be guar-
anteed by the optimized design of blade entrance and exit angles of the torque
converter.

4.4.2 Input–Output Characteristics

As mentioned previously, the plot shown in Figure 4.9 is established based the test data
when a constant torque is applied to the impeller. This constant torque, which is used in
the test to obtain the input–output characteristics of the torque converter, should be
chosen as themaximum or near maximum torque of the engine to which the torque con-
verter is matched. As observed in Eqs (4.17) and (4.18), the torque capacity factor is the-
oretically unrelated to the input torque on the impeller and is only the characteristics of
the torque converter dimension and geometry design. Therefore, the relationship
between the torque ratio, the torque capacity factor, and the efficiency versus the speed
ratio shown in Figure 4.9 should be applicable for other operation conditions of the tor-
que converter within allowable discrepancy in engineering practice. The small discrep-
ancy is mainly due to the shock loss of ATF flow caused by turbulence at blade entrance
and exit, friction between AFT flow and surfaces of blades, core, and shell, and AFT lea-
kages inside the torque converter.
The operation status of a torque converter is defined by four parameters: the angular

velocities of the impeller and turbine, ωi and ωt, and the torques on the impeller and
turbine, Ti and Tt. These four operation parameters are linked to each other by the char-
acteristics of the torque converter through the following equations:

is =
ωt

ωi
=
nt
ni

4 19

iq = f1 is 4 20
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K = f2 is 4 21

Ti =
n2i
K2

4 22

Tt = itTi 4 23

where the torque ratio iq and the torque capacity factor K are functions of the speed ratio
is, in the form of a data file or a plot, and are characteristic of a given torque converter, as
illustrated in Figure 4.9. Obviously, the speed ratio is is the key to the determination of the
torque converter operation status.

4.4.3 Joint Operation of Torque Converter and Engine

When a torque converter is matched to an engine, it is important to know how the tur-
bine torque, i.e. the input torque to the transmission, behaves with respect to the speed
ratio. For a given engine, the output torque is a function of its RPM with a specific throt-
tle opening. The engine RPM is the same as the impeller speed ni. If the impeller–
flywheel inertia is not considered, then the impeller torque Ti is the same as the engine
output torque Te, and the turbine torque is then the engine torque multiplied by the tor-
que ratio, that is, Tt = iqTe. As a function of the speed ratio is, the torque ratio is defined
by the joint operation status of the torque converter and the engine. The joint operation
between the engine and the torque converter can be quantitatively analysed by model
simulation to be discussed later in this section. A simple graphic method, proposed in
SAE publications [4], can be used to determine the speed ratio and torque capacity factor
for the converter–engine joint operation, as demonstrated in Figure 4.10.
The engine torque plotted in Figure 4.10 is at a fixed throttle opening. For example, the

wide open throttle (WOT) engine torque can be plotted for acceleration performance
analysis. The engine torque capacity factor, which is denoted as Ke and is equal to
ne
Te
, is then plotted accordingly. The Ke factor is characteristic of the engine at a given
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Figure 4.10 Joint converter–engine operation status.

Automotive Power Transmission Systems128



throttle opening. At any given speed ratio is, the converter torque capacity factor K and
the torque ratio iq can be found from the characteristic plot of the torque converter
matched to the engine, such as the one shown in Figure 4.9. When the converter–engine
system reaches dynamic balance, the converter torque capacity factor is equal to the
engine torque capacity factor, i.e. K =Ke. A horizontal line is drawn at the value of
the converter torque capacity factor K in Figure 4.10. The intersection of this horizontal
line and the plot of the engine torque capacity factor Ke defines the converter–engine
joint operation status. The vertical line drawn at the intersection will then intersect
the engine torque plot and the horizontal axis, leading to the determination of the engine
torque Te or impeller torque Ti, and the corresponding engine RPM. The turbine torque
and speed are then determined as iqTe and isne respectively. Repeating the steps by vary-
ing the speed ratio in the interval [0, 1] monotonically, the turbine torque Tt and turbine
speed nt can be found for the speed ratio from the stall status to the coupling point, cor-
responding to the engine output at a specified throttle opening. Note that the graphical
method described here can be used to assess how well the torque converter is matched to
the engine in terms of intended objectives. For example, the converter–engine joint
operation status corresponding to the stall ratio near the engine maximum torque would
provide the best acceleration performance at vehicle launch.
If the converter torque capacity factor and the torque ratio are given as functions of

the speed ratio, and the engine torque at a specified throttle opening is given as a function
of its RPM, then the joint converter–engine operation status from stall to coupling,
with the speed ratio is varying from 0 to 1, can be determined numerically by the
following set of equations:

Ke ne =
ne
Te

4 24

K = f2 is =Ke ne 4 25

Ti =Te =Te ne 4 26

Tt = iqTi = f1 is Ti 4 27

nt = isne 4 28

where Eq. (4.24) defines the engine torque capacity factor Ke at a given throttle opening
as a function of the engine speed ne. The engine speed is determined by Eq. (4.25) by
iteration for a speed ratio in the interval [0, 1], based on the equality of K and Ke.
The torque on the impeller and turbine, and the turbine speed, are then determined
by Eqs (2.26), (2.27) and (2.28) respectively.

4.4.4 Joint Operation of Torque Converter and Vehicle Powertrain

As a coupling that connects the engine output with the transmission input, the torque
converter interacts dynamically with the vehicle powertrain system. The mass moment
of inertia of the impeller–flywheel assembly is a part of the system and should be con-
sidered in the system dynamics. Figure 4.11 illustrates the dynamic model for vehicle
powertrain systems equipped with a torque converter. As shown in the figure, the vehicle
mass has been replaced by its equivalent mass moment of inertia (Iv) and the road load by
its equivalent torque (Tload) on the output of the final drive. The overall powertrain ratio
is the multiplication of the transmission ratio and the final drive ratio (itia).
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There are clearly two degrees of freedom for the dynamics of the lumped mass
system shown in Figure 4.11: one is the angular velocity of the impeller–flywheel
assembly, ωe or ωi, and the other is the angular velocity of the turbine, ωt, which
is related to the vehicle speed V and tire radius r as ωt = it ia Vr , if tire slippage is not
considered. Based on Newton’s second law, two equations of motion can be written
for the system:

Te−Ti = Iiωi 4 29

ηit iaTt −
Tload

itia
=

1
it ia

Ivωt 4 30

where Ii is the mass moment of inertia of the impeller–flywheel assembly, η is the com-
bined efficiency of the transmission and final drive, and Te is the engine output torque.
Note that the engine torque is not the same as the impeller torque Ti since the impeller–
flywheel assembly has a mass moment of inertia that can be accelerated quickly. The
equivalent road load torque is calculated from the road load formulated by Eq. (1.14)
in Chapter 1 by the following equation:

Tload = r fW +W sin θ + 0 00118CDAV
2 4 31

where the vehicle speed is related to the turbine angular velocity as: V = ωt
it ia

r. The system

of two ordinary differential equations formed by Eqs (4.29) and (4.30) governs themotion
of the whole vehicle. An initial condition must be provided to solve the equation system
for the dynamic status of the vehicle system. When the vehicle is launched from rest at a
specified engine throttle opening, the vehicle speed or the turbine angular velocity and
the speed ratio are both zero at time zero, and the impeller angular velocity at time zero,
n0e , can be found using the graphical method described previously or using Eqs (4.24) and
(4.25). The initial condition for the equation system is then defined as:

t = 0 ;ωi =
π n0e
30

;ωt = is
π n0e
30

4 32
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Figure 4.11 Torque converter equipped powertrain system.
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At a specified engine throttle opening, the engine output torque Te is a function of its
angular velocity. The impeller torque and the turbine torque are determined by the tor-
que converter input–output characteristics in terms of the speed ratio. Therefore, com-
bined with the initial condition defined by Eq. (4.32), the equation system formed by Eqs
(4.29) and (4.30) can be solved for the velocity–time relationship of the vehicle during
launch. If wide open engine throttle opening is specified, the solution will lead to the
capacity performance in terms of vehicle acceleration.

Example A vehicle of the following data is equipped with a four-speed AT. The
transmission ratios are: 2.84 (1st), 1.60 (2nd), 1.0 (3rd), 0.7 (4th). The engine WOT
torque output plot and the torque converter characteristic plot are shown in
Figure 4.12. The vehicle is being driven at WOT on level ground in first gear with
the torque converter unlocked.

a) Plot the engine torque capacity factor at WOT versus the engine RPM.
b) Suppose the vehicle is launched with WOT and the vehicle is braked until the engine

and the torque converter reach dynamic balance in the joint operation, determine the
vehicle acceleration at launch.

c) Determine the vehicle speed and acceleration when the torque converter speed ratio
is 0.6.

d) What are the vehicle speed and acceleration when the torque converter becomes a
fluid couple?

Vehicle data:

Vehicle weight: 3400 lb Powertrain efficiency: 0.86
Center of gravity height: 16 in. Wheel base: 108 in.
Air drag coefficient: 0.30 Frontal projected area: 22 sq.ft
Tire radius: 12.0 in. Roll resistance coefficient: 0.02

Solution:

a) A set of points is selected from the engineWOT torque plot. At each point, the engine
torque capacity factor Ke is calculated by ne

Te
for corresponding engine torque and

RPM values. This leads to a set of points that correlate the engine torque capacity
factor to the engine RPM. The engine torque capacity factor is then plotted against
engine RPM by connecting these points as shown.
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b) At vehicle launch, nt = 0 and is = 0. Torque ratio iq = 1 9 and the torque capacity factor
K = 137 5 from the converter characteristic plot. The joint status between the engine
and the converter is defined at point A in the graph, corresponding to an engine RPM
of 1800.

Ti =Te =
n2e
K2
e
=
18002

137 52
= 173 4 ft lb
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Figure 4.12 Engine WOT output torque and torque converter characteristic plot.
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Note that you can also find the engine torque from the WOT engine torque plot. At
1800 RPM, the engine WOT torque is 173.4 ft.lb.

P =
ηiaitiqTi

r
=

86 2 84 2 840 1 9 173 4
12/12

= 2258 5 lb

a=
P−R
W /g

=
2258 5−0 02 3400

3400/32 2
= 20 75

ft
s2

c) When is = 0 6, iq = 1 39, K = 141. The joint status is defined at point B with an engine
RPM of about 1900.

ωt = isωi = 0 6
1900π
30

= 119 4
1
s

V =
ωtr
iait

=
119 4 1 0
2 84 2 84

= 14 8
ft
s

= 10 14 mph

Ti =
19002

1412
= 181 6 ft lb

P =
ηiaitiqTi

r
=

86 2 84 2 840 1 39 181 6
12/12

= 1750 7 lb

a=
P−R
W /g

=
1750 7−0 02 3400 −0 00118 3 22 14 82

3400/32 2
= 15 91

ft
s2

d) At the coupling point. is = 0 95, iq = 1 0, and K = 169. The joint status is at point C, at
which the engine speed is 2350 RPM.

ωt = isωi = 0 95
2350π
30

= 233 79
1
s

V =
233 79 1 0
2 84 2 84

= 28 98
ft
s

= 19 85 mph

Ti =
23502

1682
= 195 7 ft lb

P =
86 2 84 2 840 1 0 195 7

12/12
= 1357 46 lb

a=
1357 46−0 02 3400 −0 00118 3 22 28 982

3400/32 2
= 12 1

ft
s2
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Problem

A vehicle of the following data is equipped with a four-speed AT. The ratios are: 2.84
(1st), 1.60 (2nd), 1.0 (3rd), 0.7 (4th). The final drive ratio is 2.84. The torque converter
characteristics and the engine WOT output torque are the same as in the example prob-
lem solved previously in this chapter. The vehicle is being driven on level ground in the
first gear with the torque converter unlocked.

a) Present the differential equation system with the initial condition for the WOT per-
formance simulation model of the vehicle in first gear. Assume the vehicle is launched
at the same condition as in the example.

b) Determine the engine angular acceleration and vehicle acceleration when the vehicle
is just launched from standstill.

c) Starting from time zero and using a step size of t = 0.2, solve the differential equation
system by hand for one step, i.e. find the engine RPM and vehicle speed 0.2 second
after launch.

d) Establish the computer model to implement the dynamicmodel shown in Figure 4.11,
using the formulation consisting of Eqs (4.29) and (4.30) and other related equations
in this chapter. Use your model to simulate vehicle performance dynamics during
launch from rest to the time when the torque converter becomes a fluid couple. Plot
the engine speed, engine torque, vehicle speed and acceleration, and the speed ratio
against time during the vehicle launch process.

Automotive Power Transmission Systems134



Vehicle data:

Front axle weight: 1290 lb Rear axle weight: 1240 lb
Center of gravity height: 18 inch Wheel base: 100 in.
Air drag coefficient: 0.31 Frontal projected area: 20 sq.ft
Tire radius: 10.0 in. Roll resistance coefficient: 0.02
Powertrain efficiency: 0.92 Mass moment of inertia of engine–impeller: 0.3 lb.ft2
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5

Automatic Transmissions

Design, Analysis, and Dynamics

5.1 Introduction

Automatic transmissions (AT) that use planetary gear trains (PGT) and clutches for
power transmission and ratio changes are the dominating transmission type in the auto-
motive industry. This type of transmission dates back to the late 1930s [1,2], and they are
conventionally termed automatic transmissions since they were the only production type
for many decades before other types of automatic transmission, such as CVT and DCT,
were applied in scale in the automotive industry. Early automatic transmissions [3] for
rear wheel drive (RWD) vehicles provided three forward and one reverse gears, and were
designed on an architecture that consisted of a torque converter, planetary gear train
sets, and hydraulically controlled clutches, as illustrated in Figure 5.1. This design archi-
tecture or its variations stayed almost unchanged for more than three decades. Before the
1970s, passenger vehicles were almost exclusively RWD, and the vast majority of auto-
matic transmissions had three forward speeds. Only a few high end models were
equipped with four-speed automatic transmissions, with the fourth gear as a direct drive
[4]. The oil crisis in the 1970s called for the development of more fuel efficient passenger
vehicles that are lighter and front wheel driven (FWD). An early type of FWD AT that
provided three forward and one reverse gears is illustrated in Figure 5.2. As shown in the
figure, in an FWD transmission, the final drive and differential assembly is integrated
with the transmission, but the ratio change portion of the transmission is similar to that
in RWD transmissions illustrated in Figure 5.1.
As discussed in Chapter 1, the number of speeds in a transmission affects directly how

well it can be matched to the engine in terms of performance and fuel economy. In gen-
eral, automatic transmissions with more speeds provide better vehicle performance,
improved fuel economy and enhanced drivability. To achieve the best trade-off between
performance and fuel economy for passenger vehicles, the automotive industry started to
develop four-speed automatic transmissions with the top gear as an overdrive in themid-
dle of 1970s. Since then, both four-speed and three-speed automatic transmissions have
been used across the product lines, and by 1990, three-speed automatics had been phased
out from the industry. Four-speed ATs were the mainstream for the industry until the
turn of the century, with five-speed types also taking up a significant market share.
Today, six-speed ATs are the standard equipment across the industry and transmissions
with eight or more speeds are already applied in high end passenger cars and SUVs. It can
be predicted that transmissions with around ten speeds will be developed and applied in
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the industry in the next few years. By then, the benefits of more speeds shall diminish and
the pursuit for more speeds will probably come to a halt.
This chapter will cover the design, kinematics, and dynamics of automatic transmis-

sions. Section 5.2 will present the architectural configurations of automatic transmis-
sions with various speeds, from the three-speed of the early types to current
generation of transmissions with eight or nine speeds. Standard stick diagrams drawn
in conventional symbols are used in the chapter to illustrate transmission structures
and layouts. Although automatic transmissions are primarily based on planetary gear
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train structure, this section will include examples of lay-shaft transmission designs for a
complete overview.
Section 5.3 will cover the kinematics of automatic transmissions based on the charac-

teristics of planetary gear trains discussed in Chapter 3. The section focuses on howmul-
tiple gear ratios are achieved by a combination of clutches and planetary gear trains.
A systematic method will be presented in the section for the design and analysis on
the gear ratios of automatic transmissions. Case studies on production transmissions will
be included to demonstrate the principles for design and analysis. The chapter then pre-
sents the analysis on the dynamics of automatic transmissions in Section 5.4. As a con-
tinuation of the case studies, this section starts with the free-body diagrams of the
assemblies that form the transmission system, and then derives the equations of motion
for each of the assemblies. These equations are then transformed by eliminating the
internal torques on planetary gear train members to form the state variable equation sys-
tem. Static clutch torques in each gear are then determined as a special case of the state
variable equation system.
In Section 5.5, a qualitative analysis on shift processes will be provided to demonstrate

how transmission control and state variables affect shift quality. The concept of torque
phase and inertia phase during transmission shifts will be introduced and transmission
shift dynamics during the two shift phases will be discussed in this section. After the
qualitative analysis in Section 5.5, Section 5.6 will present general vehicle powertrain
dynamics in a systematic approach, using an eight-speed automatic transmission as
the example. System formulation and modeling will be presented in this section for
the simulation, analysis and control of vehicles equipped with automatic transmissions.
Finally, Section 5.7 will discuss model simulations and applications for vehicle power-
train systems under various operation conditions, such as fixed gear operation, shifting
processes, and operations on specified drive ranges.

5.2 Structure of Automatic Transmissions

Automatic transmissions based on planetary gear train designs have evolved over the
past seven decades from the first generation with three speeds to the current generation
with eight or more speeds. In terms of mechanical structure, however, these transmis-
sions are still built from the same components, which include a torque converter, plan-
etary gear trains, and clutches. The differences between a first generation three-speed AT
and a current generation eight-speed AT mainly lie in the number of planetary gear
trains and their layouts, as well as the combination of clutches that realize multiple gear
ratios. Stick diagrams of production transmissions are provided in this section as exam-
ples to illustrate the PGT layout and clutch combination for transmissions from three
speeds to nine speeds.
A three-speed RWD automatic transmission of the early type and the clutch table are

shown in Figure 5.1. This transmission was developed by Chrysler in themid 1950s based
on the Simpson-type planetary gear set and had been applied across the Chrysler product
line. This transmission was representative of similar products in the automotive industry
until the 1970s. As illustrated in Figure 5.1, the Simpson-type planetary gear set consists
of two simple planetary gear trains, with the two sun gears structurally connected and the
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ring gear of the front train structurally connected to the carrier of the rear train. The
transmission output is from the ring-carrier assembly. The transmission uses two mul-
tiple disk hydraulic clutches, C1 and C2, two band clutches, B1 and B2, and a one-way
clutch to realize three forward speeds and one reverse. The two band clutches are reac-
tion clutches that ground the sun gear assembly and the carrier of the front PGT respec-
tively when applied. As can be noticed from the clutch table, the off-going clutch for the
1–2 upshift is the one-way clutch. This makes the 1–2 shift control less challenging and
is an important factor in achieving shift smoothness in the absence of advanced control
technology at the time when the transmission was developed. The other upshift, i.e. the
2–3 shift, is clutch to clutch, which is generally more difficult to control, but in this case,
the shift would occur at higher vehicle speed and is less sensible to the driver. Here it is
worthwhile to introduce some terminologies commonly used in the transmission area:
clutch to one-way clutch shift, clutch to clutch shift, reaction clutch and coupling
clutch. In a clutch to one-way clutch shift, the off-going clutch is a one-way clutch,
and in a clutch to clutch shift, the off-going clutch is a regular hydraulically actuated
clutch. A reaction clutch grounds a component and a coupling clutch couples two com-
ponents when applied. A band clutch can only be applied as reaction clutch due to its
structure.
An early type three-speed FWD automatic transmission with its clutch table is shown

in Figure 5.2. This transmission was developed by General Motors for FWD passenger
cars in the 1970s and was applied across the GM product line for almost two decades. It
uses two planetary gear trains for ratio change and a third PGT for the final drive. The
transmission uses three multiple-disk clutches and one band clutch. The one-way clutch
serves as the reaction clutch in first gear andmakes the 1–2 upshift as a clutch to one-way
clutch shift. Clutch C3 serves as the reaction clutch for the reverse gear and also for the
first gear when the driver selects the manual range for engine braking in downhill opera-
tions. To accommodate the assembly condition for transversely mounted engine, a chain
is used to transfer power from the converter turbine to the transmission input.
It was in the 1980s that the four-speed automatic transmissions started to enter the

market in large scale, due to the ever more stringent demand for fuel economy.
A four-speed FWD automatic transmission developed by Ford is illustrated in
Figure 5.3. This transmission and its variations were applied in Ford passenger vehicles
for more than two decades until the introduction of the current generation of six-speed
automatics. Unlike the Simpson-type, the planetary gear train set features two structural
connections: front ring and rear carrier assembly, and front carrier and rear ring assem-
bly. The latter is the output assembly, with a chain connecting it to the final drive input.
The ATF pump is driven by the engine via a shaft passing through the center line of the
transmission main structure. As shown in the clutch table, one-way clutches are used to
facilitate 1–2 and 3–4 upshifts. Clutch C3 is only applied in manual ranges in mountain-
ous areas or in snowy conditions.
As discussed in Chapter 3, the Ravigneaux planetary gear train is structurally the com-

bination of a dual-planet PGT and a simple PGT with a shared ring gear and a shared
carrier, as shown in Figure 3.22. Transmission designs based on Ravigneaux PGTs are
more compact in comparison with those based on Simpson-type PGTs. Figure 5.4 shows
a four-speed RWD transmission based on a Ravigneaux planetary gear train. This trans-
mission was developed by Ford in the 1980s and was used in Ford pickup trucks for
almost two decades. The transmission uses a total of eight clutches: four multiple disk
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clutches, two band clutches, and two one-way clutches. As shown in Figure 5.4, the 1–2
and 2–3 upshifts are clutch to one-way clutches. In manual ranges, band clutch B1 is
applied in first gear and the band clutch B2 is applied in second gear.
Many different layouts for four-speed ATs existed for production transmissions

between 1980s and the beginning of the 21st century. Among the many AT structural
designs, the FWD four-speed AT named as Hydra-matic 4 T80-E and developed by Gen-
eral Motors in the early 1990s, stands out in terms of its seamless shift smoothness. As
shown in Figure 5.5, the transmission uses two simple planetary gear trains, with the
front ring gear and the rear carrier structurally connected as the output assembly.
The front carrier and the rear ring gear are not structurally connected but coupled
through four clutches, C4, C5, R2, and R3, in different gears. A chain with a ratio of 1 con-
nects the turbine with the transmission input. With a total of 10 clutches: five multiple
disk clutches, two band clutches and three one-way clutches; this is the transmission that
uses the highest number of clutches. Clutch C5 is a coast clutch that is only applied to
enable engine braking in manual ranges. As can be seen in the clutch table, all upshifts,
1–2, 2–3, and 3–4, are clutch to one-way clutches. This simplifies the upshift control and
results in excellent shift quality. Clearly, there is a price to be paid for the enhanced shift
smoothness since the ten clutches used in the transmission definitely increase hardware
costs. This transmission and its variations were used across the product line of General
Motors until around 2005, by which time the current generation of six-speed FWD auto-
matic transmissions had started to be the mainstream transmissions.
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Unlike General Motor’s four-speed AT discussed earlier, the four-speed FWD AT
developed by Chrysler in the late 1980s uses a lower number of clutches. As shown in
Figure 5.6, the Chrysler transmission uses only five clutches to realize four forward
speeds and one reverse. All shifts are clutch to clutch since no one-way clutch is used
in this transmission. In addition, this is the first transmission that uses only multiple disk
clutches. In the absence of one-way clutches during shifts, this transmission was the first
that relied solely on advanced electronic control technology to realize shift smoothness.
Note that the design of this transmission reflects the trend in the current generation of
six-speed and eight-speed ATs, that use only multiple disk clutches in the minimum
number possible, to reduce hardware cost and rely on control technology to guarantee
shift quality.
In addition to planetary gear train designs, four-speed automatic transmissions had

also been developed based on lay-shaft gear designs. Lay-shaft transmissions differ from
planetary gear train transmissions mainly in structural layouts, the control systems for
both types are similar in nature. Honda and the Saturn division of GeneralMotors are the
two major brand names that had developed and used lay-shaft automatics for various
passenger cars and SUVs. Figure 5.7 shows the layout of a Honda four-speed lay-shaft
AT developed in the 1980s. The transmission is equipped with a torque converter,
and gear shifts are realized by hydraulically actuated multiple disk clutches. As shown
in the stick diagram and the clutch table, a hydraulically actuated shifter, called the
“servo” in the stick diagram, engages forward gears in the D range and the reverse gear
in the R range. A one-way clutch is attached to the first gear on the counter shaft which
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enables the 1–2 upshift to be a clutch to one-way clutch. The 2–3 and 3–4 upshifts are
clutch to clutch. The first gear holding clutch is applied in manual ranges to enable
engine braking when driving conditions deems it necessary. In comparison with plane-
tary gear train automatic transmissions, lay-shaft automatics have the advantage that
many of the mechanical components are similar to those in manual transmissions that
have similar lay-shaft designs. It was more cost effective to develop a lay-shaft automatic
transmission based on existing manual transmission technology and technical resources
than to develop a planetary gear train automatic transmission from scratch. However,
lay-shaft automatic transmissions are not as compact as their planetary gear train coun-
terparts. In a lay-shaft transmission, as shown in Figure 5.7, gear shafts are laid out
parallel instead of coaxial, and multiple disk clutches are assembled separately on the
lay-shafts instead of nested in planetary gear train automatics. This makes lay-shaft auto-
matic transmissions bigger than planetary gear train counterparts. For transmissions
with four, five, or even six forward speeds, it is still technically feasible to pack all the
components, including, clutches, gears, and shafts into the limited volume allowed by
a transversely mounted engine. Due to the intrinsic structural limitations, it would be
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very difficult to design an eight-speed lay-shaft automatic transmission that could be fit-
ted to an FWD passenger car.
Improved versions were developed by Honda based the lay-shaft automatic transmis-

sion shown in Figure 5.7. The one-way clutch and the first gear holding clutch were
eliminated in a later version, as shown in Figure 5.8. This version is smaller in overall
dimensions due to the elimination of redundant components, and gear shifts are all
clutch to clutch. Lay-shaft transmissions was used across the Honda product line and
were eventually replaced by other types of automatic transmissions with six or more
speeds.
Automatic transmissions with four speeds had been the mainstream for FWD passen-

ger cars or SUVs with 4WD extended from FWD layouts until around 2005. Five-speed
transmissions were also developed and used for various vehicles during the transition.
Figure 5.9 shows a five-speed RWD transmission developed by Ford. In this transmis-
sion, a third simple PGT is added in front a Simpson PGT set. Clutch C1 is only applied
in manual ranges for engine braking. The fourth gear is a direct drive and the fifth gear
provides an overdrive ratio of 0.69.
A six-speed FWD automatic transmission of the current generation is shown in

Figure 5.10. This transmission was jointly developed by Ford and General Motors and
is currently applied across the product lines of both companies in different versions.
The transmission uses three simple planetary gear trains in parallel and six clutches: five
multiple disk clutches and one one-way clutch. The transmission output assembly con-
sists of the first ring gear and the third carrier, and is connected to the differential carrier
through two gear pairs via a transfer shaft. As shown in the clutch table, the one-way
clutch is only applied in first gear so that the 1–2 upshift is a clutch to one-way clutch.
Technically, the one-way clutch F is redundant in kinematics and can be eliminated since
it can be replaced by clutch D in first gear. The transmission would then have only five
multiple disk clutches with all shifts clutch to clutch. Structurally, this transmission fea-
tures an input shaft that passes through the whole transmission, with two input clutches,
A and B, nested at the shaft end. Note that there is no band clutch in this transmission.
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Band clutches require actuation pistons and anchors that cannot be symmetrically
mounted on the cylindrical transmission structure and are generally not as compact
as multiple disk clutches. In addition, band clutches are not as responsive as multiple
disk clutches in engagement or disengagement during transmission shifts. For these rea-
sons, band clutches are no longer applied in the current generation of six-speed or eight-
speed automatic transmissions and are now obsolete even though they have been applied
in the automotive industry for almost 70 years since the first automatic transmission
came into production.
The six-speed RWD automatic transmission developed by Ford is based on a planetary

gear train setup different from the FWD version shown in Figure 5.10. This transmission
is currently used in Ford RWD vehicles, including the popular F-series pickups. The six-
speed RWD automatic is based on a setup that consists of a Ravigneaux planetary gear
train and a simple planetary gear train, as shown in Figure 5.11. The transmission archi-
tecture can be considered as an extension of the four-speed AT structure shown in
Figure 5.4, with a simple PGT added in front the Ravigneaux PGT. The sun gear of
the front simple PGT is fixed structurally, and the ring gear is connected to the trans-
mission input. All shifts are clutch to clutch since no one-way clutch is used in the trans-
mission. This transmission uses five multiple disk clutches to realize six forward speeds
and one reverse speed. In comparison, the previous generation four-speed RWD auto-
matics, shown in Figure 5.4, uses eight clutches to realize only four forward speed and
one reverse speed. The improvements are significant in terms of not only transmission
performance specifications but also component costs since the number of clutches is
reduced from eight to five. These improvements are made possible thanks to the
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advanced technology in the transmission control hardware and software, as will be dis-
cussed in the next chapter.
The ever more stringent demand on fuel economy led to the development of automatic

transmissions with eight or more speeds. These transmissions have a wide ratio spread
defined by the first gear ratio and the ratio of the highest gear, and enable engine match-
ing close to the ideal condition due to the availability of multiple gear ratios. In addition,
transmission ratios between neighboring gears are closer to each other in comparison
with transmissions with six or fewer speeds, reducing intrinsically the harshness caused
by shift dynamics. The design of transmissions with eight or more speeds is technically
challenging because of the constraints on the overall transmission dimension and the
number of clutches. In general, these transmissions need a planetary gear train setup that
is difficult to achieve based on the extension from existing transmissions with fewer
speeds. In the transmissions with eight or more speeds currently in production, three
types of planetary gears trains – simple PGT with single planet, dual-planet simple
PGT, and Ravigneaux PGT – are used in various layouts to provide the ratio multiplicity.
By using a dual-planet PGT in a layout, more transmission ratio flexibility may appear
because of the sign variations of the characteristic equation. The elements of these plan-
etary gear trains are connected structurally and through clutches in a variety of layouts to
formmultiple power flows from the input to the output. In kinematics, there are six types
of structural connections: sun-sun, sun-ring, ring-carrier, ring-ring, carrier-carrier, and
sun-carrier. The planet gear only meshes with the ring gear and the sun gear, without
being connected to any other element either by a clutch or structurally. Sun gear, carrier
and ring gear, or an assembly containing one of them can be connected to the input by a
coupling clutch, and can be grounded to the housing by a reaction clutch. Output is usu-
ally taken from a ring gear a carrier, or an assembly containing one of them. Automatic
transmissions with eight or nine speeds shown below will demonstrate the basic guide-
lines on the mechanical structure of these transmissions described herein.
The first eight-speed RWD automatic transmission, shown in Figure 5.12, was devel-

oped and used for Lexus vehicle models of the Toyota Motor Company. This transmis-
sion can be fitted to any RWD or 4WD vehicle. As shown in the stick diagram, the
transmission is based on a setup that consists of a simple dual-planet PGT and a
Ravigneaux PGT. The ratio spread of the transmission is 6.71 and the intermediate ratios
are closely populated between the first and the eight speeds. In the dual-planet PGT, the
sun is structurally fixed to the housing and the carrier is structurally connected to the
input. The ring gear of the Ravigneaux PGT is the output element also structurally. It
is meaningful to notice that none of the planetary gear train members are structurally
interconnected. This maximizes the number of PGT elements that can be connected
to the input or grounded and thus the number of power flows. There are seven clutches,
including the one-way clutch G that enables 1–2 upshift as a clutch to one-way clutch.
The one-clutch G is redundant in kinematics and if eliminated, the transmission shifts
would just be all clutch to clutch. As shown in the clutch table, two clutches are applied
and five are open in each gear. The transmission realizes eight speeds in a compact
design, using a planetary gear train setup that is not much more complicated than what
is in a six-speed automatics, such as the one shown in Figure 5.11, and should be credited
as a significant engineering achievement. However, it uses seven clutches, even though
one of them is a one-way clutch that can be eliminated in later versions, and five clutches
(or four without considering the one-way clutch) stay open in each gear. These open
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clutches create drag losses that work against the fuel economy improvement gained from
the availability of the eight transmission ratios.
Hyundai was a latecomer to the development of automatic transmissions. However, it

has made a great leap forward in transmission technologies over the past decade. The
company has developed its own eight-speed automatic transmission and successfully
applied it in RWD models of its luxury Genesis brand. Figure 5.13 shows the structure
of the eight-speed automatics with the clutch table. The transmission is built on a setup
that consists of three planetary gear trains, a simple PGT in the front, a dual-planet PGT
in the middle, and a Ravigneaux PGT in the rear. The PGT setup differs from the Lexus
eight-speed AT (shown in Figure 5.12) in the added front simple PGT. The transmission
also has seven multiple disk clutches, including one-way clutch G that facilitates the 1–2
upshift. Similar to the Lexus eight-speed AT, two clutches are applied and five stay open
in each gear. As shown in the clutch table, the fifth gear is a direct drive and the next three
higher gears are all overdrives. By the combination of planetary gear train parameters
shown with the stick diagram, the transmission achieved a first gear ratio of 3.665
and a eighth gear ratio of 0.556, with a ratio spread close to 7.0. It can be noticed from
the clutch table that the transmission ratios are lower in comparison to those of the
Lexus eight-speed AT, a relatively high final drive ratio of 3.909 is therefore used for
compensation of the overall powertrain ratio. The first four gear ratios are spread more
widely than the higher gear ratios, as shown in the list by the ratio column. Note that
different transmission ratios can be achieved by changing the values of the PGT para-
meters, and this is true generally for all other transmissions. Based on the ratio formulae
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for all gears, the four PGT parameters can be selected to optimize the combination of
gear ratios that fits the requirement of a specific application. Due to the added front
PGT, the Hyundai eight-speed AT is somewhat larger in size in comparison to the Lexus
eight-speed automatics. The attributes in transmission efficiency of the two transmis-
sions should be similar because both have six multiple disk clutches and one one-way
clutch, with two engaged and five open in each gear.
The ZF eight-speed RWD AT, shown in Figure 5.14, features perhaps the most com-

pact structural design for the current generation of eight-speed automatics. This trans-
mission is built on a planetary gear train setup that consists of four simple PGTs. Only
five multiple disk clutches are used for the eight forward speeds and one reverse gear.
The most remarkable aspect of this transmission is that in each gear there are only
two open clutches. This minimizes the parasitic clutch drag loss and is an apparent
advantage over the designs of the Lexus or Hyundai eight-speed automatics. The sixth
gear is a direct drive and the seventh and eighth gears are overdrives. The ratio spread is
more than 7.0, resulting in close to optimized engine matching for acceleration and fuel
economy performances. Note that the reverse gear in this transmission is achieved by a
specific combination of PGT motions, instead of the common reverse gear realization
where a sun gear is connected to the input, the carrier is grounded and the ring gear
is connected to the output. The ZF eight-speed RWD AT has been well received by
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Figure 5.13 Hyundai eight-speed RWD Ravigneaux PGT automatic transmission.
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the automotive industry and has been applied for not only luxury brands, such as BMW
and Mercedes Benz, but also less expensive brands such as Chrysler and Jeep. The next
section of this chapter will provide a detailed study on the structure, kinematics, and
dynamics of this transmission as an example for all other transmissions.
Automatic transmissions with eight speeds were first developed for luxury vehicle

models which usually prefer rear wheel drive. The structural design of FWD ATs with
multiple gear ratios is generally more challenging since the packaging conditions for
transverselymounted engines aremore stringent in comparison with longitudinal engine
layouts. However, development of FWD automatic transmissions with eight or more
speeds does not lag far behind and is proceeding rapidly in the automotive industry.
The ZF nine-speed FWD AT, shown in Figure 5.15, is the very first FWD automatic
transmission that has nine forward speeds. This transmission is built on a planetary gear
train setup that is remarkably different from all existing transmission designs. As shown
in the stick diagram, there are four simple planetary gear trains, with planetary parameter
β labeled with subscripts 1, 2, 3, and 4 from left to right respectively. There are two struc-
tural connections between PGT 1 and PGT 2: sun gear 1 with sun gear 2 and ring gear 1
with carrier 2. What distinguishes this transmission are the two structural connections
between PGT 3 and PGT 4: carrier 3 with carrier 4 and sun 3 with ring 4. The transmis-
sion uses four multiple disk clutches, B, C, D, and E, and two shifters, A and F, to achieve
nine forward speeds and one reverse, as shown in the clutch table. The two shifters,
which are actually sliding sleeves with internal splines similar to those in manual trans-
missions discussed in Chapter 2, are hydraulically actuated to move axially to engage or
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Figure 5.14 ZF eight-speed RWD automatic transmission.
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disengage the dog teeth on the sun 1–sun 2 assembly and sun 3–ring 4 assembly respec-
tively. Shifts involving the engagement or disengagement of either shifter A or shifter
F must be well synchronized to avoid impact or grinding between shift sleeve and
dog teeth. This can be technically challenging, especially in downshifts to the fourth
or seventh gears where either shifter F or shifter A is the oncoming engagement element.
The transmission has four overdrives, with the fifth gear as a direct drive. The nine for-
ward gear ratios are spread between the first gear ratio of 4.70 and the ninth gear ratio of
0.48, resulting a high ratio spread of 9.8. The transmission output is from the carrier of
PGT 1 and is transmitted to the differential carrier through two pairs of transfer gears.
Because of the compact planetary gear train setup and the two space saving shifters, the
transmission realizes nine forward gears and one reverse gear in a dimension comparable
to that of a six-speed FWD automatic. The Jeep Cherokee SUV is the first vehicle model
that is equipped with this transmission in both FWD and RWD versions. In the RWD
version, power is transferred by a spiral bevel gear pair with the pinion attached to
the differential carrier to the rear axle via the drive shaft. It has been reported that
the Acura MDX will also be equipped with the ZF nine-speed automatic in the 2017
model year.
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Figure 5.15 ZF nine-speed FWD automatic transmission.
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5.3 Ratio Analysis and Synthesis

Gear ratios in automatic transmissions based on planetary gear train designs are achieved
by connecting and grounding different PGT elements to the input and to the housing
respectively through a particular clutch combination in each speed. The kinematics of
planetary gear trains, covered in Chapter 3 (Section 3.8), is the key to the analysis and
synthesis of transmission gear ratios. In general, three types of planetary gear trains
are used in the transmission structure: simple PGT, dual-planer PGT, and Ravigneaux
PGT. The characteristic equation for each of these three types of PGT was derived in
Section 3.8 and is represented in the following for the systematic analysis and synthesis
of transmission gear ratios.
Simple planetary gear train:

ωS + βωR− 1 + β ωC = 0 5 1

Dual-planet planetary gear train:

ωS−βωR− 1−β ωC = 0 5 2

Ravigneaux planetary gear train:

ωS1 + β1ωR− 1 + β1 ωC = 0 5 3

ωS2−β2ωR− 1−β2 ωC = 0 5 4

As detailed in Section 3.8, a Ravigneaux PGT is structurally a combination of a simple PGT
and a dual-planet PGT with shared carrier and ring gear. There are two mesh paths in a
Ravigneaux PGT: Eq. (5.3) is the characteristic equation for the first mesh path “Sun S1 –
Long Planet – Ring” and Eq. (5.4) is the characteristic equation for the other mesh path
“Sun S2 – Short Planet – Long Planet – Ring”. The PGT characteristic equations listed
above and the constraint equations caused by clutch engagements will be used systemat-
ically for the analysis and synthesis of transmission ratios. In this section, three production
transmissions are chosen as examples for the ratio analysis and synthesis:– the Ford FWD
six-speed AT, designed with simple PGTs (Figure 5.10); the Ford six-speed RWD AT,
designed with a simple PGT and a Ravigneaux PGT (Figure 5.11); and the ZF eight-speed
RWD AT, designed with four simple PGTs (Figure 5.14). These transmissions feature
structural designs typical of the current generation of multiple ratio automatics. The con-
cepts and methods for ratio analysis and synthesis in the three examples can be readily
extended to all other automatic transmissions with different structural layouts.

5.3.1 Ford FWD Six-Speed AT

As illustrated in the stick diagram (Figure 5.10), the Ford FWD six-speed automatics uses
three simple planetary gear trains in parallel in the structure layout. The planetary gear
train parameters of respectively are labeled as β1, β2, and β3, with the subscripts indicat-
ing PGT 1, PGT 2, and PGT 3. The three characteristic equations in the following are
intrinsic of the three PGTs in the transmission:

ωS1 + β1ωR1− 1 + β1 ωC1 = 0 5 5

ωS2 + β2ωR2− 1 + β2 ωC2 = 0 5 6
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ωS3 + β3ωR3− 1 + β3 ωC3 = 0 5 7

In the equations above, there are nine angular velocities, three for each planetary gear
train. These are two types of constraints on these nine angular velocities: structural con-
straints and clutch constraints. Structural constraints are from the interconnections
between planetary gear train elements or members in the transmission design. As can
be found from the stick diagram (Figure 5.10), there are four structural connections: Car-
rier C1 Ring R2; Carrier C2 Ring R3; Sun S2 Input; Ring R1 Carrier C3 Out-
put. These four structural connections yield four constraint equations upon the related
angular velocities, as follows:

ωC1 =ωR2; ωC2 =ωR3; ωS2 =ωin; ωR1 =ωC3 =ωout

These four constraints are then superimposed upon Eqs (5.5–5.7), resulting in a new set of
three linear equations with only six independent angular velocities, including ωin andωout:

ωS1 + β1ωout − 1 + β1 ωC1 = 0 5 8

ωin + β2ωC1− 1 + β2 ωC2 = 0 5 9

ωS3 + β3ωC2− 1 + β3 ωout = 0 5 10

After the structural connections are considered, there are six independent angular velocities
that are governed by the three equations above, which are characteristic of the transmission
and are satisfied for all speeds. Among these six angular velocities, or six motions, onemust
be provided as the input, and the remaining five angular velocities, including the output,
must be uniquely defined in kinematics. It is apparent that there are two equations or
two constraints short for the unique determination of these five angular velocities and this
shortage in constraints is filled up by the clutch engagement. As shown in the clutch table in
Figure 5.10, two clutches are applied in each gear. Therefore, two additional constraints are
provided by the clutch engagement in each gear and are combined with Eqs (5.8–5.10) for
the unique solution of the angular velocities in terms of the input angular velocity.

5.3.1.1 Ratio Analysis
Ratio analysis concerns the determination of all gear ratios for a given transmission
design and clutch table and is relatively straightforward. The first step is to write down
the characteristic equations for the planetary gear trains in the transmission structure.
The second step is to superimpose the structural constraints in the transmission upon
the set of characteristic equations. These two steps have been completed above for the
Ford FWD six-speed AT in the example. Now, the constraints from clutch engagement
in each gear are combined with Eqs (5.8–5.10) for the determination of all gear ratios for
the six forward gears and one reverse gear.
First gear: In first gear, clutches E and F are applied. Sun gear S3 and carrierC1 are both

grounded to the housing since both clutch E and clutch F are reaction clutches. With
ωS3 = 0 and ωC1 = 0, Eqs (5.8–5.10) form a linear equation system in terms of three
unknown angular velocities ωS1, ωC1, and ωout with ωin given as:

ωS1 + β1ωout = 0

ωin− 1 + β2 ωC2 = 0

β3ωC2− 1 + β3 ωout = 0
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This equation system can be easily solved for angular velocities ωS1, ωC2, and ωout in
terms of ωin, as well as the first gear ratio i1 as follows:

ωout =
β3

1 + β2 1 + β3
ωin

ωS1 =
−β1β3

1 + β2 1 + β3
ωin

ωC2 =
1

1 + β2
ωin

i1 =
ωin

ωout
=

1+ β2 1 + β3
β3

Second gear: In second gear, clutches E and C are applied. Sun gear S3 and sun gear S1
are both grounded to the housing since both clutch E and clutch C are reaction clutches.
With ωS3 = 0 and ωS1 = 0, Eqs (5.8–5.10) form a linear equation system in terms of three
unknown angular velocities ωC1, ωC2, and ωout with ωin given as:

β1ωout − 1 + β1 ωC1 = 0

ωin + β2ωC1− 1 + β2 ωC2 = 0

β3ωC2− 1 + β3 ωout = 0

This equation system leads to the solution for the second gear ratio and angular velo-
cities ωC1 and ωC2 in terms of ωin:

i2 =
ωin

ωout
=

1+ β2 1 + β3
β3

−
β1β2
1 + β1

ωC1 =
β1

1 + β1

ωin

i2

ωC2 =
1 + β3
β3

ωin

i2

Third gear: In third gear, clutches E and B are applied. Sun gear S3 and sun gear S1 are
grounded to the housing or connected to the input. With ωS3 = 0 and ωS1 =ωin, Eqs
(5.8–5.10) form a linear equation system in terms of three unknown angular velocities
ωC1, ωC2, and ωout with ωin given as:

ωin + β1ωout − 1 + β1 ωC1 = 0

ωin + β2ωC1− 1 + β2 ωC2 = 0

ωC2− 1 + β3 ωout = 0

This equation system leads to the solution for the third gear ratio and angular velocities
ωC1 and ωC2 in terms of ωin:

i3 =
ωin

ωout
=

1+ β1 1 + β2 1 + β3 −β1β2β3
β2β3 + β3 1 + β1

ωC1 =
1 + β2 1 + β3

β2β3

ωin

i3
−
ωin

β2
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ωC2 =
1 + β3
β3

ωin

i3

Fourth gear: In fourth gear, clutches E and A are applied. Sun gear S3 is grounded to the
housing and carrier C1 is connected to the input. With ωS3 = 0 and ωC1 =ωin, Eqs
(5.8–5.10) form a linear equation system in terms of three unknown angular velocities
ωS1, ωC2, and ωout with ωin given as:

ωS1 + β1ωout − 1 + β1 ωin = 0

ωin + β2ωin− 1 + β2 ωC2 = 0

β3ωC2− 1 + β3 ωout = 0

This equation system leads to the fourth gear ratio and angular velocities ωS1 and ωC2 in
terms of ωin:

i4 =
ωin

ωout
=

1 + β3
β3

ωC2 =ωin

ωS1 = 1 + β1 ωin−β1
ωin

i4

Fifth gear: In fifth gear, clutches B and A are applied, coupling sun gear S1 and carrier C1

to the input at the same time, and thus making PGT1 turn in unity. The three planetary
gear trains turn as a whole body due to the structural connections, resulting in a direct
drive with a gear ratio of one. This can also be demonstrated by the transmission char-
acteristic equations. With ωS1 =ωC1 =ωin, it is from Eqs (5.8–5.10) that all angular velo-
cities must be the same as the input angular velocity ωin.
Sixth gear: In sixth gear, clutches C and A are applied, grounding sun gear S1 to the

housing and coupling carrier C1 to the input. With ωS1 = 0 and ωC1 =ωin, the transmis-
sion characteristic equations (5.8–5.10) form a system of linear equations in terms of
ωC2, ωS3, and ωout with the input angular velocity ωin as given:

β1ωout − 1 + β1 ωin = 0

ωin + β2ωin− 1 + β2 ωC2 = 0

ωS3 + β3ωC2− 1 + β3 ωout = 0

Since sun S1 is grounded, carrierC1 is connected to the input and ring R1 is the output, so
the sixth gear of the transmission is an overdrive. The overdrive ratio and angular velo-
cities ωC2 and ωS3 are determined by:

i6 =
ωin

ωout
=

β1
1 + β1

ωC2 =ωin

ωS3 = −β3ωin + 1 + β3
ωin

i6

Reverse gear: In reverse gear, clutches B and D are applied, connecting sun gear S1 to the
input and grounding carrier C1 to the housing. This is a typical reverse gear design used
in the majority of automatic transmissions. With ωS1 =ωin and ωC1 = 0, the transmission
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characteristic equations (5.8–5.10) form a system of linear equations in terms ofωC2,ωS3,
and ωout with the input angular velocity ωin given as:

ωin + β1ωout = 0

ωin− 1 + β2 ωC2 = 0

ωS3 + β3ωC2− 1 + β3 ωout = 0

These equations lead to the solution of the reverse gear ratio and angular velocities ωC2

and ωS3 as:

iR =
ωin

ωout
= −β1

ωC2 =
1

1 + β2
ωin

ωS3 = 1 + β3
ωin

iR
−

β3
1 + β2

ωin

In summary, plugging β1 = 2 8824, β2 = 2 1707, and β3 = 2 4146 into the ratio formulae
just derived, the transmission ratios are: i1 = 4 484, i2 = 2 872, i3 = 1 842, i4 = 1 414,
i5 = 1 000, i6 = 0 742, iR = −2 882. The minus sign for the reverse gear ratio means that
the output angular velocity is opposite to that of forward gears.

5.3.1.2 Ratio Synthesis
The objective of ratio synthesis for automatic transmissions is to obtain the maximum
number of transmission ratios with optimized ratio spread in themost compact structure
with a clutch engagement sequence conducive to shift control. Ratio synthesis is imple-
mented in three aspects: Structural synthesis, ratio formulation, and clutch sequen-
cing. In the following, the Ford FWD six-speed AT, as analysed, is used as an example for
transmission ratio synthesis. The techniques and methods used in the example can be
extended to all other transmissions with multiple ratios.
Structural synthesis: Automatic transmissions are designed in various configurations

based on a series of planetary gear trains.Asmentioned previously, three PGTs types, simple
PGT, dual-plane PGT, andRavigneaux PGT, are commonly used in automatic transmission
structures.Thestructural synthesis is the firststep inratiosynthesisandfocusesmainlyonthe
numberofPGTs, the structural connectionsbetweenPGTelements, thenumberofclutches,
andtheelementorassembly towhicheachclutch isattached.Althoughstructural synthesis is
a trial anderrorpracticebynature, certainguidelinescanbe followedtomakethepractice less
time consuming and more productive. In general, transmissions with six speeds can be
designedwith threePGTs, and the design of transmissionswith eight ormore speeds require
three or four PGTs. The use of dual-planet PGTs in the transmission structuremay provide
more flexibility in the ratio formulae that generate more useful ratios.
The key to structural synthesis is the structural interconnections between PGT ele-

ments or members. In general, there are six possible structural connections between
two members in two individual PGTs:

Ring Gear Carrier; Sun Gear RingGear; Sun Gear SunGear; Carrier Carrier;

Ring Gear Ring Gear; Sun Gear Carrier
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Note that planet gears are only internal PGT members that cannot be used for either
input or output or reaction. In addition to the structural connections between PGT
members, one PGT member or an assembly containing a PGT member must be struc-
turally connected to the transmission output to avoid the coupling of a PGT member or
assembly through a clutch to the vehicle inertia. Transmission input can also be struc-
turally connected to a PGT member or assembly. But the connection between PGT
members must not cause interference in the structural layout and must facilitate the
installment of the related reaction and coupling clutches. To visualize the structural con-
nections, the planetary gear trains to be used in the transmission can be drawn first in the
stick diagram independently, i.e. without any structural connections. Possible structural
connections can then be drawn in the stick diagram between PGTmembers or between a
PGT member and the input or the output. The following tips should be useful in the
process of structural synthesis:

• The total number of angular velocities or motions, Nω, is equal to 3n, with n as the
number of PGTs. Since these Nω angular velocities must satisfy the n characteristic
equations in kinematics, the number of independent angular velocities, NI, before
any structural constraints are imposed, is equal to Nω−n .

• A structural connection between a PGTmember or assembly and the input is counted
as a structural constraint without reducing the number of the independent angular
velocities, but the structural connection between a PGT member or assembly and
the output is not counted as a structural constraint.

• Each structural interconnection between two PGTs is counted as a structural con-
straint and reduces the number of the independent angular velocities by one.

• The total number of structural constraints, NSC, is equal to the sum of the number of
structural interconnections between two PGTs, NPP, and the number of structural
connections between a PGT member or assembly with the input, NPI,
i.e. NSC =NPP +NPI .

• The number of additional constraints from clutch engagement, or the number of
clutches, NC, to be applied in each gear, is equal to the total number of independent
angular velocities, NI, minus the total number of structural constraints,
i.e. NC =NI −NSC .

• The number of angular velocities available for ratio synthesis, NRS, is equal to the dif-
ference between the total number of angular velocities, Nω, and the number of struc-
tural interconnections between two PGTs, NPP, minus one. That is,
NRS = Nω−NPP −1. This is because one of the angular velocities has to be the output
angular velocity structurally.

• The number of possible transmission ratios, NR, is then equal to the combinations of
the number of clutches, NC, out of the number of angular velocities available for ratio
synthesis, NRS, i.e. NR =C

NC
NRS

.

• Some of the possible power flows are useless for gear ratios and are eliminated in the
rest of the ratio synthesis process.

The number of possible structural connections depends on the number of gears to be
designed for the transmission. If an automatic transmission with six forward speeds
and one reverse, such as the Ford FWD six-speed AT, is to be designed with three PGTs,
the structural connections can be established in the following logic. Firstly, there are nine
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angular velocities if the three PGTs are independent of each other, i.e. if no structural
connection exists, and these nine angular velocities are only constrained by the three
characteristic equations, one for each PGT. Each structural connection between two
PGTs will reduce the number of angular velocities by one. For example, if three such
structural connections are imposed upon the three PGTs, as is the case in the Ford
FWD six-speed AT, the number of angular velocities would then be reduced to six.
The other structural connection between the input and sun gear S2 does not reduce
the number of angular velocities. Secondly, these six angular velocities must still satisfy
the three characteristic equations with one as the given input, so two additional con-
straints, from two clutches separately, must be placed in each gear upon the other five
angular velocities for their unique determination. Since one of the six angular velocities
must be chosen as the output structurally, the number of angular velocities available for
ratio synthesis is five. Therefore the number of possible power flow paths or gear ratios is
equal to the number of combinations of two out of five, i.e. C2

5 = 10. Since the number of
possible gear ratios is larger than the required number of gear ratios, that is seven for all
forward and reverse speeds, for the AT to be designed, the structural synthesis can be
continued on the three PGTs with four structural connections. There may be multiple
configurations based on the three PGTs with four structural connections, some of them
may not be applicable for transmission designs because of the structural complexity, and
others are useless gear ratio values or unacceptable clutch sequence. These useless con-
figurations can often be eliminated by simple observation. The Ford FWD six-speed AT
shown in Figure 5.10 is based on one of the useful configurations and should be the one
that offers the best ratio spread, structural compactness, and clutch sequence. It is inter-
esting to note that three of the ten possible power flows, corresponding to clutch com-
binations AD, BC, and CD, are useless since they result in transmission lock-up. All the
other seven clutch combinations are used for the six forward speeds and one reverse.
Consider now that four structural interconnections between two PGTs are imposed on

the three planetary gear trains. This would reduce the number of angular velocities from
nine to five. The remaining five angular velocities must still satisfy the three character-
istic equations, so two clutches must be applied to provide the two additional constraints.
One of five angular velocities is used as the output structurally and the number of angular
velocities available for ratio synthesis is equal to four. Therefore, the number of possible
power flow paths or gear ratios is equal to the number of combinations of 2 out of 4, i.e.
C2
4 = 6. This will not work since the number of possible gear ratios is less than the number

of gear ratios required in the six-speed transmission. Ratio synthesis cannot be continued
on the three PGTs with four such structural connections.
These guidelines can also be applied for the structural synthesis of automatic transmis-

sions with more than six forward speeds and should make the trial and error process
more effective.

5.3.1.3 Ratio Formulation
Once a configuration is chosen from the possible combinations in the structural synthe-
sis discussed, the ratio formulae can then be derived in terms of the PGT parameters
based on the characteristic equations and the clutch constraints, as demonstrated in
the ratio analysis, in which the Ford FWD six-speed AT was used as the example. If a
simple PGT in the structural configuration is replaced by a dual-planet PGT, the
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corresponding PGT parameter then becomes negative in the ratio formulae. Using the
ratio formulae derived for all speeds, the values of these PGT parameters can be opti-
mized in a certain range in terms of ratio values and ratio spread. Once these PGT para-
meters are selected, the ratio values for all forward speeds are then calculated and
arranged in a sequence from the highest to the lowest, i.e. from the first gear to the high-
est gear. The corresponding clutch combinations are also arranged in a sequence of the
same order.

5.3.1.4 Clutch Sequencing
The principle in clutch sequencing is that all transmission shifts shall only involve two
clutches, one oncoming and one off-going. This requires the clutch combination
sequence in a specific pattern, as shown in the clutch table for the Ford FWD six-speed
AT (Figure 5.10). The sequence of clutch combinations is mainly affected by the trans-
mission structure, i.e. the result of structural syntheses, but is also affected to a lesser
degree by the selection of planetary gear train parameters. It is possible that some clutch
combinations fall out at the right sequence for some initial selections of planetary gear
train parameters. By modifying the selected PGT parameters, it is also possible to vary
the ratio values so that the clutch combinations will be in the right sequence that makes
all shifts with only two clutches involved.

5.3.2 Ford six-speed RWD Ravigneaux AT

Since a Ravigneaux PGT is structurally a combination of a simple PGT and a dual-planet
PGT with shared carrier and ring gear, automatic transmissions based on Ravigneaux
PGTs are generally advantageous in terms of compactness. The procedure for the ratio
analysis and synthesis of this type of automatic transmission is similar in nature to that
for ATs with only simple PGTs. As shown in Figure 5.11, the Ford six-speed RWD AT is
designed structurally with a combination of a simple PGT and a Ravigneaux PGT. Three
characteristic equations can be written for these two PGTs:

ωS1 + β1ωR1− 1 + β1 ωC1 = 0 5 11

ωS2 + β2ωR2− 1 + β2 ωC2 = 0 5 12

ωS3−β3ωR2− 1−β3 ωC2 = 0 5 13

There are seven angular velocities, three for the simple PGT and four for the Ravigneaux
PGT. The first equation, Eq. (5.11), is written for the simple PGT with β1 as the PGT
parameter, and the other two, Eqs (5.12) and (5.13), are written for the two mesh paths
of the Ravigneaux PGT with PGT parameters β2 and β3 respectively. As can be seen from
the stick diagram (Figure 5.11), sun gear S1 is structurally fixed and ring gear R1 is struc-
turally connected to the input, providing two structural constraints in the transmission
layout. The output member of the transmission is structurally the ring gear of the
Ravigneaux PGT. Therefore, Eqs (5.11–5.13), become a new set of three linear equations
with six independent angular velocities, including ωin and ωout:

β1ωin− 1 + β1 ωC1 = 0 5 14

ωS2 + β2ωout − 1 + β2 ωC2 = 0 5 15

ωS3−β3ωout − 1−β3 ωC2 = 0 5 16
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These three equations are characteristic of the transmission and must be satisfied in all
the six forward gears and the one reverse gear. It is apparent that with the input angular
velocity given, two additional conditions are needed to uniquely define the other five
angular velocities. As shown in the clutch table in Figure 5.11, two clutches are applied
in each gear. Therefore, the two additional constraints provided by the clutch engage-
ment in each gear are combined with Eqs (5.14–5.16) for the unique solution of the angu-
lar velocities in terms of the input angular velocity.

5.3.2.1 Ratio Formulation
The ratio formulation for the Ford RWD six-speed AT is similar in nature to that for the
Ford FWD six-speed AT. For example, clutch B and E are applied in the fifth gear, respec-
tively coupling sun S2 with carrier C1 and connecting carrier C2 to the input. The three
equations, Eqs (5.14–5.16), then become a system of linear equations in terms of three
unknowns, ωC1, ωS3, and ωout, with ωin given as:

β1ωin− 1 + β1 ωC1 = 0

ωC1 + β2ωout − 1 + β2 ωin = 0

ωS3−β3ωout − 1−β3 ωin = 0

This equation system directly leads to the fifth gear ratio formula in terms of the PGT
parameters and the solutions of angular velocities, ωC1 and ωS3:

i5 =
ωin

ωout
=

1 + β2 β2
1 + β2 1 + β1 −β1

ωC1 = 1 + β2 ωin−
β2
i5
ωin

ωS3 =
β3ωin

i5
+ 1−β3 ωin

Similarly, the transmission ratio formulae for all speeds can be derived by combining the
characteristic equations, Eqs (5.14–5.16), with the constraints from the respective clutch
engagement shown in Figure 5. 11:

i1 =
1 + β1 β3

β1
; i2 =

1 + β1 β2 + β3
β1 1 + β2

; i3 =
1 + β1
β1

; i4 =
1 + β1 β3

β3 1 + β1 −1

i5 =
1 + β2 β2

1 + β1 1 + β2 −β1
; i6 =

β2
1 + β2

; iR = −
1 + β1 β2

β1

The three PGT parameters, β1 = 1 92, β2 = 2 24, and β3 = 2 74, as shown in Figure 5.11,
result in the six forward ratios and the reverse ratio listed in the last column of the clutch
table. These three PGT parameters also result in the clutch sequence as shown. Note
that, in the Ford RWD six-speed AT, there is no direct drive and the first PGT serve
as a reduction unit for the first four speeds and the reverse speed.
For the sake of structural synthesis, it is interesting to compare the structures of the

Ford RWD six-speed AT shown in Figure 5.11 and the Lexus RWD eight-speed AT
shown in Figure 5.12. There is no significant difference in the planetary gear train layout
between the two transmissions. Both use a Ravigneaux PGT, and in front of it there is a
simple PGT in the Ford design and a dual-planet PGT in the Lexus design. The Ford
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design uses the simple PGT as a reduction unit with the carrier as the unit output for the
first four speed and reverse speed, while the Lexus design uses the dual-planet PGT as a
reduction unit with the ring gear as the unit output for the first five forward speeds. In a
configuration that resembles the Ford design in PGT setup, the Lexus AT realizes eight
forward speeds by adding one more multiple disk clutch in the transmission structure.
The one-way clutch in the Lexus AT is redundant in kinematics and is only used in first
gear to enable clutch to one-way clutch 1–2 upshift.

5.3.3 ZF RWD Eight-Speed AT

The ZF RWD eight-speed AT is designed with four simple planetary gear trains and five
multiple disk clutches in the structure shown in Figure 5.14. The design has many advan-
tages in comparison with other six-speed or eight-speed AT designs. Firstly, the ZF
eight-speed AT uses only five clutches, while other eight-speed ATs, such as the Lexus
eight-speed AT and the Hyundai eight-speed AT shown in Figures 5.12 and 5.13, use six
clutches even without counting the one-way clutch. Secondly, among the five clutches in
ZF eight-speed AT, three are applied and only two are open in all speeds, minimizing the
parasitic clutch drag loss. Thirdly, due to the smaller number of clutches and other com-
ponents, the ZF eight-speed AT excels in hardware cost and compactness. There are
many possible structural layouts based on a setup consisting four planetary gear trains,
the ZF eight-speed AT design should be one of the best andmight be a unique layout that
features the advantages mentioned.
For the four simple planetary gear trains in the ZF RWD eight-speed AT, there are four

structural interconnections, as shown in Figure 5.14. In addition, the second carrier C2 is
structurally connected to the input shaft and the output of the transmission is structur-
ally from carrier C4. There are five constraints on the angular velocities of related PGT
members from structural connections, including the constraint from the input structural
connection. The structural connections and the corresponding constraints are as
follows:

Input C2

S1 S2

R2 S3

R3 S4

C1 R4

C4 Output

ωC2 =ωin

ωS1 =ωS2

ωR2 =ωS3

ωR3 =ωS4

ωC1 =ωR4

ωC4 =ωout

There are 12 angular velocities and four characteristic equations for the four PGTs in the
transmission. The transmission characteristic equations are formed by superimposing
the constraints listed above upon the four PGT characteristic equations:

ωS1 + β1ωR1− 1 + β1 ωC1 = 0 5 17

ωS1 + β2ωR2− 1 + β2 ωin = 0 5 18

ωR2 + β3ωR3− 1 + β3 ωC3 = 0 5 19

ωR3 + β3ωC1− 1 + β3 ωout = 0 5 20
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There are eight independent angular velocities, including the input angular velocity ωin,
that are governed by these four transmission characteristic equations. With the input
angular velocity provided to the transmission, the remaining seven angular velocities
must be uniquely determinant in kinematics for each gear. Therefore, three of the five
clutches must be applied to provide the three additional constraints required. The num-
ber of clutch combinations is then equal to the combination of three in five, i.e. C3

5 = 10.
One of these ten clutch combinations, AEC, is useless since it locks up the transmission.
The remaining nine clutch combinations provide eight forward speed and one reverse
ratios, as listed sequentially in the clutch table in Figure 5.14. The constraints on the
angular velocities in each gear are listed in the following table in accordance with the
clutch engagement:

Clutch constraints

Gear Clutches applied Constraints on angular velocities Ratio

1st A, B, C ωS1 = 0; ωR1 = 0; ωR3 = ωin i1

2nd A, B, E ωS1 = 0; ωR1 = 0; ωR3 = ωR2 i2

3rd B, C, E ωR1 = 0; ωR3 =ωin; ωR3 =ωR2 i3

4th B, D, E ωR1 = 0; ωC3 =ωout; ωR3 =ωR2 i4

5th B, C, D ωR1 = 0; ωR3 =ωin; ωC3 =ωout i5

6th C, D, E ωR3 =ωin; ωC3 = ωout; ωR3 =ωR2 i6

7th A, C, D ωS1 = 0; ωR3 = ωin; ωR3 =ωout i7

8th A, D, E ωS1 = 0; ωC3 =ωout; ωR3 =ωR2 i8

Rev A, B, D ωS1 = 0; ωR1 = 0; ωC3 =ωout iR

All sequential upshifts or downshifts in the ZF eight-speed AT are the so-called direct
shift, or clutch to clutch shift, with one oncoming and another off-going. In addition to
sequential shifts, the transmissions can also make direct non-sequential shifts, should
vehicle operations deem them necessary in terms of fuel economy or performance. With
upshifts and downshifts counted separately, there are a total of 36 direct shifts, sequential
and non-sequential combined, as shown in Figure 5.16. Note that other non-sequential
shifts are possible in kinematics, but it would then involve three clutches during shift
processes, making shift control much more technically challenging. The 36 available
directs should be sufficient for the selections of gears that best fit the driver’s intention
and vehicle operation conditions.

1 2 3 4 5 6 7 8

Figure 5.16 Direct shifts in ZF RWD eight-speed automatic transmission.
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5.3.3.1 Ratio Formulation
Similar to the two previous examples, the ratio formulation for the ZF Ford RWD eight-
speed AT can be derived using the combination of the characteristic equations from Eqs
(5.17–5.20) and the clutch constraints on the related angular velocities in each gear. For
example, the fifth gear ratio is determined in terms of the planetary parameters by plug-
ging in the clutch constraints of the fifth gear, namely, ωR1 = 0; ωC3 =ωout ; and ωR3 =ωin,
in Eqs (5.17–5.20):

ωS1− 1 + β1 ωC1 = 0

ωS1 + β2ωR2− 1 + β2 ωin = 0

ωR2 + β3ωin− 1 + β3 ωout = 0

ωin + β3ωC1− 1 + β3 ωout = 0

With ωin given, the other four angular velocities, ωS1, ωC1, ωR2, and ωout are solved from
the linear equation system above and the fifth gear ratio is formulated in terms of the four
planetary parameters β1, β2, β3, and β4 by using:

i5 =
ωin

ωout
=

1 + β1 1 + β4 + β2β3 1 + β3
1 + β1 + β4 1 + β2 + β2β3β4

All other gear ratios can be formulated in a similar fashion in terms of the planetary
parameters:

i1 = 1 + β4; i2 =
β2 1 + β4
1 + β2

; i3 =
1 + β1 1 + β4
1 + β1 + β4

; i4 =
1 + β1 + β2
1 + β2

i5 =
1 + β1 1 + β4 + β2β3 1 + β3
1 + β1 + β4 1 + β2 + β2β3β4

; i6 = 1; i7 =
β2 1 + β3

1 + β2 + β2β3
; i8 =

β2
1 + β2

iR =
β2 1−β3β4

1 + β2

It can be observed from these formulations that the sixth gear is a direct drive, and the
7th and 8th gears are overdrives. The reverse gear ratio is negative since the term in the
parenthesis is negative. With the four planetary parameters given as β1 = 2 0, β2 = 2 0,
β3 = 1 61, and β4 = 3 696, the eight forward gear ratios and the one reverse ratio are cal-
culated by the formulae above and listed in the clutch table as shown in Figure 5.14.

5.4 Transmission Dynamics

As a key component in the vehicle drive line, transmission dynamics is crucial to power-
train system responses during gear shifts. Transmission shift control is based on the
understanding of transmission dynamics and quantification of transient variables during
shift operations. This section presents a systematic approach to the modeling and anal-
ysis of transmission dynamics under fixed gear operations and shifting processes. The
focus of the section will be on the derivation of the state variable equations of the vehicle
systems and how these equations are solved for various vehicle operating statuses. Start-
ing from the free body diagrams of powertrain components, the section shows how the
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equations of motion in the component level are integrated to form the vehicle state var-
iable equation system. Under static conditions, this equation system will determine the
torque of the involved clutches and the transmission output in terms of the input torque.
During transmission shifts, this equation system is used to quantitatively analyse tran-
sient variables, such as speed and torque of the involved clutches, transmission output
torque variations, shift time, and other variables that affect transmission shifting perfor-
mance. Note that this section only concerns the rotational dynamics of the powertrain
system so that the equations of motion involve only torque and angular velocity. In addi-
tion, transmission components are modeled as lumped masses with mass moments of
inertia. The approach in the section is demonstrated with three case studies using the
same three example transmissions as in Section 5.3.
As previously mentioned, automatic transmissions are designed with three types of

planetary gear trains: simple PGT, dual-planet PGT, and Ravigneaux PGT. As discussed
in Section 3.8, the relationship between the magnitudes of the torque on the sun, carrier,
and ring is characteristic of a planetary gear train, which is repeated here for the three
types of PGTs.
Simple planetary gear train:

TR = βTS 5 21

TC = 1 + β TS 5 22

Here the torque on the sun gear and the torque on the ring gear are in the same direction.
Clearly the torque on the carrier is the algebraic sum of the torque on the sun gear and
the torque on the ring gear for equilibrium.
Dual-planet planetary gear train:

TR = βTS 5 23

TC = β−1 TS 5 24

Here the torque on the ring gear is opposite in direction to the torque on the sun gear,
and the torque on the carrier is opposite in direction to the torque on the ring gear since β
is larger than 1.
Ravigneaux planetary gear train:

TR1 = β1TS1 5 25

TC1 = 1 + β1 TS1 5 26

TR2 = β2TS2 5 27

TC2 = β2−1 TS2 5 28

Here the Ravigneaux PGT is decomposed into two PGTs, the first two equations are for
the simple PGT and the second two equations are for the dual planet PGT, as shown in
Section 3.8.

5.4.1 Ford FWD Six-Speed AT

Free body diagrams: The ratio change portion of the Ford FWD six-speed automatic
transmission illustrated Figure 5.10 contains six subassemblies: input shaft assembly,
sun gear S1 assembly, output assembly, carrier C1 – ring gear R2 assembly, carrier
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C2 – ring gear R3 assembly, and sun gear S3 assembly, as shown in Figure 5.17. The gear
ratio from the gear pairs after the output assembly is the constant final drive ratio.
The input torqueTin and the output torqueTout, as well as the reaction torques,TC,TD,

TE, and TF, which are applied by the four reaction clutches to respective transmission
subassemblies, are shown in the free body diagram of the transmission ratio change por-
tion, as demonstrated in Figure 5.17. The directions of the angular velocity and the tor-
que on the input and output are known for a given transmission. The directions of
reaction torques are assumed to be the same as the input torque in the free body diagram.
The free body diagram for each of the six subassemblies are shown separately in
Figure 5.18.

𝛽1 𝛽2
𝛽3

EFD
C

B

A

Tin

Tout

TETFTDTC

ωinωout

Figure 5.17 Ratio change portion of Ford FWD six-speed AT.

Turbine

Input assembly

Output assembly

S1 assembly

S3 assembly

C1R2 assembly

C2R3 assembly

Tin

Tout

TA TA

TB

TC

TF

TR1

TR1
TR2

TE

TS3

TS1

TS2
TS1

TS2
TS3

TR2

TR3

TR3

TD

TB

ωin ωS1 ωC1

ωC2ωout

Figure 5.18 Free body diagram of the subassemblies of Ford FWD six-speed AT.
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While drawing the free body diagrams (FBD) for the subassemblies, the directions of
the internal torques, including the torques applied by the coupling clutches and gear tor-
ques, are not known and must be assumed. Once the direction of an internal torque is
assumed in an FBD, it must be consistent for all other FBDs. For example, torque TA

applied by clutchA to the input assembly is an internal torque and is assumed to be coun-
ter clockwise in the FBD of the input assembly. When applied, clutch A couples the C1R2

assembly with the input assembly. Therefore, the torque applied by clutch A to the C1R2

assembly is opposite in direction to the torque applied by clutch A to the input assembly.
The direction of torque TA is thus clockwise in the FBD of the C1R2 assembly. The direc-
tions of gear torques with unknown directions are treated similarly. For example, TS1 is
the torque applied to sun gear S1 of the S1 assembly and is assumed to be counter clock-
wise in the FBD. Sun gear S1 meshes with the planet gear in the C1R2 assembly. The tor-
que applied on the planet gear in theC1R2 assembly by the sun gear in the S1 assembly has
the same magnitude but is opposite in direction to the torque applied by the planet gear
in the C1R2 assembly to the sun gear in the S1 assembly. The direction of TS1 is thus
clockwise in the FBD of the C1R2 assembly. A planet gear is supported on a carrier
and is considered as a part of the assembly that contains the carrier in the FBD. While
drawing the FBD of an assembly containing a carrier, the ring gear torque and the sun
gear torque are shown rather than the carrier torque directly. The torque on the carrier is
of course the algebraic sum of the ring gear torque and the sun gear torque. In addition, it
is worthwhile to note that a simple planet gear train, the ring gear torque, and the sun
gear torque are in the same direction, as can be observed in the free body diagrams in
Figure 5.18.
Equations of motion: After the FBDs for all subassemblies are correctly drawn, the

equations of motion can then be written easily based on the Newton’s second law. These
equations are:

Tin−TS2−TA−TB = Iinωin 5 29

TC +TB−TS1 = IS1ωS1 5 30

TA +TD +TF + TS1 +TR1 −TR2 = IC1R2ωC1 5 31

TS3 +TR3 −TR1−Tout = Ioutωout 5 32

TS2 +TR2 −TR3 = IC2R3ωC2 5 33

TE −TS3 = IS3ωS3 5 34

where the I terms before the angular accelerations are the mass moments of inertia of the
respective assemblies. In the study of transmission dynamics, the output torque and
clutch torques are the key variables affecting shifting performances. These equations
can be streamlined by eliminating the gear torques by various substitutions. Using
Eqs (5.29), (5.30), and (5.34), the sun gear torques can be directly represented as:

TS2 = − Iinωin +Tin−TA−TB 5 35

TS1 = − IS1ωS1 +TC +TB 5 36

TS3 = − IS3ωS3 +TE 5 37

Plugging TS1, TS2, and TS3 expressed by these three equations into Eqs (5.31), (5.32) and
(5.33) and noting that TR = βTS , the system equation of transmission dynamics can then
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be represented with only the torques of interest, namely the output torque and clutch
torques remaining in the equation:

TA +TD +TF + 1 + β1 − IS1ωS1 +TC +TB −β2 − Iinωin +Tin−TA−TB = IC1R2ωC1

5 38

1 + β3 − IS3ωS3 +TE − β1 − IS1ωi +TC +TB −Tout = Ioutωout 5 39

1 + β2 − Iinωin +Tin−TA−TB −β3 − IS3ωS3 +TE = IC2R3ωC2 5 40

Note that Eqs (5.35–5.37) are used to calculate the dynamic loads on the gears once other
variables are solved from system dynamics. These equations can be further rearranged as
follows and will be integrated into the vehicle powertrain system for the modeling and
analysis of the vehicle system dynamics, as will be discussed later.

β2Iinωin− 1 + β1 IS1ωS1− IC1R2ωC1−β2Tin + 1 + β2 TA + 1 + β1 + β2 TB +

1 + β1 TC +TD +TF = 0

5 41
β1IS1ωS1− 1 + β3 IS3ωS3− Ioutωout − β1TB−β1TC + 1 + β3 TE −Tout = 0 5 42

− 1 + β2 Iinωin + β3IS3ωS3− IC2R3ωC2 + 1 + β2 Tin

− 1 + β2 TA− 1 + β2 TB−β3TE = 0
5 43

Static torque magnitudes: In static terms, the angular accelerations in Eqs (5.41–5.43)
are zero and all inertia terms drop out. So the input torque, the output torque, and the
clutch torques are determined by the following three equations:

−β2Tin + 1+ β2 TA + 1 + β1 + β2 TB + 1 + β1 TC +TD +TF = 0 5 44

− β1TB−β1TC + 1 + β3 TE −Tout = 0 5 45

1 + β2 Tin− 1 + β2 TA− 1 + β2 TB−β3TE = 0 5 46

For the Ford FWD six-speed AT with β1 = 2 8824, β2 = 2 1707, and β3 = 2 4146, the three
equations above are of the following form:

−2 1707Tin + 3 1707TA + 6 0531TB + 3 8824TC +TD +TF = 0

−2 8824TB−2 8824TC + 3 4146TE −Tout = 0

3 1707Tin−3 1707TA−3 1707TB −2 4145TE = 0

In each of the six forward gears and the one reverse gear, only two clutches are applied
and the other four clutches are open. Considering the input torque as given, the two
clutch torques and the output torque are uniquely determined from the linear equation
system formed by the three equations above. Note that it is possible to determine
the clutch torques on static conditions by just using the Eqs (5.21) and (5.22) without
using Eqs (5.41–5.43). For example, in first gear, TA =TB =TC =TD = 0 since clutches
A, B, C, D are open. It can be observed from the input assembly FBD in Figure 5.18 that
TS2 =Tin. From the C1R2 assembly FBD, we can see that TF =TR2 = β2Tin. It can also be
seen that since TE =TS3 from the S3 assembly, then from the C2R3 assembly,

TS3 =
TR3

β3
=

1 + β2 TS2

β3
=

1 + β2 Tin

β3
. For transmissions withmore sophisticated struc-

tures, such as transmissions using Ravigneaux PGTs, it is more convenient to derive the
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equations of motion based on the FBDs and solve these equations after dropping the
inertia terms for the clutch torques of interest. It is a common practice to express the
output torque and the clutch torques as multiples of the input torque. The clutch torques
and output torque for the Ford FWD six-speed AT are tabulated here, with the input
torque unitized. Note that if the clutch torque is negative, it means that the real direction
of the torque is just opposite to what is assumed in the free body diagram. A box left
blank in the following table indicates that the referred clutch is open.

Gear Applied Clutches TA TB Tc TD TE TF Tout

1st E, F 1.3131 2.1707 4.4838

2nd E, C 0.5591 1.3131 2.8722

3rd E, B 0.3586 0.8422 1.8422

4th E, A 0.6846 0.4141 1.4141

5th A, B 1.3464 −0.3464 1.00

6th A, C 1.00 −0.2576 0.7424

Rev. B, D 1.00 −3.8824 −2.8824

General state variable equation system: The motions, i.e. the angular accelerations, of
the transmission subsystems, are governed by the equations of motion represented by
Eqs (5.41–5.43). In addition, the angular accelerations must also satisfy the transmission
characteristic equations represented by Eqs (5.8–5.10). The state variable equation
system for the transmission is formed by combining the equations of motion and the
transmission characteristic equations with the angular accelerations differentiated with
respect to time:

ωS1 + β1ωout − 1 + β1 ωC1 = 0 5 47

ωin + β2ωC1− 1 + β2 ωC2 = 0 5 48

ωS3 + β3ωC2− 1 + β3 ωout = 0 5 49

β2Iinωin− 1 + β1 IS1ωS1− IC1R2ωC1−β2Tin + 1 + β2 TA + 1+ β1 + β2 TB +

1+ β1 TC +TD +TF = 0

5 50

β1IS1ωS1− 1 + β3 IS3ωS3− Ioutωout − β1TB−β1TC + 1 + β3 TE −Tout = 0 5 51

− 1 + β2 Iinωin + β3IS3ωS3− IC2R3ωC2 + 1 + β2 Tin− 1 + β2 TA

− 1 + β2 TB−β3TE = 0
5 52

Specific state variable equation system: The general state variable equations Eqs
(5.47–5.52) apply for all gears and for all vehicle operation conditions. However, note
that the initial condition and clutch engagement constraints must be superimposed upon
the general state variable equation system to form the specific state variable equation
system for the unique solution of the state variables. For example, when the vehicle
equipped with the Ford FWD six-speed AT runs at the first gear, two clutch constraints,
ωC1 = 0 and ωS3 = 0, will be superimposed upon the general state variable equation sys-
tem represented by Eqs (5.47–5.52). In addition, since clutches A, B, C, and D are open in
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first gear, TA =TB =TC =TD = 0. There are seven state variables remaining in the specific
state variable equation system:ωin,ωS1,ωC2,ωout , Tin, TE, TF, Tout. As will be discussed in
Section 5.7, the combination of the specific state variable equation system and the vehicle
equations of motion will lead to the unique solution of all state variables, with the input
torque Tin as a given variable.

5.4.2 Ford RWD Six-Speed AT

Free body diagrams: The Ford RWD six-speed automatic transmission illustrated in
Figure 5.11 contains six subassemblies: input shaft assembly, carrier C1 assembly, sun
gear S2 assembly, sun gear S3 assembly, carrier C2 assembly, and ring gear R3 or output
assembly. The free body diagram for the whole transmission is shown in Figure 5.19
below, with the reaction torques assumed to be in the same direction as the input
torque.
The free body diagrams for the Ford RWD six-speed AT are drawn in a similar way as

in the previous example involving the Ford FWD six-speed AT.While drawing the FBDs
for the transmission subassemblies, the Ravigneaux PGT is treated as a combination of
two separate PGTs, one a simple PGT and the other a dual-planet PGT, as discussed in
Section 3.8. The six subassembly FBDs are shown in Figure 5.20.
Asmentioned previously, the directions of the sun gear torque and the ring gear torque

are the same in a simple PGT and are the opposite in a dual-planet PGT. This is clearly
demonstrated in the FBD for the C2 assembly in Figure 5.20. The carrier C2 assembly is
commonly shared by the simple PGT S2−C2−R2 and the dual-planet PGT S3−C2−R3.
The ring gear in the Ravigneaux PGT is also commonly shared by the two separate PGTs
and is subject to two ring gear torques, TR2 from the simple PGT and TR3 from the dual-
planet PGT. In the FBD of theC2 assembly, it is apparent that TR2 and TS2 are in the same
direction, and TR3 and TS3 are in the opposite directions. It is pointed out here again that
the magnitudes of sun gear torque and ring gear torque are related as TR = βTS .
Equations of motion and static torque magnitudes: Based on the FBDs in

Figure 5.20, the equations of all six subassemblies are derived as:

Tin−TE −TR1 = Iinωin 5 53

𝛽1

B C D

E

A

Tin

TDTC

ωin
ωe ωout

Tout

Figure 5.19 FBD of Ford RWD six-speed AT.
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TS1 +TR1−TA−TB = IC1ωC1 5 54

TS2 +TC +TB = IS2ωS2 5 55

TS3 +TA = IS3ωS3 5 56

TE +TD +TR3−TS3−TS2−TR2 = IC2ωC2 5 57

TR2−TR3−Tout = IR3ωout 5 58

Similar to the previous example, the six equations can be simplified by eliminating the
internal gear torques by variable substitution. This can be done by first solving TR1, TS2,
and TS3 from Eqs (5.53), (5.55) and (5.56) respectively and then plugging them into Eqs
(5.54), (5.57) and (5.58). The remaining three equations can then be combined the trans-
mission characteristic equations represented by Eqs (5.14–5.16) to form the general state
variable equation system.
The magnitudes of static clutch torque and output torque are determined following

the same steps as in the previous example. Firstly, all of the inertia terms are dropped
in the general state variable equation system. Then torque magnitudes of open clutches
in each gear are dropped from the remaining equations respectively. The torque mag-
nitude of the applied clutches and the output torque are then solved in terms of a unity

Turbine

Input assembly C1 assembly

C2 assembly R3 assembly

S2 assembly

S3 assembly

TR1

TR1

TR2
TR2TR3

TR3

TS1
TS2

TS2

TS3

TS3

TE

TA

TA

TB

TE

TD

TB
TC

ω·C1

ω·C2 ω·out

ω· in ω·S2

ω·S3

Tin

Tout

Figure 5.20 FBDs for the subassemblies of Ford RWD six-speed AT.
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input torque. The static clutch torque and output torque for the Ford RWD six-speed AT
are as tabulated:

Gear Applied clutches TA rB Tc TD TE Tout

1st A, D 1.521 2.646 4.168

2nd A, C 1.521 0.817 2.338

3rd A, B 0.989 0.531 1.520

4th A, E 0.417 0.726 1.143

5th B, E −0.337 1.255 0.868

6th C, E −0.309 1.00 0.691

Rev. B, D 1.521 −4.928 −3.928

5.4.3 ZF RWD Eight-Speed AT

As shown in Figure 5.14, the ZF RWD eight-speed AT contains eight subassemblies:
input assembly, S1S2 assembly, R1 assembly, C4 or output assembly, C1R4 assembly,
R2S3 assembly, C3 assembly, and R3S4 assembly. The free body diagram of the whole
transmission is shown in Figure 5.21, with the reaction torque from clutches A and
B assumed to be in the same direction as the input torque. The input torque Tin is
the sum of turbine torque TT and the converter lock-up clutch torque TL,
i.e. Tin =TT +TL.
The FBDs for the eight subassemblies are drawn in Figure 5.22. Since all four planetary

gear trains in the transmission are of the simple type, the sun gear torque and the ring
gear torque shown on the planet gear are in the same direction Figure.
Equations of motion: The equations of motion for all of the eight subassemblies are as

follows based on Newton’s second law corresponding to the respective FBD:

Tin− TS2 +TR2 −TC = Iinωin 5 59

𝛽
1 𝛽

2

𝛽
3

𝛽
4
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D

TL TA
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TB

Tout

TT

ω· in

ω·e ω·out

Figure 5.21 FBD for ZF RWD eight-speed AT.
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TA +TS1 +TS2− = IS1S2ωS1 5 60

TR1 +TB = IR1ωR1 5 61

TS4 +TR4 +TD−Tout = IC4ωout 5 62

− TS1 +TR1 −TR4 = IC1R4ωC1 5 63

TR2−TS3−TE = IR2S3ωR2 5 64

TS3 +TR3 −TD = IC3ωC3 5 65

TE +TC −TR3−TS4− = IR3S4ωR3 5 66

where the ring gear torque and the sun gear torque are related as TRi = βiTSi with
i= 1, 2, 3, 4. The internal torques on the four sun gears can be solved from Eqs (5.59),
(5.61), (5.62), and (5.65) in terms of other variables and substituted into the other four
equations: Eqs (5.60), (5.63), (5.64), and (5.66). The remaining four independent equa-
tions of motion can then be represented in the following arrangement with the internal
gear torques eliminated:

−
1

1 + β2
Iinωin− IS1S2ωS1 +

1
β1

IR1ωR1 + TA−
1
β1

TB−
1

1 + β2
TC +

1
1 + β2

Tin = 0

5 67
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Figure 5.22 FBDs for the subassemblies of ZF RWD eight-speed AT.
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1 + β1
β1

IR1ωR1 + IC1R4ωC1 +
β4

1 + β4
IC4ωout −

1 + β1
β1

TB−
β4

1 + β4
TD

+
β4

1 + β4
Tout = 0

5 68

−
1 + β2
β2

Iinωin− IR2S3ωR2−
1

1 + β3
IC3ωC3−

β2
1 + β2

TC

−
1

1 + β3
TD−TE +

β2
1 + β2

Tin = 0
5 69

− IR3S4ωR3−
β3

1 + β3
IC3ωC3−

1
1 + β4

IC4ωout +TC

+
1

1 + β4
−

β3
1 + β3

TD +TE−
1

1 + β4
Tout = 0 5 70

Static torque magnitudes: In static terms, the inertia terms drop out and Eqs
(5.67–5.70) take the following form, as a linear equation system with the clutch torques
and the output torque as unknowns:

TA−
1
β1

TB−
1

1 + β2
TC +

1
1 + β2

Tin = 0

−
1 + β1
β1

TB−
β4

1 + β4
TD +

β4
1 + β4

Tout = 0

−
β2

1 + β2
TC −

1
1 + β3

TD−TE +
β2

1 + β2
Tin = 0

TC +
1

1+ β4
−

β3
1 + β3

TD +TE −
1

1 + β4
Tout = 0

These equations apply for all eight forward speeds and reverse speed. With the input
torque given, there are six torques to be determined, including five clutch torques
and the output torque. In the ZF RWD eight-speed AT, three clutches are applied in
each gear. The clutch torques of the two open clutches are equal to zero. Therefore,
the three clutch torques and the output torque are uniquely determined by the four
equations above with the respective clutch constraints in each gear. For example, in
the fifth gear, TA =TE = 0 since clutches A and E are open. The four equations then take
the following form for the ZF RWD eight-speed AT with β1 = 2 0, β2 = 2 0, β3 = 1 61,
and β4 = 3 696.

TA−0 5TB−0 3333TC = −0 3333Tin

−1 5TB−0 787TD + 0 787Tout = 0

−0 6667TC −0 3831TD−TE = −0 6667Tin

TC −0 4039TD +TE−0 2129Tout = 0

The three clutch torques and the output torque are then directly solved from these four
equations in terms of the input torque: TB = 0 282Tin, TC = 0 573Tin, TD = 0 743Tin, and
Tout = 1 282Tin. All other static clutch torques and the output torque are determined
similarly and tabulated as shown in terms of unitary input torque.
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Engaged clutches TA TB TC TD TE Tout

1st A, B, C 1.232 2.464 1.0 4.697

2nd A, B, E 0.488 1.643 0.667 3.131

3rd B, C, E 1.104 −0.656 1.104 2.104

4th B, D, E 0.667 0.396 0.515 1.667

5th B, C, D 0.287 0.573 0.743 1.282

6th C, D, E 1.0 1.0 −0.383 1.0

7th A, C, D −0.161 0.518 0.839 0.839

8th A, D, E −0.333 0.667 0.411 0.667

Rev A, B, D −1.655 −2.644 1.740 −3.30

General state variable equation system: The general state variable equation system is
formed by combining the transmission characteristic equations systems represented by
Eqs (5.17–5.20) differentiated with respect to time, and the equations of motion repre-
sented by Eqs (5.67–5.70), as shown, with the given β values.

ωS1 + 2 0ωR1−3 0ωC1 = 0 5 71

ωS1 + 2 0ωR2−3 0ωin = 0 5 72

ωR2 + 1 61ωR3−2 61ωC3 = 0 5 73

ωR3 + 3 696ωC1−4 696ωout = 0 5 74

−0 3333Iinωin− IS1S2ωS1 + 0 5IR1ωR1 + 0 3333Tin + TA−0 5TB−0 3333TC = 0

5 75

1 5IR1ωR1 + IC1R4ωC1 + 0 787IC4ωout −1 5TB−0 787TD + 0 787Tout = 0 5 76

−0 6667Iinωin− IR2S3ωR2−0 3831IC3ωC3 + 0 6667Tin

−0 6667TC −0 3831TD−TE = 0 5 77

− IR3S4ωR3−0 6168IC3ωC3−0 2129IC4ωout +TC −0 4039TD +TE −0 2129Tout = 0

5 78

As discussed in the previous example, the general state variable equation system is char-
acteristic of the transmission and applies for all vehicle operations, including fixed gear
operations and gear shifting processes. The clutch constraints in each operation are
respectively superimposed on the general state variable equation system to form the spe-
cific state variable equation system for the unique determination of transmission system
dynamic status, as will be detailed in Section 5.6.

5.5 Qualitative Analysis on Transmission Shifting Dynamics

Qualitative analysis on transmission shift dynamics provides an understanding of the
trends of transient behavior of dynamic variables during shifts and their effects on shift
quality [5]. In this section, the Ford FWD six-speed AT with the planetary parameters
shown in Figure 5.10 will be used as the example for the qualitative analysis of shift
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dynamics. The general state variable equation system has been represented in Eqs
(5.47–5.52). As mentioned previously, clutch constraints in each gear are superimposed
upon these equations to define the transmission operation status. Without losing gen-
erality, the 1–2 shift process is used in this section as a case study for transmission shift
dynamics during upshifts. For the convenience of analysis, the specific state variable
equations will be derived in the following, respectively for the first gear operation, torque
phase, and inertia phase in the 1–2 shift process.
First gear operation: In first gear, of the Ford FWD six-speed AT, clutches E and F are

applied, resulting in two clutch constraints:ωC1 = 0 and ωS3 = 0. Superimposing these two
constraints in Eqs (5.47–5.49), we can solve other angular accelerations in terms of the
input angular acceleration, i.e., ωC2 = 0 3154ωin, ωS1 = −6428ωin, ωout = 0 2230ωin.
These angular accelerations are then plugged into Eqs (5.50–5.52) for the solution of
the clutch torques, TE and TF, and the output torque Tout, as follows:

TF = 2 1707Tin− 2 1707Iin + 2 4956IS1 ωin 5 79

TE = 1 3131Tin− 1 3131Iin + 0 1306IC2R3 ωin 5 80

Tout = 4 4837Tin− 4 4837Iin + 0 4459IC2R3 + 1 8528IS1 + 0 2230Iout ωin 5 81

These equations represent the clutch torque and the output torque in terms of the input
torque and the input angular acceleration. The transmission output torque is directly
related to the vehicle acceleration by the equation of motion of the vehicle:

W
g
dV
dt

=
W
g
ωoutr
ia

=
ηiaTout

r
−R 5 82

where ia is the final drive ratio, η is the final drive efficiency, r is the tire rolling radius,
W is the vehicle weight, and R is the road load formulated by Eq. (1.14). It is apparent from
Eq. (5.82) that the vehicle acceleration varies proportionally with the transmission output
torque. If the transmission input torque Tin is given, the status of the vehicle dynamics and
all of the state variables are uniquely defined by the combination of Eqs (5.79–5.82).
1–2 shift process: It must be understood that any transmission gear shift is a dynamic

process during which the gear ratio is changed gradually. Let’s consider the 1–2 shift
process in the Ford FWD six-speed AT. This involves the releasing of clutch F and engag-
ing of clutch C. As soon as the transmission enters the 1–2 shift process, the ongoing
clutch C will be pressurized to apply a reaction torque to the transmission, and mean-
while, the torque in clutch F will decrease as clutch C is being pressurized. However, the
off-going clutch F will stay applied until a certain point of time during the shift process.
As long as the off-going clutch in this 1–2 upshift, or any upshift in general, stays closed,
the first gear ratio, i.e. the current gear ratio, will remain unchanged, even though the
oncoming clutch is being applied. This is because the clutch constraints on the transmis-
sion kinematics are still the same as in first gear, or current gear in any upshift, until the
off-going clutch starts to slip. As the torque in the oncoming cutch increases and the
torque in the off-going clutch decreases, the off-going clutch will start to slip at some
point in the process. As soon as the off-going clutch starts to slip, the constraint placed
by the off-going clutch on transmission kinematics is released and the transmission ratio
starts to change toward the target gear ratio until the completion of the upshift. Based on
this analysis, the 1–2 shift process, or any shift process, consists of two phases, torque
phase and inertia phase, defined in general as follows.
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Torque phase: The period from the time at which the oncoming clutch is pressured to
the time at which the off-going clutch starts to slip is defined as the torque phase. During
the torque phase, the transmission ratio remains to be the same as the current gear. Note
that, during the torque phase, torque exists in both the off-gong clutch and the oncoming
clutch. The torque in the oncoming clutch is a control variable that depends on the
clutch pressure, and the torque in the off-going clutch is a state variable that depends
on transmission dynamics.
Inertia phase: The period from the time at which the off-going clutch starts to slip to

the completion of the shift process is defined as the inertia phase. It is during the inertia
phase that the current transmission ratio is gradually changed to the target transmission
ratio. If the off-going clutch in an upshift is a one-way clutch, such as the 1–2 shift in the
Ford FWD six-speed AT, the off-going clutch torque is zero during the inertia phase.
This is because once the one-way clutch starts to slip, it only exerts a negligible drag tor-
que. If the off-going clutch is a regular clutch, the torque in the off-going clutch may exist
after the inertia phase starts. Following the industry convention, a shift is termed a
“clutch to clutch shift” if it involves two regular clutches, one off-going and one oncom-
ing. If a shift involves a regular clutch and a one-way clutch, it is termed a “clutch to one-
way clutch shift”. For clutch to clutch shifts, both the off-going clutch torque and the
oncoming clutch torque are control variables during the inertia phase.
Torque phase of 1–2 shift process: As mentioned in the definition of torque phase,

the clutch constraints in the torque phase in the 1–2 upshift are the same as in first gear.
However, clutch C is now being applied and clutch torque TC in Eq. (5.50) is no longer
equal to zero but rather a control variable. The relations for the angular accelerations are
still the same as in first gear operation since the clutch constraints are the same. Eqs
(5.50–5.52) lead to the solution of clutch torque, TE and TF, and the output torque Tout,
as follows:

TF = 2 1707Tin− 2 1707Iin + 2 4956IS1 ωin−3 8824TC 5 83

TE = 1 3131Tin− 1 3131Iin + 0 1306IC2R3 ωin 5 84

Tout = 4 4837Tin−2 8824TC − 4 4837Iin + 0 4459IC2R3 + 1 8528IS1 + 0 2230Iout ωin

5 85

During the torque phase, the gear ratio remains the same as the first gear and ωin is small
in magnitude since it is coupled to the vehicle acceleration. The inertia terms in the Eqs
(5.83–5.85) can be dropped without affecting the results in a qualitative analysis. As
observed in Eq. (5.85), the torque applied by the oncoming clutch TC reduces the output
torque by 2.8824 times its magnitude. Meanwhile, the torque in the off-going clutch TF

also decreases as the oncoming clutch torque TC increases and will become equal to zero
when TC≈0 5591Tin. Because the off-going clutch in the 1–2 shift is a one-way clutch, it
will start to slip once its torque becomes equal to zero. The shift then enters the inertia
phase. Furthermore, the torque in the one-way clutch will remain at zero until the com-
pletion of the 1–2 shift.
If the off-going clutch in the 1–2 upshift is not a one-way clutch but rather a regular

clutch, such as clutch D shown in the stick diagram of the Ford FWD six-speed AT, then
the slippage of the off-going clutch is not self-actuated but depends on the ATF pressure
in the piston chamber of clutch D. This pressure defines the torque capacity of the off-
going clutch D as indicated by Eq. (2.8). In this case, the torque in the off-going clutch,
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TD, is determined by the transmission system dynamics up to the point of slippage. The
threshold of clutch slippage is at the point when the off-going clutch torque determined
by the transmission system dynamics as a state variable is equal to the clutch torque
capacity. As soon as the off-going clutch D slips, the 1–2 shift enters the inertia phase
and the transmission ratio starts to change. However, the torque in clutch D is not equal
to zero after the 1–2 shift enters the inertia phase but rather a control variable that
depends on the clutch pressure. This residual torque must be brought to zero as quickly
as possible to optimize the shift response and smoothness. If the ATF pressure in clutch
D is not brought down quickly after the 1–2 shift is initiated, it can happen that even
when the clutch torque TD determined by transmission system dynamics is zero already,
clutch D is still not slipping. This causes the phenomenon termed “clutch tie-up”, which
is the worst-case scenario and must definitely be avoided during any shift. To avoid
clutch tie-up, the off-going clutch torque capacity must be controlled to drop quickly
so that it will be smaller than the off-going clutch torque determined as a state variable
before it becomes equal to zero.
Summarizing the analysis above, it can be concluded in general that the torque phase

in upshifts begins as soon as the oncoming clutch is pressurized and ends at the point
when the off-going starts to slip. The transmission ratio remains to as the current gear
ratio and the input angular acceleration ωin is almost unchanged during the torque
phase. The torque in the off-going clutch is a state variable that is determined by trans-
mission system dynamics. Generally, a clutch to one-way clutch shift is more favorable
than a clutch to clutch shift for shift quality control. The transmission output torque Tout

drops in proportion to the oncoming clutch torque that is a control variable depending
on the clutch pressure. The behaviors of key variables during the torque phase in the 1–2
upshift, including transmission input angular velocity ωin, off-going clutch torque TF or
TD, oncoming clutch torque TC, and output torque Tout, are demonstrated in Figure 5.22.
Note here that the qualitative analysis on the 1–2 shift of the Ford FWD six-speed AT is
generally applicable to all transmission upshifts.
Inertiaphaseof1–2shiftprocess: Theconstraint onangular accelerationωC1 is released

once the 1–2 shift enters the inertia phase, i.e. ωC1 0. With clutch E applied during the
inertia phase of the 1–2 shift, ωS3 drops out in Eqs (5.47–5.49). This leads to the solution
of angular accelerations, ωS1, ωC1, and ωC2, in terms of ωin and ωout as:

ωS1 = −1 7886ωin + 5 1367ωout 5 86

ωC1 = −0 4607ωin + 2 0655ωout 5 87

ωC2 = 1 4141ωout 5 88

These relations on the angular accelerations and the clutch conditions with
TA =TB =TD = 0 lead to the simplification of Eqs (5.50–5.52) in the following form:

2 1707Iin + 6 9441IS1 + 0 4607IC1R2 ωin− 19 9427IS1 + 2 0655IC1R2 ωout

−2 1707Tin + 3 8834TC +TF = 0 5 89

−5 1555IS1ωin + 14 8060IS1− Iout ωout −2 8824TC + 3 4146TE −Tout = 0 5 90

−3 1707Iinωin−1 4141IC2R3ωout + 3 1707Tin−2 4146TE = 0 5 91

In these three equations, TC is the torque of the oncoming clutch, which is a control
variable. TF is the one-way clutch torque and is equal to zero during the inertia phase.
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If the off-going clutch is not a one-way clutch, but rather a regular clutch such as clutch
D in the Ford FWD six-speed AT, the off-going clutch torque will not be zero when the
1–2 shift enters the inertia phase. It is pointed out here that torque TF is kept in Eq. (5.89)
for generality. If clutch D is used as the reaction clutch in first gear, then as with the off-
going clutch in the 1–2 shift, its torque is not equal to zero during the inertia phase and
TF in Eq. (5.89) is replaced by TD as a control variable.
The specific state variable equation system for the whole vehicle is formed by combin-

ing Eqs (5.89–5.91) with the vehicle equation of motion, i.e. Eq. (5.82). If the transmission
input torque Tin and the control variables TC and TD are given, then all state variables,
including ωin, ωout , TE, and Tout, can be solved from the specific state variable equation
system. By variable substitution, state variables TE,ωin, and Tout can be solved in terms of
Tin, TC, TF, and ωout directly from Eqs (5.89–5.91) in the form:

TE = 1 3131Tin−1 3131Iinωin−0 5856IC2R3ωout 5 92

ωin =
2 1707Tin

2 1707Iin + 6 9441IS1 + 0 4607IC1R2
−

3 8824TC +TF

2 1707Iin + 6 9441IS1 + 0 4607IC1R2

+
19 9427IS1 + 2 0655IC1R2

2 1707Iin + 6 9441IS1 + 0 4607IC1R2
ωout 5 93

Tout = 4 4837Tin−2 8824TC −
5 1555IS1 + 4 4837Iin

2 1707Iin + 6 9441IS1 + 0 4607IC1R2
2 1707Tin +

5 1555IS1 + 4 4837Iin
2 1707Iin + 6 9441IS1 + 0 4607IC1R2

3 8824TC +TF +

5 1555IS1 + 4 4837Iin 19 9427IS1 + 2 0655IC1R2
2 1707Iin + 6 9441IS1 + 0 4607IC1R2

ωout

− 2 0IC2R3−14 8006IS1 + Iout ωout

5 94

It is again emphasized here that torque TF will be replaced by torque TD if clutch D is
applied in first gear instead of clutch F. Obviously, ωout can be solved by combining
Eq. (5.94) and Eq. (5.82) in terms of Tin, TC, and TF, and all other state variables are then
solved by back substitution. This will lead to the accurate solution of the specific state
variable equations for all state variables. Shift response and smoothness primarily depend
on the variation patterns of three variables: output torque Tout, the input angular accel-
erationωin, and the output angular accelerationωout during the shift process. These vari-
ables can be qualitatively analyzed using Eqs (5.92–5.94) and the following observations
can be made on the characteristics of the inertia phase of the 1–2 upshift.

• During the 1–2 shift inertia phase, the transmission ratio it starts to change toward the
lower second gear ratio. The input angular velocity must start to drop quickly, i.e.ωin is
negative. As can be seen in Eq. (5.93), the magnitude of ωin depends on the input tor-
que Tin and the combination of the oncoming clutch torque TC and the residual off-
going torque TD. For ωin to be negative, 3 8824TC +TD > 2 1707Tin. For the Ford FWD
six-speed AT which uses clutch F as the reaction clutch in first gear, TC > 0 5591Tin. In
order to complete the shift as quickly as possible, the oncoming clutch torque TCmust
be ramped up to a high value quickly to decelerate the input angular velocity ωin. To
increase the magnitude of ωin, it is necessary to reduce the input torque Tin in the iner-
tia phase. In the practice of transmission control, the reduction of input torque Tin is
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realized by “spark retarding”. The timing for spark retarding must be controlled at the
end of the torque phase, otherwise the output torque will drop further in the tor-
que phase.

• Before the 1–2 upshift, or any other power on upshifts, is initiated the vehicle is being
accelerated in the current gear. To avoid a sudden drop of vehicle acceleration during
shift, felt as “jerk” by the driver or passenger, the output torque should be controlled
above a certain level and should not oscillate at large amplitude. This also means that
the output angular acceleration ωout determined by Eq. (5.82) is positive and varies
continuously during the shift process.

• During the shift process, the magnitude of the input angular acceleration is far larger
than the output angular acceleration, i.e. ωin ωout . In addition, the mass moment
of inertia of the input assembly is much larger than other assemblies, i.e.
Iin IS1 IC1R2 IC2R3 Iout . As can be observed in Eq. (5.94), the output torque Tout

is dominated by the first four terms. For a qualitative analysis, the magnitude of the
output torque can be approximated by dividing both the numerator and denominator
of the third and fourth terms in Eq. (5.58) by Iin and then taking the limit when Iin
approaches the infinity. This will lead to the approximation of the output torque as:
Tout≈5 1369TC + 2 0656TD. Here TD replaces TF if clutch D is the reaction torque
in first gear.

• As seen above, the magnitude of the output torque during the inertia phase is propor-
tional to the oncoming clutch torque to a large degree. To decrease ωin quickly, larger
oncoming clutch torque TC is needed. But on the other hand, an overly large oncoming
clutch torque can cause an overshoot in the output torque during the inertia phase.
This contradiction can be solved by the input torque reduction through spark retard-
ing, as mentioned previously. For the clutch to one-way clutch 1–2 shift, the oncoming
clutch torque is already equal to 0.5591Tin at the end of the torque phase. As soon as
the shift enters the inertia phase, the input torque is reduced by engine spark retarding.
The oncoming clutch torque will be immediately larger than 0.5591Tin and is con-
trolled to increase continuously, resulting in an angular deceleration for the input
assembly. As the input angular velocity decreases, the transmission ratio also decreases
from the first gear ratio toward the second gear ratio. At some point toward the end of
the shift, engine spark retarding is cancelled and the input torque is recovered to get
close to the relation TC = 0 5591Tin. The perfect timing to end the input torque reduc-
tion would be such that when the transmission ratio reaches the target second gear
ratio, the input torque is just recovered to the point at which TC = 0 5591Tin. This will
provide a seamless transfer from the first gear to the second gear without any torque
overshoot. In engineering practice, the timing of input torque reduction through
engine spark retarding and the ramping up of oncoming torque are carefully cali-
brated. A small amount of output torque overshoot is allowable and is mostly damped
by the torque converter equipped powertrain itself.

• If clutch D replaces clutch F in first gear as the reaction clutch in the Ford FWD six-
speed AT, the off-going clutch torque TD increases the overshoot of the output torque
during the inertia phase. The residual off-going clutch torque should be brought to
zero asoon as the inertia phase starts to lower the output torque overshoot. Meanwhile,
the oncoming clutch torque TC must be ramped up quickly to be greater than
0.5591Tin in order to decrease the input angular velocity ωin, otherwise “engine flare”
will occur at the start of the inertia phase.
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• Note that the observations above are based on the qualitative analysis on the 1–2
upshift in the Ford FWD six-speed AT. The observations can be generalized for all
upshifts in other automatic transmissions. The behavior of shift quality related vari-
ables during the 1–2 shift are shown in Figure 5.22.

Criteria for shift quality: The time required to complete shifts and the variation of the
vehicle acceleration during shifts are the two most important parameters for the shift
quality of automatic transmissions. The shift time depends on how quickly and timely
the off-going clutch is released and the oncoming clutch is engaged. The variation of
vehicle acceleration depends largely on the behavior of transmission output torque dur-
ing the shift process. The size of the torque hole shown in Figure 5.22 is directly propor-
tional to the vehicle acceleration drop and must be minimized to enhance the shift
quality. The torque overshoot during the inertia phase causes sudden acceleration jerks
during shifts. For the 1–2 shift of the Ford FWD six-speed ATwhich uses one-way clutch
F in first gear, the oncoming clutch torque TCmust be ramped up quickly to be around a
magnitude of 0.5591Tin, at which the one-way clutch starts to slip by itself and the shift
enters the inertia phase. If the oncoming torque TC is controlled to be close to 0.5591Tin,
that is, the reaction torque of clutch C in second gear at the end of the torque phase, then
the corresponding output torque should be close to the target value in second gear and
the depth of the torque hole will be minimized. As the shift enters the inertia phase, the
oncoming clutch torque should be ramped up at a lower rate because excessive oncom-
ing clutch torque in the inertia phase causes the output torque to overshoot. Meanwhile,
the oncoming clutch torque TC. must be high enough to act against the input torque Tin

to decelerate the input angular velocity ωin. To overcome this contradiction, it is neces-
sary to reduce the input torque through engine spark retarding, as shown in Figure 5.22
as soon as the inertia phase starts. When the input angular velocity is reduced to be the
target value corresponding to the second gear ratio, the spark retarding is cancelled to
recover the input torque. Simultaneously, the oncoming clutch torque is further
increased to complete the shift and secure the engagement of the oncoming clutch. The-
oretically, it is possible to achieve a perfect 1–2 shift as illustrated in Figure 5.23, with a
seamless output torque transfer during the shift.
If clutch D replaces the one-way clutch F in first gear of the Ford FWD six-speed AT,

the characteristics of key variables during the clutch to clutch 1–2 shift are similar to
those shown in Figure 5.23, but the torque profiles of the off-going clutch and the
oncoming clutch are different, as shown in Figure 5.24. In this case, the torque capacity
of the off-going clutch D must be ramped down quickly to the threshold of slippage
before the actual torque in clutch D reaches zero. This means that the torque phase
in the clutch to clutch 1–2 shift will end sooner than in the clutch to one-way clutch
1–2 shift. For the same input torque, the torque in the oncoming clutch is lower at
the time when the off-going starts to slip. As the shift enters the inertia phase, there
is still a torque in the off-going clutch and this torque must be brought to zero as quickly
as possible. Because the torque in the oncoming clutch is lower at the beginning of the
inertia phase, it must be ramped up more quickly during the inertia phase in order to act
against the input torque to decelerate the input angular velocity. Through the control of
spark retarding timing and oncoming clutch torque, it is possible to achieve near perfect
shifts with smooth output torque transfer similar to that shown in Figure 5.23 for the
clutch to one-way clutch shift.

Automatic Transmissions: Design, Analysis, and Dynamics 181



Power-on downshifts: Power-on downshifts are initiated during vehicle operations
such as passing, slope climbing, and other deep throttle maneuvers either triggered by
the driver or commanded by the transmission controller under certain road condi-
tions. These types of downshifts occur at relatively high vehicle speed, with the trans-
mission operating in higher gears such as fourth, fifth, and sixth. As higher vehicle
acceleration is the main intention, power-on downshifts must be implemented expe-
ditiously and some harshness during such shifts is not a major concern. If a downshift
is triggered by the driver, then the driver will anticipate it as an oncoming event and
will feel the shift harshness with lessened unpleasantness. A power-on downshift also
consists of the inertia phase and torque phase. However, power-on downshifts start
with inertia phase and end with torque phase. The order of the two phases is opposite
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Figure 5.23 Key variables in the 1–2 shift process of Ford FWD six-speed AT.
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to that of power-on upshifts discussed previously. This means that the off-going
clutch must be controlled to slip before the oncoming clutch starts to apply a clutch
torque.
Shift transients during downshifts can be analyzed qualitatively similar to the previous

case study which analyzes the 1–2 upshift of the Ford FWD six-speed AT. Let’s consider
the 4–3 downshift of the Ford FWD six-speed AT in a simple qualitative analysis. In this
downshift, clutch A is off-going and clutch B is oncoming. When the transmission oper-
ates in fourth gear, the angular velocity of sun gear S1, ωS1, is higher than the input angu-
lar velocity ωin as shown the transmission ratio analysis. Clutch B, when applied, couples
the input assembly with the sun S1 assembly, as shown in Figure 5.17. If clutch B is
applied before clutch A starts to slip in the 4–3 downshift, it will cause backward power
recirculation, or “clutch tie-up”, because the transmission still operates in the fourth gear
and thus sun gear S1 turns fast than the input assembly. To avoid this backward power
recirculation, the off-going clutch Amust be brought to slip first before any clutch torque
exists in the oncoming clutch B. As soon as clutch A slips, the transmission ratio will start
to increase from the fourth gear ratio as the input angular velocity ωin increases due to
the reduced torque in clutch A and the 4–3 downshift starts its inertia phase immedi-
ately. After the inertia phase starts, the torque in the oncoming clutch B is then ramped
up from zero rapidly and the torque in the off-going clutch A is further ramped down.
The inertia phase is finished at the point when the target third gear ratio is reached. At
this point, the pressure in clutch B is stepped up quickly to secure its engagement and the
4–3 downshift enters the torque phase. The residual torque in clutch A is now a drag
torque on the transmission and must be rapidly brought to zero to end the torque phase.
Note here that if the torque in the off-going clutch A is brought to zero before the target
third gear ratio is reached, then the 4–3 downshift will be completed without the tor-
que phase.

(RPM)

3000

1000

2000100

200

300

400
Off-going clutch
capacity torque

Off-going
clutch torque

(Second)

Oncoming clutch

torque

Input torque

Torque
phase Inertia phase

Spark

retarding

C1 angular

velocity

Input angular
velocity

Shift time

Figure 5.24 Clutch torque profiles in the clutch to clutch 1–2 shift of Ford FWD six-speed AT.
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A qualitative analysis based on the specific state variable equation system during a 2–1
downshift can be performed similarly to the previous case study for the 1–2 upshift of the
Ford FWD six-speed AT. The two sets of specific state variable equation systems are the
same for both the upshift and downshift involving the same two gears.
Equations (5.84–5.86) and (5.93–5.95) apply for both the 1–2 upshift and 2–1 downshift.
Without losing generality, let’s consider that clutch D is used instead of the one-way
clutch F in first gear. Suppose a 2–1 power-on downshift is to be implemented, then
the clutch torque capacity of the off-going clutch C must be reduced so as to start
the slippage in clutch C before clutch D is pressured, otherwise clutch D would apply
a drag torque on the transmission. The clutch torque capacity is reduced by the reduc-
tion of ATF pressure in the clutch piston chamber. As clutch C starts to slip, the 2–1
downshift enters the inertia phase immediately and the gear ratio starts to increase
toward the first gear ratio. Meanwhile, the torque in the oncoming clutch D is ramped
up gradually. As can be observed in Eq. (5.93), with Tinmaintained or even increased in a
power-on downshift, ωin can be increased rapidly if the off-going clutch torque TC is
decreased rapidly while the oncoming clutch torque is still low during the inertia phase.

When the transmission ratio determined by
ωin

ωout
reaches the first gear ratio, the oncom-

ing clutch torque TD is stepped up quickly to close the clutch, and the 2–1 downshift
then enters the torque phase during which the residual torque in the off-going clutch
is brought to zero rapidly. If the one-way clutch F is used in the first as in the Ford
FWD six-speed AT, it will be actuated by itself to the holding status when the ratio
ωin

ωout
reaches the value of the first gear ratio. Note here that the specific state variable

equations for the 2–1 downshift are used here for the analysis of downshifts in general.
In real world driving, power-on 2–1 downshift is rarely implemented in transmission
control.
This qualitative analysis can be generalized for all power-on downshifts. The torque

profiles of the off-going clutch and the oncoming clutch, as well as other variables in such
shifts, are illustrated in Figure 5.25. As observed in this figure, the actual downshift proc-
ess does not start immediately after the shift is initiated by the transmission control sys-
tem. There is a small amount of time between the shift initiation and the point at which
the off-going clutch starts to slip. During this time, the off-going clutch torque capacity is
ramped down to the threshold for slippage, which is equal to the value of the off-going
clutch torque determined by the system dynamics. In a power-on downshift, the input
torque increases after the shift is initiated and the output torque increases accordingly
before the actual shift starts. As the shift enters the inertia phase, the output torque will
oscillate somewhat due to the slippage of the off-going clutch. At this time, the oncoming
clutch torque starts to ramp up but is still small. The input angular velocity is therefore
accelerated by the input torque which works against both the off-going clutch torque and
the oncoming clutch torque. As the input angular velocity increases, the transmission
ratio is gradually changed to the target value of the lower gear. As shown in
Figure 5.25, the torque phase is much shorter in time than the inertia phase in a typical
power-on downshift. If the torque profiles of the off-going clutch and the oncoming
clutch are controlled accurately and timely, power-on downshifts can also be made with
optimized responsiveness and smoothness, as indicated by the shift time and output
torque behavior shown in Figure 5.25.
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In addition to power-on upshifts and downshifts, power-off upshifts and downshifts
are also frequently implemented in daily driving. Typically, power-off upshifts are used
when the vehicle has been accelerated to a relatively high speed and the driver decides
not to accelerate the vehicle further. A shift like this is triggered when the driver releases
the gas pedal. In such shifts, it is the wheels that drive the powertrain system since the
input torque is almost zero. In order to make quick and smooth power-off upshifts, the
off-going clutch should be controlled to slip first before the oncoming clutch is pres-
sured. In other words, the inertia phase comes before the torque phase in power-off
upshifts. Since there is almost no input torque, the control of such shifts is less challeng-
ing in comparison with power-on upshifts.
Power-off downshifts are used when the vehicle is being coasted to low speeds or a

full stop. Such shifts occur when the vehicle speed is relatively low. Because the trans-
mission input is the driven side in such shifts, the torque phase comes before the inertia
phase. The oncoming clutch torque should be ramped up before the off-going clutch
starts to slip in power-off downshifts for optimized shift feel. In summary, power-off
upshifts are used at high vehicle speed and power-off downshifts are used at low vehicle
speed. These two types of shifts are implemented without power input to the transmis-
sion and are less technically challenging in comparison with power-on shifts.
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5.6 General Vehicle Powertrain Dynamics

Vehicle drivetrain dynamics, especially transmission shift dynamics, have been the sub-
ject of in-depth studies in the automotive industry [5–7]. In this section, the ZF RWD
eight-speed AT shown in Figure 5.14 will be used as an example for the study of vehicle
powertrain dynamics. The example can be readily extended to all other automatic trans-
missions in general. For this example transmission, the general state variable equation
system consists of Eqs (5.71–5.78), which were derived in Section 5.4. The vehicle gen-
eral state variable equation system is formed by combining Eqs (5.71–5.78) and the vehi-
cle equation of motion represented by Eq. (5.82). The transmission input torque Tin is
considered as a given variable in the state variable equation system. Note that Tin

depends on the engine output and the torque converter characteristics. The integrated
vehicle systemwill incorporate the engine, the torque converter, and the transmission, as
will be discussed later in this section.
The vehicle general state variable equation system must be combined with the clutch

constraints that exist in fixed gear operations or during shifts. Any shift involves two sep-
arate statuses: torque phase and inertia phase. Not counting the reverse gear, the ZF
RWD eight-speed AT has eight forward speeds and 36 direct shifts, as mentioned pre-
viously. Therefore, there are a total of 80 operation statuses: eight fixed gear operations,
and 36 torque phases and 36 inertia phases for the 36 direct shifts. Each of these 80 oper-
ation statuses requires a set of specific state variable equations to uniquely describe the
system dynamics. Note that the specific state variable equations are the same for both the
upshift and the downshift in any of the 36 direct shifts. That is, the state variable equa-
tions for the torque phase of the 1–2 upshift are the same as for the torque phase of the
2–1 downshift, and the state variable equations for the inertia phase of the 1–2 upshift
are also the same as for the inertia phase of the 2–1 downshift.
In the vehicle general state variable equation system, formed by combining Eqs

(5.71–5.78) and Eq. (5.82), there are a total of nine equations and 14 state variables, with
the input torque Tin as a given variable. Of these 14 state variables, eight are angular
accelerations: ωin, ωS1, ωR1, ωC1, ωR2, ωR3, ωC3, and ωout ; five are clutch torques: TA,
TB, TC, TD, and TE; and one is the output torque Tout. In fixed gear operations, three
clutches are applied, providing three constraints on the angular accelerations and redu-
cing the number of angular accelerations as state variables to five. The torques in the two
open clutches are both zero, reducing the torque state variables to four. Therefore, the
total number of unknown state variables, including five angular accelerations, three
clutch torques, and one output torque, is nine. With the input torque Tin given, these
nine state variables are uniquely determined by the vehicle state variable equation sys-
tem. In the torque phase of shifts, the clutch constraints are the same as in fixed gear
operations and the number of unknown state variables is also equal to nine. The oncom-
ing clutch torque is a given control variable provided to the transmission system. In the
inertia phase of shifts, only two clutches are applied and thus the number of clutch con-
straints is only two. But in this case, both the oncoming and off-going clutch torques are
given control variables provided to the transmission system. Therefore, the number of
unknown state variables during shifts is still equal to the number of state variable equa-
tions and the dynamic status of the powertrain system is uniquely determined during all
shifting operations.
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5.6.1 General State Variable Equation in Matrix Form

The vehicle state variable equation system formed by Eqs (5.71–5.58) and Eq. (5.82) can
also be expressed in matrix form. Firstly, the eight angular accelerations and the seven
torque variable, including the five clutch torques, the input torque and the output torque,
are represented by two separate column vectors:

X = x1, x2, x3,x4, x5, x6,x7,x8
T = ωin,ωS1,ωR1,ωC1,ωR2,ωR3,ωC3,ωout

T 5 95

Y = y1, y2, y3,y4, y5, y6,y7
T = Tin,TA,TB,TC ,TD,TE ,Tout

T 5 96

where the column vectors [X] and [Y] contain respectively the eight angular accelerations
and the seven torques. In terms of variable xi i= 1,2,…,8 and yi i= 1,2,…,7 , Eqs
(5.71–5.78) and Eq. (5.82) can be readily rewritten in the following form:

x2 + 2 0x3−3 0x4 = 0 5 97

−3 0x1 + x2 + 2 0x5 = 0 5 98

x5 + 1 61x6−2 61x7 = 0 5 99

x6 + 3 696x4−4 696x8 = 0 5 100

−0 3333I2x1− IS1S2x2 + 0 5IR1x3 + 0 3333y1 + y2−0 5y3−0 3333y4 = 0 5 101

1 5IR1x3 + IC1R4x4 + 0 787IC4x8−1 5y3−0 787y5 + 0 787y7 = 0 5 102

−0 6667Iinx1− IR2S3x5−0 3831IC3x7 + 0 6667y1

−0 6667y4−0 3831y5−y6 = 0 5 103

− IR3S4x6−0 6168IC3x7−0 2129IC4x8 + y4−0 4039y5 + y6−0 2129y7 = 0 5 104

Wr
gia

x8−
ηia
r
y7 = −R 5 105

These equations can be written in matrix form:

A9,8 B9,7 9,15

X8

Y7 15,1

= R 9,1 5 106

In this matrix equation, the coefficient matrix, formed by partitioning matrices A and
B, has a dimension of 9 × 15 since there are nine state variable equations and 15 state
variables, as shown in Eqs (5.95) and (5.96). Matrix A is 9 × 8 and its elements are multi-
pliers of the angular accelerations or variables xi i= 1,2,…,8 in the state variable equa-
tions. Matrix B is 9 × 15 and its elements are the multipliers of torques or variables
yi i= 1,2,…,7 . The column vector on the right-hand side has 15 elements, with the
ninth element equal to −R and all the other eight elements equal to zero. The general
state variable equations are the characteristics of the vehicle powertrain system and apply
for all vehicle operations. This means that the elements of the coefficient matrix in
Eq. (5.106) are constants for a given transmission regardless of operation status. The
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elements of matrices A and B for the ZF RWD eight-speed AT are represented in the
following:

A 9,8 =

0 1 0 2 0 −3 0 0 0 0 0

−3 0 1 0 0 0 2 0 0 0 0

0 0 0 0 1 0 1 61 −2 61 0

0 0 0 3 696 0 1 0 0 −4 696

−3 3333II − IS1S2 0 5IR1 0 0 0 0 0

0 0 1 5IR1 IC1R4 0 0 0 0 787IC4

−0 6667II 0 0 0 − IR2S3 0 −0 3931IC3 0

0 0 0 0 0 − IR3S4 −0 6168IC3 −0 21294

0 0 0 0 0 0 0 Wr/gia

B 9,7 =

0 0 0 0 0 0 0

0 0 0 0 0 0 0

0 0 0 0 0 0 0

0 0 0 0 0 0 0

0 3333 1 0 −0 5 0 3333 0 0 0

0 0 −1 5 0 −0 787 0 0 787

0 6667 0 0 −0 6667 −0 3831 −1 0 0

0 0 0 1 0 −0 4039 1 0 −0 2129

0 0 0 0 0 0 −ηia/r

5.6.2 Specific State Variable Equation

The specific state variable equation system is formed by superimposing the clutch con-
straints upon the general state variable equation system expressed by Eq. (5.106) in each
operation. For the convenience of matrix operation and linear algebra, the specific state
variable equation system is formed by augmenting the general state variable equation
system with the clutch constraint equations rather than by direct variable substitutions.
This means that constraint equations are just treated as state variable equations and thus
the number of rows in the coefficient matrix in Eq. (5.106) increases by the number of
constraint equations. The clutch constraint equations are obtained from the clutch table
directly, in accordance with the three operation statuses: fixed gear operation, torque
phase, and inertia phase.
Fixed gear operation: Each applied clutch corresponds to a constraint equation on the

angular acceleration. If a reaction clutch is applied, the constraint equation is simply
formed by making the related angular acceleration equal to zero. If a coupling clutch
is applied, then the constraint equation is formed by making the subtraction of the
two angular accelerations of the two coupled components equal to zero. For the ZF
RWD eight-speed AT, there are three such constraint equations in each gear and the
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number of equations in the specific state variable equation system is 12. The two torques
in the two open clutches are equal to zero and are dropped from the specific state variable
equation system.
Torque phase of a shift: During the torque phase of a shift, the clutch constraint equa-

tions are the same as for the fixed gear operation. However, the oncoming clutch torque
is now an input control variable that appears on the right side of the specific state variable
equation system, as illustrated later.
Inertia phase of a shift: During the inertia phase of a shift, the clutch constraint

equation caused by the off-going clutch is released. For the ZF RWD eight-speed AT,
there are still two clutch constraint equations during the inertia phase of a shift. The
torque in the open clutch is equal to zero and is dropped from the specific state variable
equation system. The torques in both the off-going clutch and the oncoming clutch
are control variables. The number of equations in the specific state variable equation
system is 11.
In what follows, the first gear operation, the torque phase and the inertia phase of the

1–2 shift in the ZF RWD eight-speed AT are used as examples in formulating the specific
state variable equation systems. These examples can be readily extended to all other
operations and for all other automatic transmissions.
First gear operation: In the first gear of the ZF RWD eight-speed AT, clutches A, B,

and C are applied, resulting in three clutch constraints: ωS1 = 0, ωR1 = 0, and ωin =ωR3. In
terms of the variables of the column vector [X] expressed in Eq. (5.95), the three con-
straint equations are written in the following form:

x2 = 0 5 107

x3 = 0 5 108

x1−x6 = 0 5 109

These three constraint equations are combined with the general state variable equations
from Eqs (5.97–5.105) to form the general state variable equation system, which then has
12 equations and is represented in matrix form as follows:

A12,8 B12,7 12,15

X8

Y7 15,1

= R 12,1 5 110

Here the coefficient matrix is 12 × 12 since it has been augmented by Eqs (5.107–5.109).
The right-hand side is augmented from [R]9,1 in Eq. (5.106) by three zero elements.
Matrix [A]12,8 and [B]12,7 are augmented from [A]9,8 and [B]9,7 in the general state var-
iable equation system expressed by Eq. (5.106), in the following partitions:

A 12,8 =
A9,8

Aa
3,8

; B 12,7 =
B8,7

Ba
3,7

5 111

In these matrix augmentations, [A]9,8 and [B]8,7 are the same as in Eq. (5.106) and are
characteristic of the transmission, i.e. these two matrices are always the same regardless
of transmission operations. The two augmenting matrices, A a

3,8 and B a
3,7, depend on

Automatic Transmissions: Design, Analysis, and Dynamics 189



the transmission operation status and are represented for the first gear operation of the
ZF RWD eight-speed AT as follows:

A a
3,8 =

0 1 0 0 0 0 0

0 0 1 0 0 0 0

1 0 0 0 −1 0 0

; B a
3,7 =

0 0 0 0 0 0 0

0 0 0 0 0 0 0

0 0 0 0 0 0 0

Note that, in general, the augmenting matrix B a
3,7 is always a null matrix, with the num-

ber of columns equal to the number of torques and number of rows equal to the number
of constraint equations. The numbers of columns and rows of matrix A a

3,8 are equal to
the number of angular accelerations and the number of constraint equations. In first
gear, clutch torques TD and TE, or variables y5 and y6, are equal to zero and drop out
of the equation system. The input torque Tin or variable y1 is considered as a given var-
iable and is moved to the right-hand side of the equation. The remaining 12 unknown
state variables can be uniquely solved from the following linear equation system:

A12,8 B12,4 12,12 X
∗
12 = R 12,1−

12

i=1

Bi1y1 5 112

In this equation system, the coefficient matrix is 12 × 12 since the two columns corre-
sponding to y5 and y5 are dropped out from matrix [B]12,7 in Eq. (5.111) and the column
corresponding to y1 is moved to the right-hand side. The unknown column contains

12 variables and X∗
12 = x1, x2, x3,x4, x5, x6,x7,x8,y2, y3, y4,y7

T . The dynamic status
of the whole vehicle powertrain system is uniquely defined by these variables.
Torque phase of 1–2 shift: As mentioned previously, the torque phase in a 1–2 shift

differs from the first gear operation only in that the oncoming clutch torque TE, or var-
iable y6, is a control variable rather than equal to zero. The corresponding specific state
variable equation system is therefore represented as follows:

A12,8 B12,4 12,12 X
∗
12 = R 12,1−

12

i=1

Bi1y1−
12

i= 1

Bi6y6 5 113

It is observed here that Eq. (5.113) only differs from Eq. (5.112) on the right-hand side in
an additional term reflecting the effect of the oncoming clutch torque or variable y6. The
specific equation system (5.113) is used to solve the state variables until the end of the
torque phase, which is determined at the time when the off-going clutch starts to slip.
The threshold of the clutch slippage is at the point when the clutch torque capacity
becomes smaller than the clutch torque determined as a state variable. For the ZF
RWD eight-speed AT, the end of the 1–2 shift torque phase is judged by the following
inequality:

Tc
C μ, p ≤TC = y4 5 114

In this inequality Tc
C is the torque capacity of clutch C. For a given clutch, the clutch

torque capacity mainly depends on the hydraulic pressure p in the clutch piston chamber
and the clutch friction coefficient μ, which varies with clutch temperature. TC is the
clutch torque in clutch C determined as the state variable y4. As every time step in
the solution of Eq. (5.113), the clutch torque capacity Tc

C is evaluated in terms of the
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clutch hydraulic pressure and compared with the clutch torque Tc solved as the state
variable y4. As soon as the inequality above is satisfied, the 1–2 shift will enter the inertia
phase.
Inertia phase of 1–2 shift: In the inertia phase of the 1–2 shift in the ZF RWD eight-

speed AT, clutches A and B are still applied, but clutch C is slipping. There are now only
two constraint equations, represented by Eqs (5.107) and (5.108). These two constraint
equations are combined with the general state variable equations from Eqs (5.97–5.105)
to form the general state variable equation system for the inertia phase, which then has
11 equations and is represented in matrix form as follows:

A11,8 B11,7 11,15

X8

Y7 15,1

= R 11,1 5 115

Here the coefficient matrix is 11 × 11 after being augmented by Eqs (5.107–5.108). The
right-hand side is augmented from [R]9,1 in Eq. (5.106) by two zero elements. Matrix
[A]11,8 and [B]11,7 are augmented from [A]9,8 and [B]9,7 in the general state variable equa-
tion system expressed by Eq. (5.106), in the following partitions:

A 11,8 =
A9,8

Aa
2,8

; B 11,7 =
B8,7

Ba
2,7

5 116

In this matrix augmentations, [A]9,8 and [B]8,7 are the same as in Eq. (5.106) and are char-
acteristic of the transmission, as mentioned previously. The two augmenting matrices,
A a

2,8 and B a
2,7, depend on the transmission operation status and are represented for

the 1–2 shift inertia phase of the ZF RWD eight-speed AT as follows:

A a
2,8 =

0 1 0 0 0 0 0

0 0 1 1 1 1 1
; B a

2,7 =
0 0 0 0 0 0 0

0 0 0 0 0 0 0

In general, the augmenting matrix B a
2,7 is always a null matrix, with the number of col-

umns equal to the number of torques and number of rows equal to the number of con-
straint equations in the inertia phase. The numbers of columns and rows of matrix A a

2,8
are equal to the number of angular accelerations and the number of constraint equations
in the inertia phase. In the inertia phase of the 1–2 shift, clutch torque TD or variable y5 is
equal to zero and drops out of the equation system. The input torque Tin or variable y1,
the clutch torques TC and TE, or variables y4 and y6, are considered as a given variables
and are moved to the right-hand side of the equation. The remaining 11 unknown state
variables can then be uniquely solved from the following linear equation system:

A11,8 B11,3 11,11 X
∗
11 = R 11,1−

11

i= 1

Bi1y1−
11

i=1

Bi4y4−
11

i= 1

Bi6y6 5 117

In this equation system, variables y4 and y6 represent the clutch torques in the off-going
clutch C and the oncoming clutch E. Each clutch torque is controlled by the hydraulic
pressure in the piston chamber, formulated in the following according Eq. (2.7) in
Chapter 2.
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TC = y4 =Tc
C μ, pc 5 118

TE = y6 =T
c
E μ, pE 5 119

At every time step, the right-hand side of Eq. (5.117) is given and the 11 unknown state

variables, i.e. X∗
11 = x1, x2, x3,x4, x5, x6,x7,x8,y2, y3, y7

T , are uniquely solved for the
determination of powertrain system dynamic status during the inertia phase of the
1–2 shift.
Note that the same procedure can be readily extended to all transmission operations

for all automatic transmissions. It is just a matter of systematically augmenting the gen-
eral state variable equation system by the augmenting matrices corresponding to the
constraint equations in the specific operation.

5.6.3 Solution of State Variables by Variable Substitution

As shown in the qualitative analysis on the 1–2 shift of the Ford FWD six-speed AT, the
state variables in the vehicle powertrain system can be solved directly by variable substi-
tution from the specific state variable equations in terms of the transmission input torque
and the torques of the off-going and oncoming clutches. For first gear operation, the tor-
que phase and the inertia phase of the 1–2 shift of the Ford FWD six-speed AT, and the
solution of state variables by variable substitution are represented by Eqs (5.79–5.81), Eqs
(5.83–5.85), and Eqs (5.92–5.94) respectively. The same procedure can be performed on
the specific state variable equations for the ZF RWD eight-speed AT, and all other trans-
missions in general. Without losing generality, the direct solution of state variables for
the first gear operation, torque, and inertia phases of the 1–2 shift for the ZF RWD eight-
speed AT are illustrated in Figure 5.26.
For all transmission operations, including fixed gear operations and direct shifts, the

state variables can be solved from the corresponding specific state variable equations by
variable substitution in terms of the transmission input torque and the torques in the off-
going clutch and oncoming clutch, as illustrated in Figure 5.26. But this can be a very
lengthy process for transmissions with multiple direct shifts. For example, the ZF
RWD eight-speed AT has eight fixed gear operations and 36 direct shifts. It can be a chal-
lenging task to solve the state variable equations manually for so many operations with-
out making any mistakes. In comparison, the matrix form representation of the state
variable equation systems is more convenient for programming in the modeling of vehi-
cle powertrain system dynamics.
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Figure 5.26 Direct solution of state variables.
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5.6.4 Vehicle System Integration

The automatic transmission must be matched with the engine and the torque converter
for the determination of the joint operation status of the overall vehicle powertrain sys-
tem. The joint operation of the engine, the torque converter, and the transmission was
illustrated in Figure 4.11 of Chapter 4, which details the characteristics of the torque con-
verter coupling the engine and the transmission. The transmission system discussed so
far in this chapter can be considered as a subsystemmodule to be integrated to the overall
vehicle system. Model integration depends on the software platform used and the pro-
gramming language. In the Matlab/Simulink environment, the vehicle systemmodel can
be structured based on the following block diagram in Figure 5.27.
In Figure 5.27, the engine torque map describes the engine output torque in terms of

the engine RPM and throttle opening, as discussed in Chapter 1. The torque converter
block describes the converter input and output characteristics as discussed in Chapter 4.
The shift schedule block provides shift decisions to the transmission system based on
vehicle speed and engine throttle opening. The transmission system module is the core
of the integrated vehicle powertrain system and is built based on the approaches pre-
sented in this chapter. Once the specific state variable equation systems of the transmis-
sion are established, either using matrix presentation or by variable substitution, the
integrated vehicle powertrain system can be conveniently established on aMatlab/Simu-
link platform based on the structure shown in Figure 5.27. Note that the engine angular
acceleration is treated as a separate state variable by a sub-block in Figure 5.27, which
implements the equation of motion for the engine flywheel and torque converter impel-
ler assembly represented as follows:

Te−Ti = Iiωe 5 120

where ωe is the engine angular acceleration, Te is the engine output torque, and Ti is the
impeller torque. Ii is the mass moment of inertia of the flywheel and impeller assembly.
The transmission input torque Tin, or the turbine torque Tt, is related to the impeller
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Figure 5.27 Block diagram of integrated vehicle powertrain system.
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torque by the torque converter characteristics, which are discussed in Chapter 4 and reit-
erated in the following:

iq = f1 is 5 121

K = f2 is 5 122

Ti =
n2e
K2

5 123

Tt =Tin = iqTi 5 124

The torque ratio iq and the torque capacity factor K are functions of the speed ratio is,
which is defined as the ratio between the angular velocities of the turbine and the impel-
ler. The torque converter block in Figure 5.27 implements the four equations above with
the turbine torque Tt as the transmission input torque Tin.
The vehicle powertrain system itself has certain torsional elasticity and damping char-

acteristics that can affect system dynamics, particularly during launch and shift opera-
tions. To account for these system attributes, the transmission input and output
shafts can be modeled as torsional spring dampers, as shown in Figure 5.28.
In the spring–damper model shown in Figure 5.28, the angular acceleration of the tur-

bine ωt and the angular acceleration of the transmission input ωin are not the same
because of the torsional spring damper between the turbine and the transmission input.
Similarly, the angular acceleration of the transmission output ωout and the angular accel-
eration of the final drive input ωa are not the same because of the output spring damper.
The introduction of the two torsional spring dampers will add two additional state vari-
ables: ωt and ωa. These two state variables are governed respectively by the equation of
motion for the turbine assembly with mass moment of inertia It and the vehicle equation
of motion modified from Eq. (5.82) or (5.105), as:

Itωt =Tt −Tin 5 125

Wr2

η i2a
ωa =Tout −

Rr
ηia

5 126

The input torque and output torque depend on the stiffness and the damping coefficient
of the respective spring damper, as formulated by:

Tin = ki θt −θin + ci ωt −ωin 5 127
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Figure 5.28 Spring–damper modeling for Input and output shafts.
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Tout = ko θo−θa + co ωo−ωa 5 128

With the input and output shafts modeled as spring dampers, one more state variable
equation will be added to the vehicle state variable equation system and the last state
variable equation will be replaced by Eq. (5.126). For the ZF RWD eight-speed AT,
Eq. (5.125) can be added after Eq. (5.104) to become the new Eq. (5.105) and the old
Eq. (5.105) will be replaced by Eq. (5.126) as the last equation in the new equation system.
The number of equations in the general state variable system now becomes 10. The two
state variables, ωt and ωa, are included in the state variable equations, but the number of
state variables increases by only one since Tout is no longer a state variable. Therefore, the
specific state variable equation system in fixed gear and shift operations discussed pre-
viously will uniquely determine the state variables and the vehicle powertrain dynamics.
Note that the elements of the new coefficient matrix, the state variable column, and the
right-hand side must be modified accordingly in the state variable equation system to
accommodate the introduction of the spring dampers. Both the input and output torques
are not state variables and will be evaluated using Eqs (5.127) and (5.128) after twice inte-
grating the four related state variables, ωt , ωin, ωout , and ωa.

5.7 Simulation of Vehicle Powertrain Dynamics

The formulations on the vehicle powertrain dynamics in the previous section are capable
of simulating transmission performance during launch and shifting operations, or of
vehicle performance in acceleration and fuel economy over a specified speed range.
The former can then be termed as transmission simulation and the latter as range sim-
ulation. The powertrain model structure shown in Figure 5.27 needs be modified accord-
ing to the intended objectives. The following list of data must be provided for
transmission performance simulation and range simulation:

• Engine torque map and fuel map

• Torque converter characteristics

• Transmission data, including planetary gear train parameters, gear ratios and effi-
ciency values

• Vehicle data, including weight, dimension, air drag coefficient, front projected area,
tire radius

• Inertias of involved components, spring-damper parameters

• Torque profiles of oncoming and off-going clutches during shifts

Transmission simulation: The objectives of transmission simulation are obviously to
assess the transmission performance during launch and shift operations based on shift
quality criteria discussed previously. A large number of shifts under various vehicle oper-
ation conditions need to be implemented for automatic transmissions with multiple
gears. The control and calibration of these shifts is a challenging and time-consuming
process that often relies on trial and error. With transmission simulation, engineers
can have an upfront prediction on the transmission shift performances with selected
clutch torque profiles and thus avoid the lengthy trial and error process in optimizing
the clutch torque control. This will shorten greatly the transmission control and calibra-
tion time and enhance transmission shift quality.
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Initial condition: If the simulation starts from standstill, then the dynamic model will
start to simulate the vehicle launching in first gear. The initial condition at launch for the
engine and torque converter is defined by Eq. (4.29) in Chapter 4. The values of all other
state variables at launch are determined based on powertrain kinematics and static equi-
librium. Generally, all angular velocities, other than the engine angular velocity are equal
to zero at time zero during vehicle launching operations. The initial conditions for all
shifts are set by the values of the related state variables, which are determined by the
simulation model at the point of time when the shifts are initiated. Similarly, the initial
condition at the start of the inertia phase is defined by the state variable values at the end
of the torque phase. If the simulation of a particular shift is of interest, then the vehicle
dynamic status must be determined by pre-processing the simulation model up to the
point at which the shift is initiated. The related state variable values at the point of shift
initiation will define the initial condition for the particular shift.
Simulation output and applications: The simulation of transmission performance will

provide output data that are directly related to shift quality:

• Transmission output torque during a shift. This shows how the output torque varies
versus time during the shift process and provides the primary data for the judgment of
shift quality as discussed in Section 5.5.

• Angular velocities of all rotational components, including the engine, turbine, gears,
and clutches.

• Vehicle acceleration variations during the shift. This is also an indication for shift
quality.

• Shift responsiveness as defined by shift time.

• Torque values for all clutches and gear members.

These output data provide a quantitative assessment of the shift quality resulting from
the adopted control strategy and the related control variables which are primarily the
torque profiles of the off-going and oncoming clutches. It is possible to use the simula-
tion model interactively to optimize the clutch torque profiles for the shift quality. In
addition, the effect of engine torque reduction on shift quality can also be simulated
to obtain the optimized timing and reduction amount. These model optimized control
variables are then used as the initial values in the process of transmission control and
calibration.
Range simulation: A drive range is the speed–time relationship specified to emulate a

traffic pattern in model simulations. There are various standard Environment Protection
Agency (EPA) driving cycles designed to mimic real-world traffic conditions. For exam-
ple, the speed-time relationship of the EPA urban dynamometer driving schedule
(UDDS) range is shown in Figure 5.29. The vehicle in simulation is required to follow
the speed–time relationship specified in the drive range.
For range simulation, a driver model must be provided in the integrated vehicle system

model to emulate the throttle and brake controls. The driver model consists of two parts:
throttle controller and brake controller. Each of the two controllers is based on the dif-
ference between the simulated vehicle speed and the speed specified in the drive range.
PID controllers are used for both the throttle and the brake to determine the throttle
angle TA and brake force FB as shown in the following:

ΔV =Vspec−V
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TA= kptΔV + kit ΔVdt + kdt
d ΔV
dt

5 129

0 ≤TA ≤TAmax

ΔV =max Vspec−V , 0

FB = kpbΔV + kib ΔVdt + kdb
d ΔV
dt

5 130

0 ≤ FB ≤ FBmax

These two equations formulate respectively the throttle controller and the brake control-
ler. In the two equations, Vspec and V are respectively the vehicle speed specified in the
drive range and the vehicle speed obtained from model simulation, and kp, ki, and kd are
the proportion, integration, and differentiation factors of the PID controller, with a sec-
ond subscript indicating the throttle and the brake. The PID throttle and brake control-
lers can be easily integrated into the vehicle powertrain system model shown in
Figure 5.27.
Output of range simulation: Range simulation provides a broad spectrum of outputs on

vehicle dynamics and fuel economy performance on specified traffic patterns:

• Vehicle speed versus time traces. This demonstrates that the vehicle in simulation
follows the traffic patterns closely through the throttle controller and the brake
controller.

• Engine torque and speed output. This depicts the engine operation status for the whole
drive range.

• Shift frequency and operation time in each gear during the simulated range. These
indicate how the transmission shift schedule matches the traffic pattern.

• Transients during shifts, including shift time, output torque, and vehicle acceleration
variations. These are the data that judge the transmission shift quality.

• Fuel economy and emissions for the simulated drive range obtained by engine map
interpolation.

These data from range simulation listed are useful for upfront vehicle validations on
acceleration and fuel economy performances, even prior to vehicle prototyping. More
importantly, based on these data, engineers can modify the existing transmission shift
schedule so as to optimize it for the best fuel economy for the simulated drive range.
It is also possible to make the shift schedule adaptive to traffic patterns for fuel economy
optimization. The data on transmission shift transients in range simulation provide
model-based validations for the transmission shift control strategy and control variables.
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Figure 5.29 EPA UDDS drive range.
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This helps engineers to shorten the time needed to achieve the optimum transmission
control and calibration.
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Problems

1 A four-speed AT for a FWD vehicle is shown in the stick diagram. The clutch engage-
ment schedule is shown in the table. The second gear ratio is designed to be 1.63. The
chain ratio is 1.0 and the final drive PGT parameter β3 is 1.90.
a) When the transmission makes a 3–4 upshift with the torque converter locked at a

vehicle speed of 45 mph, the engine speed drops by 640 RPM. Find the gear ratios
for all forward and reverse gear ratios.

b) Assuming that the turbine torque is T, find the reaction torque in the first, sec-
ond, fourth and reverse gears respectively.

c) The transmission is in the process of making a 2–3 upshift. The sensors of the
control system detect a vehicle speed of 35 mph and a turbine speed of 2200
RPM. Determine the RPM of sun (S1) and the RPM of carrier (C1).

d) The vehicle is being driven in first gear at a speed of 12mph on a 5% slope and the
vehicle acceleration is 5 ft/s2. Determine the combined reaction torque in
clutches B2 and R3.

Vehicle data:

Front axle weight: 1800 lb Rear axle weight: 1500 lb
Center of gravity height: 14 inch Wheel base: 108 in.
Air drag coefficient: 0.31 Frontal projected area: 21 sq.ft
Tire radius: 11.0 in. Roll resistance coefficient: 0.02
Powertrain efficiency: 0.91
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Clutch table

Chain

Gear C1

C2 C3C1

C2 C3 C4 C5 B1

B1
B2 C4 C5

R3

R2

B2 R1

R1

R2 R3 it

ωe

ωin ωout

R X X –2.12

4 XXX X 0.68

3 X XXX X 1.00

2 XX XX 1.63

1 X X X X 2.96

2 The stick diagram of an eight-speed RWD automatic transmission and the clutch
engagement are shown in Figure 5.12.
a) Derive the characteristic equations for the planetary gear trains and superimpose

the structural constraints upon these equations.
b) Derive the formula for the transmission ratios for all gears in terms of the PGT

parameters.
c) Draw the FBD for each of the assemblies in the transmission. The input, output,

and reaction torque directions are shown in the stick diagram for the whole trans-
mission and must be followed in your FBDs. Derive the equation of motion for
each of the assemblies.

d) Derive the system of dynamic equations after eliminating the gear torques in the
equations of motion.

e) Determine the clutch torques for all gears under static condition for unity input
torque.

f) Derive the general state variable equation system in matrix form.
g) Derive the specific state variable equation for a 1–2 shift in matrix form.
h) Solve the output angular acceleration ωout for the 1–2 shift in (g) in terms of

Tin and TE.

Symbols for vehicle data:

Vehicle weight: W Tire radius: R
Air drag coefficient: Cd Frontal projected area: A
Final drive efficiency: η Roll resistance coefficient: f

3 The stick diagram of the Ford 10-speed RWD automatic transmission for pickup
trucks and the clutch engagement are shown in Figure 5.30.
a) Derive the formula for the transmission ratios for all gears in terms of the PGT

parameters.
b) Draw the FBD for each of the assemblies in the transmission. The input, output,

and reaction torque directions are shown in the stick diagram for the whole trans-
mission and must be followed in your FBDs. Derive the equation of motion for
each of the assemblies.
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c) Derive the system of dynamic equations after eliminating the gear torques in the
equations of motion.

d) Determine the clutch torques for all gears under static condition for unity input
torque.

ωe ωin ωout

Clutch table

Gear A

A

B

B

C

C

D

D

E

β1 β2
β3

β4
E

F

F

PGT parameters:
it

β1 β1

β3 β4

1 X X X X 4.696

= =

= =

2 X X X X X 2.985

3 X X X X 2.179

4 X X X X 1.801

5 X X X X 1.539

6 X X X X 1.288

7 X X X X 1.0

8 X X X X 0.852

9 X X X X X 0.689

10 X X X X 0.636

R X X X X –4.786

99
45

89
51

101
63

85
23

Figure 5.30 Ford 10-speed RWD AT.
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6

Automatic Transmissions

Control and Calibration

6.1 Introduction

As discussed in the previous chapter, automatic transmissions (AT) that use planetary
gear trains (PGT) realize multiple gear ratios by alternately engaging and disengaging
hydraulically actuated clutches according to the transmission clutch table. A gear shift
in the transmission involves the engagement of an oncoming clutch and the release of an
off-going clutch. Two technical issues naturally arise: (a) when should transmission shifts
be initiated, (b) how should the clutches involved in a shift be controlled so that the shift
is made quickly and smoothly? The primary functions of transmission control systems
are therefore to address these two issues.
Clutches in automatic transmissions of early types were both hydraulically actuated

and controlled [1]. A gear shift was initiated by a governor that was driven by the trans-
mission output shaft [1,2]. The governor assembly is actually a centrifugal mechanism
that has weights rotating with the governor and swinging about a pivot attached to
the governor. As the governor rotates, the weights will swing outward due to the centrif-
ugal effect. The position of the swinging weights depends on the governor rotational
speed which is in turn linearly related to the transmission output speed. As the weight
swings outward, it switches on a pilot hydraulic valve to trigger a shift corresponding to a
specific vehicle speed. Once a shift is initiated, the responsiveness and smoothness
depend on the hydraulic control circuit that controls the apply pressures of the involved
clutches. Hydraulically controlled automatic transmissions had to be exclusively applied
in the automotive industry right up to the 1970s.
Automatic transmissions with partial electronic control date back to the early 1970s

[3]. In these early types, only shift point control, or shift schedule, were controlled elec-
tronically. In a transmission controlled fully electronically, a microcomputer is used to
control both the shift schedule and the shift processes through hydraulic solenoids.
Automatic transmissions fully controlled by electronic systems were developed by the
automotive industry from the mid 1980s and were well received by the automotive mar-
ket due to the enhanced vehicle fuel economy and drivability. After 1990, all newly devel-
oped automatic transmissions, typically with four speeds and lock-up torque converters,
were controlled fully electronically. In the control systems of these transmissions, two or
three shift solenoids are used as switches in the hydraulic circuits to realize transmission
shift scheduling, and one pressure control solenoid is used to control the line pressure
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and clutch apply pressure [4–13]. This control system layout and its variations were
extensively applied for automatic transmissions until the turn of the century, when cur-
rent generation automatic transmissions were developed and started to enter production
in the industry. In comparison with the previous generation, current generation ATs
generally have more speeds – mostly with six and some with eight speeds [14,15] –
and more advanced control technologies that provide independent control for clutch
pressure and line pressure via pressure control solenoids (PCS) or variable force sole-
noids (VFS). In general, the control system of today’s automatic transmissions possess
the following functions:

• Shift schedule control: The transmission shift schedule is directly related to vehicle
acceleration performance, fuel economy, and drivability. The transmission control
unit (TCU), or the powertrain control module (PCM), which controls the whole power
train system, makes the shift decisions with the input signals on the vehicle speed and
the engine throttle opening, and other supplemental input signals on vehicle operation
status, for the optimization of performance, fuel economy, and drivability. The shift
schedule is established through intensive calibration and can be designed with adapt-
ability and self-learning features to fit the driving style of individual drivers. It can also
be designed with different modes, such as “normal”, “economy”, and “sport”, to fit
driver priorities and road conditions.

• Shift process control: Transmission shift response and smoothness depend on the
accurate torque control for the oncoming and off-going clutches. Once the TCU sends
out the command signal to make a shift, the apply pressure for the oncoming clutch
must be ramped up, and release pressure in the off-going clutchmust be ramped down,
according to the designed control strategies validated by calibration. Technically, shift
process control is the most challenging task in the development of a transmission con-
trol system. For transmissions with six or more speeds, there are already a large num-
ber of direct shifts – i.e. clutch to clutch shifts – based on transmission design. Each of
these direct shifts corresponds to a specific vehicle operation condition and engine
operation status and warrants separate clutch torque control and calibration in order
to achieve optimized shift quality in the overall drive range.

• Torque converter locking control: The status of the torque converter concerns
powertrain efficiency and transmission shift smoothness. An open converter functions
as a fluid couple and is conducive to smooth shifts, but at the expense of efficiency
which can be up to 3% fuel economy loss. To take full advantage of torque converter
characteristics without sacrificing fuel economy, a torque converter locking schedule
must be designed and calibrated as an important portion of the overall transmission
control system. When the torque converter is locked or released, the lock clutch apply
pressure or release pressure is ramped up or down using a pressure control solenoid to
minimize powertrain transients.

• Engine torque control during shift: This is usually achieved by spark retarding in a
selected number of engine cylinders. As discussed in the previous chapter, spark
retarding during a transmission shift decreases the engine torque to lower the
oncoming clutch torque required to complete the shift, thus enhancing shift
response and smoothness. Obviously, spark retarding can only be made possible
technically in vehicles that are equipped with electronically controlled automatic
transmissions.
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• System diagnosis and failure mode management: In case of component malfunc-
tions, the control systemwill provide warning signals on the instrument panel and ena-
ble vehicle operation under safe conditions in the failure management mode. The
vehicle can then be driven to a service station for diagnosis and repair. In addition,
control and calibration variables may be modified for further improvements of trans-
mission quality or may even need to be corrected after the vehicle model is already in
the market. Therefore, the software of the transmission control system, including con-
trol codes and data, should have the capability of being updated if necessary.

The development of transmission control system is always focused on the fulfillment
and improvement of the functions just described. This chapter naturally concentrates on
the hardware and software technologies applied in the transmission control systems. Fol-
lowing this introduction section, Section 6.2 provides the functional descriptions for the
hardware components, including pump, clutches and pistons, accumulators, sensors,
various valves, and solenoids, in the transmission control systems. Section 6.3 presents
the transmission control system configurations and the related design guidelines. Exam-
ples based on production transmissions of the last and current generations will be used to
demonstrate the operation logic and functions of the control systems. The section will
also provide an introduction to the development of control systems for automatic trans-
missions for the next generation. Section 6.4 will present concurrent transmission con-
trol technologies commonly applied in the automotive industry. The content of this
section concentrates on the accurate control of clutch apply pressure during gearshifts.
It also details the strategy for torque converter lock and release control. The transmission
control system comes with a large number of variables and component characteristics
that must be calibrated for the optimization of the control functions. The identification
of control variables to be calibrated and calibration of transmission control systemwill be
the topic of Section 6.5 at the end of this chapter.

6.2 Components and Hydraulic Circuits
for Transmission Control

The control system of automatic transmissions is typically a synergetic combination of
mechanical, hydraulic, and electronic subsystems or components. The mechanical
aspects of automatic transmissions have been discussed in detail in Chapter 5. To better
understand the functions of transmission control systems, it is necessary to have a gen-
eral knowledge of the characteristics of individual components and hydraulic circuits.
The following text provides the description on the functions of key hydraulic and elec-
tronic components, as applied in the transmission control system.
System ATF supply and line pressure control circuit: Driven by the engine, the

hydraulic pump generates the ATF flow and pressure in the hydraulic circuit of the trans-
mission control system. Gear pumps and vane type pumps have both been applied in
automatic transmissions. The pump consumes power in proportion to its capacity
and a fixed volume pump may pump out more ATF than necessary under a given trans-
mission operation, resulting in fuel economy loss. Variable capacity pumps supply an
ATF amount to the control system in proportion to the engine RPM to meet system
requirements with improved pump efficiency. The design guidelines of hydraulic pumps
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can be found in open literature, such as SAE publications [2]. Typically, the hydraulic
pump forms the system pressure supply circuit with a pressure regulator valve, a pressure
limit valve, and a pressure control solenoid or variable force solenoid (VFS) for the supply
and control of line pressure by regulating the AFT flow volume entering the main circuit,
as shown in Figure 6.1. This circuit design and its variations are generally applied in the
control systems of the last generation and current automatic transmissions [4,6,7], such
as the GM four-speed Hydra-Matic 4 T80-E [16] and the GM six-speed ATHydra-Matic
6 T40/45 [17]. It can be predicted also that the control system for future automatic trans-
missions with full direct clutch pressure control will also be based on designs similar to
the line pressure control circuit shown in Figure 6.1. Since the current generation ATs do
not use accumulators in the control system, the torque signal port to accumulator con-
trol valve is eliminated in the PSC in Figure 6.1.
Pressure regulator valve: The basic structure of this type of valve is illustrated in

Figure 6.1. These valves can be designed with in-port and out-port variations. A pressure
regulator valve regulates the ATF amount entering the main circuit, or pressure in equiv-
alence, through the combination of valve spring and torque signal pressure, which is also
termed throttle signal pressure. The sump port of the valve has a variable opening to let
pumped ATF bleed through to the pump suction circuit. To boost the line pressure, the
torque signal pressure controlled by a pressure control solenoid acts with the valve
spring downward against the upward line pressure force on the valve body, diminishing
the sump port opening and letting in more ATF. In the circuit shown in Figure 6.1, there
is a reverse ATF port in the pressure regulator valve. When the transmission is shifted
into the reverse gear, the ATF pressure in the reverse circuit is routed to the reverse port,
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Valve spring

Suction
Pump output

Converter feed
and lubrication

Line pressure

Pressure limit valve
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Figure 6.1 System ATF supply and line pressure control circuit.
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pushing the valve body down with the valve spring to boost the line pressure that is
needed to generate a large reaction torque in the reverse clutch. This also has the effect
of filling the hydraulic system circuit quickly to make it ready for shift operations. Note
that the pressure supply circuit shown in Figure 6.1 provides stable line pressure to the
control system circuit with minimized pressure pulsation caused by the pump.
Pressure limit valve: As shown in Figure 6.1, this valve sets a limit on the line pressure

in a very simple structure. The line pressure acts on the valve body against the valve
spring. When the line pressure exceeds the limit allowed by the valve spring, the valve
body will be pushed by the line pressure to open the exhaust port, thus limiting the ATF
pressure passing through the valve. The ATF pressure after the limit valve is then routed
to the pressure control solenoid, as shown in Figure 6.1, and to the shift solenoids that
actuate transmission shifts. This pressure is therefore termed the actuator feed pressure.
Pressure control solenoid: This is the key valve that electronically controls the ATF

pressure with high precision. The structure of a typical pressure control solenoid (PCS) is
illustrated by a section view in Figure 6.2. There are two portions – an electronic portion
and a hydraulic portion – in a pressure control solenoid. The electronic portion consists
of coil assembly, armature, push rod, and spring housed inside the cylindrical frame. The
hydraulic portion consists of valve core, spring, valve sleeve, and valve shell. There are
three ports in the hydraulic portion on the valve shell: actuator feed fluid in-port from the
pressure limit valve, as shown in Figure 6.1, torque signal pressure out-port, and exhaust
port. In addition, the actuator feed fluid can also be exhausted from the variable bleed
orifice between the valve sleeve and the armature. As can be observed in Figure 6.2, the
function of the pressure control solenoid is to control the actuator feed fluid and convert
it to the torque signal fluid pressure with high precision. The torque signal pressure is
then routed to the pressure regulator valve and accumulator control valves as the pilot
pressure for the control of line pressure and clutch apply pressure during shifts. Appar-
ently, the pressure control solenoid is crucial for transmission shift feel since it is the
primary, if not the only, component for the real time control of clutch apply pressure.
Pressure control solenoids (PCS), also called variable force solenoids (VFS) or variable

bleed solenoids (VBS), work on the principle of pulse width modulation (PWM). In gen-
eral, the operation of the pressure control solenoid can be explained by duty cycle and
frequency. A duty cycle is the percent of time that electric current flows through the coil
of the solenoid in a cycle whose time duration is defined by the frequency. In other words,
a duty cycle is the percent of time in a cycle the TCU sends electric current through the
coil. A pressure control solenoid works at a given specified frequency. For example, GM
transmission Hydra-Matic 4 T80-E uses a frequency of 614 Hz for the pressure control
solenoid [16]. A 20% duty cycle means that electric current flows in the solenoid coil for
0.2 × (1/614) s (approximately 0.0003 s) in every cycle that lasts for 1/614 s (approxi-
mately 0.0016 s), as shown in Figure 6.2. The current in the solenoid coil generates a
magnetic field that fills the center of the electronic portion in which the armature is
located. Themagnetic force, the force of the push rod spring, the hydraulic pressure force
on the end of the valve core, and the spring force on the valve core interact with each
other to vary the armature and valve core positions for the accurate control of the torque
signal pressure.
The pressure control solenoid shown in Figure 6.2 is actually a variable bleed valve

(VBS) and can be either “normally high” or “normally low”. A normally high pressure
control solenoid regulates torque signal pressure in reverse proportion to the current
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in the coil. The line pressure control solenoid in Figure 6.1 is normally low. It controls the
line pressure by bleeding more or less ATF from the valve as controlled by the TCU
according to the engine load and vehicle operation conditions. The line pressure needed
to secure transmission control functionality varies with the engine load which is reflected
by the engine throttle opening. As engine throttle increases, the line pressure is also
increased by bleeding less ATF from the pressure control valve through the decrease
of duty cycles. By contrary, a normally high pressure control solenoid regulates the
out-port pressure in direct proportion to the current in the coil; that is, to increase
the out-port pressure, the TCU increases the duty cycles of the coil. Note that the
PCS or VFS is energized by duty cycles through PWM by TCU, but the ATF pressure
controlled is calibrated against the current through the solenoid coil. When applied
in the transmission control system, the TCU monitors the current in the electric circuit
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Figure 6.2 Section view of a pressure control valve.

Automotive Power Transmission Systems206



from the solenoid to ground and uses this as the feedback to adjust the duty cycles for
accurate control of torque signal pressure.
Shift solenoid: This is actually an electronically controlled switch valve in the trans-

mission hydraulic circuit and only has two states: On or Off. A combination of On and
Off states of shift solenoids defines a particular gear position. For example, two shift sole-
noids can be used to define uniquely the four gears in a four-speed AT through the four
combinations of On andOff states. A sequential shift can then be triggered by the change
of status of one of the two shift solenoids. The section view of a normally open shift sole-
noid is illustrated in Figure 6.3. The line pressure under limit shown in Figure 6.1 is rou-
ted to the shift solenoid via an orifice and acts on the check ball. When de-energized by
the TCU, the combined force of the ATF pressure and the springmoves the plunger away
from the metering ball, allowing the solenoid ATF from the pressure limit valve shown in
Figure 6.1 to unseat the metering ball to be exhausted. When it is energized, current in
the coil generates a magnetic field, which in turn generates a magnetic force on the
plunger and moves it to seat the metering ball, blocking the solenoid fluid from the
exhaust circuit. The solenoid AFT pressure is then used to control the positons of shift
valves, which then route ATF pressure for clutch applications in different gears. Note
that a pressure solenoid control valve can also function as a switch solenoid with On
or Off states, in addition to its pressure control capability.
Shift valve: These valves are used in the hydraulic system circuit for the transmission

control unit to route the ATF flow in various operations, including park, neutral, fixed
gear operations, and shifts. Typically, one shift valve is used for the shift between two
neighboring gears. For example, GM four-speed AT Hydra-Matic 4 T80-E uses three
shift valves: 1–2 shift valve, 2–3 shift valve, and 3–4 shift valve in the hydraulic system
[16]. A shift valve has multiple ports and two positions that are controlled by the solenoid
ATF pressure from a shift solenoid. At each position, a shift valve will either block ATF
from entering the clutch apply circuit or let ATF pressure through it to become clutch
apply pressure in the clutch apply circuit. Note that the manual valve connected to the
shift stick can also be considered as a shift valve manually controlled by the driver.
Clutch: Gear ratios of an automatic transmission are realized by applying different

clutches according to the transmission clutch table, as discussed in Chapter 5. Three
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Figure 6.3 Shift solenoid and shift valve circuit.
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types of clutches – multiple disk clutch, band clutch, and one-way clutch – are used in
automatic transmissions. The one-way clutch is self-actuated and does not need to be
controlled. Current generation ATs only use multiple disk clutches due to their com-
pactness and characteristics in apply and release. Some six-speed ATs of the current gen-
eration still use a one-way clutch to facilitate the 1–2 shift as explained in Chapter 5.
Multiple disk clutches can be used for both coupling and reaction. The basic structure
of multiple disk clutch is shown in Figure 6.4. When applied, the two rotating compo-
nents – the drum and the hub, – are coupled together by the friction generated between
the friction disks splined to the hub and the steel plates splined to the drum. To apply the
clutch, the clutch apply ATF pressure from a shift valve enters the piston chamber to fill
the piston cavity before pressure is built up in the piston. The ATF then pushes the piston
against the return spring and then the apply plate. The friction disks and the steel plates
are then clamped against each other, and friction is generated on each of the contact
faces between the friction disks and steel plates. As the apply pressure is ramped up
via clutch pressure control solenoid, the clutch torque will be increased to the level
for the full engagement of the clutch.
There are several important variables or characteristics associated with the clutch

apply process. As shown in Figure 6.4, clutch apply ATF will fill up the clutch piston
cavity for some time while the clutch pressure is built up, and the piston will not move
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Figure 6.4 Structure of a multiple disk clutch and apply process.
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until the pressure build-up is high enough to overcome the return spring force and push
the apply plate afterwards. The clutch hardware designed this way in order to smooth out
the harshness of the clutch apply. However, the initial clutch apply characteristics
adversely affect shift timing and must be calibrated for the accurate control of clutch
pressure ramp-up profile. To eliminate the effects of the clutch apply side cavity, the
return spring side can be designed with a counter chamber or compensator chamber
[8]. Low pressure ATF fills up the compensator chamber and the piston apply side cavity
when the clutch is open. This improves the accuracy of clutch apply timing and clutch
pressure as shifts are initiated. As shown in Section 2.4 of Chapter 2, if disk wear is
assumed to be uniform, the torque capacity of a multiple disk is given by:

TCL = n
D+ d
2

μ pcA− Fs + kxp 6 1

where n is the number of friction disks, D and d are the friction disk outer and inner
diameters, μ is the friction coefficient, A is the clutch piston area, Fs is the return spring
force when the clutch is released, and k and xp are the spring stiffness and piston displace-
ment respectively. Clutch apply pressure is denoted by pc, which is controlled by pressure
control solenoid during shifts through clutch pressure control circuits.
Clutch pressure control circuit with accumulator: In the control system of the pre-

vious generation of automatic transmissions [16], hydraulic accumulators were usually
used to dampen clutch apply harshness in a circuit shown in Figure 6.5. ATF from the
line pressure control circuit shown in Figure 6.1 is routed through an orifice to fill up the
accumulator back side (spring side) and to the accumulator control valve counter side
(left side as shown in Figure 6.5), when the transmission is in Park. The accumulator
spring is stretched when the related clutch is not applied. Generally, the spring side
of all accumulators is filled up by accumulator back pressure ATF in Park and stays this
way in the whole range to be ready for clutch apply and release. During clutch apply, ATF
from the line pressure control circuit shown in Figure 6.1 is routed to the accumulator
valve and is directed by shift solenoids and shift valves to enter the clutch apply circuit.
Meanwhile, torque signal pressure from the pressure control solenoid acts on the accu-
mulator control valve against the accumulator back pressure, causing the accumulator
piston to displace back and forth so as to control the clutch apply pressure. For the clutch
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Figure 6.5 Clutch pressure control circuit with accumulator.
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pressure control circuit shown in Figure 6.5, the clutch apply pressure pc is related to the
accumulator back pressure pab as:

pc =
Aabpab− Fsa−kaxa

Aac
6 2

where Fsa is the spring force that balances the accumulator back pressure before clutch
apply is initiated, and xa and ka are the accumulator piston displacement and spring stiff-
ness respectively. The accumulator piston back area Aab is designed to be smaller than
the area Aac that receives the clutch apply pressure. During shift operations, the torque
signal pressure from the pressure control solenoid acts against the accumulator back
pressure to vary the opening in the accumulator control valve. This leads to the control
of accumulator back pressure and thus the clutch apply pressure momentarily according
to Eq. (6.2) during shifts to satisfactory accuracy. It is noted that pc is lower than the line
pressure during the clutch apply process. The circuit design shown in Figure 6.5 had been
applied almost exclusively for clutch apply pressure control in the previous generation
automatic transmissions. In general, a particular accumulator is attached to each clutch,
and line pressure is routed by shift valves to the accumulator and apply circuit for the
related clutch, as shown in Figure 6.5.
Clutch pressure control circuit with independent PCS: In typical current genera-

tion six-speed automatic transmissions, no accumulator is used in the hydraulic circuit
in the control system. This reduces the number of hardware components, thus lowering
the transmission overall size and weight, as well as simplifying the control system hydrau-
lic circuit. Unlike previous generation ATs, which use, as illustrated in Figure 6.1 and
Figure 6.5, only one PCS for the control of both line pressure and clutch apply pressure,
current generation ATs generally use a PCS to control the apply and release of each
clutch in the clutch pressure control circuit shown in Figure 6.6, and a separate PCS
to control the system line pressure in a circuit similar to that shown in Figure 6.1.
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Figure 6.6 Clutch pressure control circuit with independent PCS.
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The advantage of the clutch pressure control circuit shown in Figure 6.6 is obvious in
comparison with the old version shown in Figure 6.5. Firstly, it eliminates the accumu-
lator for each of the clutches in the transmission. For a transmission that has five
clutches, eliminating five accumulators would mean significant reduction in overall
transmission dimension and weight. More importantly, the new circuit allows inde-
pendent clutch pressure control during shift operations. This is crucial for smooth
shifts in current generation ATs that feature multiple speeds and clutch to clutch shifts.
During shift operations, the ATF pressures in the oncoming clutch and in the off-going
clutch are controlled by two separate solenoids. This leads to more accurate clutch
pressure control and improved shift smoothness and response. In addition, the inde-
pendent control of line pressure and clutch pressure control minimizes system distur-
bance and interference between clutches, which is also conducive to accurate clutch
pressure control.
In general, each clutch pressure regulator valve corresponds to a particular clutch

in automatic transmission with independent clutch pressure control. In addition to
pressure regulation functionality, a pressure regulator valve also functions as a switch
with On or Off status to route ATF flow. As shown in Figure 6.6, the clutch pressure
regulator valve has multiple ports, including an in-port for line pressure, out-port for
clutch apply pressure, exhaust port and pressure switch signal port. Torque signal
pressure controlled by the respective clutch PCS is routed via an orifice to one side
of the valve and acts against the valve spring force. When the PCS is energized to be at
On status, the torque signal force overcomes the spring force and displaces the valve
body toward the spring side, creating an opening between the valve shoulder and the
line pressure in-port, as shown in Figure 6.6. Controlled by the PCS duty cycle, the
torque signal force counteracts the spring force to move the valve body back and
forth, varying the opening, or “restriction”, for the line pressure to enter the clutch
apply circuit.
When the PCS is at Off status, i.e. not energized, there is no torque signal force acting

on the valve and the spring force moves the valve body toward the torque signal side and
blocks the line pressure from entering the clutch apply circuit. Line pressure is then rou-
ted through the valve to become the pressure switch signal which indicates the status of
the clutch pressure regulator valve. Switch signals from clutch regulator valves are also
used for fault diagnosis and fail mode management function of the transmission control
system. To release the clutch, the clutch PCS pressure will be reduced firstly so that the
spring force will move the valve body to the right and block the entrance for the line
pressure. As the valve body moves to the right, it also creates an opening to the exhaust
circuit for the clutch apply circuit. The exhaust opening is controlled afterwards by the
PCS to control the clutch release pressure.
As shown in Figure 6.6, the clutch apply pressure is usually fed back to the pressure

regulator valve directly via an orifice. If necessary, the clutch pressure control circuit
shown in Figure 6.6 can be augmented by a feedback loop on the clutch apply pressure
via a clutch pressure boost valve as shown in Figure 6.7. In this setup, the clutch PCS
pressure acts on an area differential in the boost valve against the spring to vary the exit
opening of the clutch pressure feedback ATF, which is routed via an orifice to the spring
side of the clutch pressure regulator valve in the circuit shown in Figure 6.6. As the clutch
PCS pressure is controlled to reach a designated level, it will move the boost valve further
to the right and let the feedback pressure exhaust.
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Clutch compensator feed circuit: When a clutch is designed with a compensator
chamber on the return spring side, ATF under a low pressure from the compensator feed
valve fills the compensator and also the clutch apply side cavity so that the clutch is ready
for apply, with minimal effects of the initial apply characteristics. As shown in Figure 6.8,
the compensator feed ATF pressure depends on the spring force acting against the ori-
ficed compensator feed pressure feedback and is designed at a low value that is not suf-
ficient to overcome the clutch return spring so that no clutch drag is created in the
clutch. If the compensator feed pressure pcp exceeds the level allowed by the spring,
the valve body will be moved to the exhaust position. In addition to minimizing
unwanted clutch initial apply attributes, clutch compensator pressure also increases
the responsiveness of clutch actuation during shift operations. Note that the clutch com-
pensator feed circuit is independent of other hydraulic circuits in the control system and
its status is kept the same in the whole drive range.
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Torque converter circuit: The torque converter clutch (TCC) apply and release is
controlled by the circuit shown in Figure 6.9 or its variations in various automatic trans-
missions [8,16]. The TCC control valve is basically a position valve controlled by the ATF
pressure from the TCC pressure solenoid. When the TCC PCS is not energized, the
spring force keeps the TCC control valve in the release position for the feed ATF from
the line pressure regulator valve shown in Figure 6.1 to enter the torque converter and
leave it to cool. The TCC apply port is blocked by the valve land at the release position.
Meanwhile, the TCC regulator valve is actuated by its spring and is kept at the position
that blocks the line pressure from flowing through. Therefore, the TCC regulator valve
does not have any effect on the converter feed circuit when the TCC PCS is not ener-
gized. In some transmissions, such as the GMHydra-Matic 6 T40/45, the TCC regulator
valve also has a shift solenoid pressure port. Shift solenoid pressure is routed to the TCC
regulator valve and acts on the shuttle, only in first gear, to close the TCC PCS pressure
port, providing a redundant condition that the torque converter will not be locked in first
gear. In the whole drive range, the shift solenoid pressure is not routed to the TCC reg-
ulator valve, which therefore does not have any effect on the converter feed circuit if the
TCC PCS is not energized.
When the TCC PCS is energized, the TCC PCS pressure acts against the spring to

move the TC control valve to the apply position, and meanwhile to move the TCC reg-
ulator valve to the pressure regulating position, as shown in Figure 6.9. In the pressure
regulating position, line pressure ATF flows through the TCC regulator valve to enter the
TCC apply pressure regulation circuit. During the torque converter locking up process,
the TCC PCS provides the pilot pressure to the TCC regulator valve to act against the
spring and the TC apply pressure feedback, as illustrated by Figure 6.9. The TCU varies
the duty cycles of the TCC PCS to control the TCC PCS pressure, which in turn controls
the valve opening for the line pressure ATF to enter the TCC apply regulation circuit.
The TCC apply ATF then flows through the TCC control valve to the apply side or feed
side of the torque converter pressure plate to lock up the clutch.
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To release the torque converter clutch, the TCU firstly decreases the TCC PCS pres-
sure to a level enough for the spring force to move the TCC control valve and the TCC
regulator valve both to the release position. The TCC apply ATF circuit is then linked
with the cooler feed port of the TCC control valve, and the converter feed ATF port is
linked to the TC release circuit. ATF is then released from between the pressure plate
and the cover of the torque converter to the exhaust circuit, as discussed in Chapter 4.
Speed sensors: Hall-effect type speed sensors are used in transmission control systems

to measure the angular velocities of the transmission input and output. A speed sensor is
positioned to face a toothed wheel (called a reluctor wheel) that is mounted on, and turns
with, the shaft. As the reluctor wheel turns, the speed sensor produces an electric signal
at a frequency correlated to the number of teeth and the rotational speed of the shaft.
Typically, there are three speed sensors in the control system of an automatic transmis-
sion: one on the transmission input, another on the transmission output, and the third on
the engine output or the impeller of the torque converter. The TCU receives signals from
these three speed sensors via the respective circuit and processes these signals for various
control operations. Note that speed sensors are the most important sensors in the trans-
mission control systems; they provide real time data for the TCU to make decisions for
shift schedule control, shift point control, and torque converter lock and release control,
as discussed in Section 6.4.
ATF temperature sensor: The ATF temperature sensor is basically a thermistor that

changes resistance in reverse proportion to temperature changes. A reference voltage is
supplied to the circuit of the temperature sensor. The TCUmeasures the voltage change
in the circuit as a measure of the ATF temperature and it can use this information to
make adjustments to the shift schedule control, shift point control, and the torque con-
verter lock and release control.
Shift range sensor or switches: This sensor provides information on the driver’s

selection of drive range. For automatic transmissions with manual shift option, this sen-
sor also sends a signal to the TCU on driver’s intention to initiate a shift. For transmis-
sions that use a shift switch instead of a shift stick, the shift switch provides the TCUwith
similar signals to those of the shift range sensor.
In addition to the sensors mentioned, the transmission control system also shares sig-

nals via control area network (CAN) from numerous sensors that aremounted separately
for other vehicle systems, mainly the engine control system. The following is a list of
these sensors and how signals from these sensors are used in the transmission control
system.
Engine throttle opening sensor: The engine operation status is determined by the

engine throttle opening and the engine RPM. The engine throttle position is one of
the two main variables – vehicle speed and engine throttle position – which determine
the shift schedule. Since the transmission control strategy is torque based, the signal
from the engine throttle sensor is used by the TCU for almost every aspect of transmis-
sion control, including shift point control, shift process control, and torque converter
lock and release control, as will be discussed in Section 6.3.
Other engine related sensors include engine coolant temperature sensor, crankshaft

position sensor, andmanifold pressure sensor. These sensors complement the engine
speed and throttle sensors for accurate determination of engine operating status and pro-
vide engine related data to the TCU for the control of transmission shift schedule and
shift processes.
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The operation of the air conditioning system affects the engine load and net transmis-
sion input torque, especially for passenger vehicles equipped with small engines. An air
conditioner switch provides the On or Off status of the air conditioning system to the
TCU, which calculates the net transmission input torque and adjusts the line pressure
and clutch pressure accordingly. Note too that the TCU interacts via CAN with other
vehicle operations or systems, such as the ABS system, the vehicle stability program,
and cruise control operation, for decision making in the transmission shift schedule.
Transmission control unit: An example TCU layout is shown in Figure 6.10. As the

core of the transmission control system, the TCU receives and processes signals from
various sensors described above, performs calculations with the software that imple-
ments control strategies for shift schedule and shift processes, and sends commands
to shift solenoids and pressure control solenoids for the accurate control of line pressure,
shift point, clutch pressures during shifts, and pressure for the torque converter lock and
release clutch. The TCU of current generation ATs may use 32-bit or 64-bit micropro-
cessors (CPU). For example, the Delphi TCM8 transmission controller uses a 32-bit,
80MHz microprocessor with 1.5MB flash memory and 56 kB RAM. Transmission con-
trollers, such as the Delphi TCM8, must possess the high-speed processing capability
required for real time transmission control and sufficient memory for the storage of
the control software and database. A TCU with a 32-bit CPU is usually sufficient for
handling all function requirements for ATs with up to six speeds. Typically, transmission
controllers are equipped with built-in input–output devices or drives for signal reception
and control command delivery. The Delphi TCM8 features a configurable pulse width
modulation (PWM) and pressure control solenoid drive with current feedback.
Stored in the TCU as EEPROM, the transmission control software consists of two

parts: programs and database. The programs include the CPU operating system, I/O
interface, and driver functions, software code for transmission control functions, as well
as diagnostics and failure mode functions. The database contains data in several groups:
(a) attributes of powertrain subsystems, such as engine maps and torque converter char-
acteristics; (b) transmission calibration data, such as line pressures and clutch pressures
under various operation conditions, clutch torque profiles, and clutch friction coefficient
look-up table; and (c) shift schedules for different transmission operation modes. Note
that transmission TCUs are capable of software and database upgrading.
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Figure 6.10 Configuration of transmission control unit (TCU).
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6.3 System Circuit Configurations for Transmission Control

The system hydraulic circuitry for the control of automatic transmissions is the integra-
tion of the components and sub-circuits discussed in the previous section. In general, the
sub-circuits for line pressure control, the torque converter lock, and the release control
and clutch pressure control are similar in the control systems of various ATs. As dis-
cussed in Section 6.2, the status of certain sub-circuits, such as the accumulator back
pressure circuit and the clutch compensator feed circuit (if applied), remains unchanged
in all drive ranges. Themain difference lies in the ATF routing circuits that are controlled
by the shift solenoids via the shift valves. The following guidelines should be useful in the
design and analysis of the hydraulic circuitry for automatic transmission control systems.

• The transmission gear position and shift logic are uniquely defined by the combina-
tions of On and Off status of shift solenoids. In ATs with four or five speeds, two
or three shift solenoids are sufficient to define all the transmission operation states,
including fixed gear operations and shift operations. For automatic transmissions with
all clutches independently controlled by pressure control solenoids (PCS), the number
of PCSs is the same as the number of clutches, and the transmission operation state is
naturally defined by the On or Off status of the related PCSs. A clutch to clutch shift
would then correspond to the changes of status of the two PCSs that control the two
concerned clutches respectively. If a one-way is used in a transmission, then a shift
solenoid can be used, in addition to the PCSs that control all the other clutches, to
define the transmission status and route the clutch apply ATF.

• The system hydraulic circuit should be designed to fulfill control functionality withmini-
mizedcomplexity.This isnotonly cost advantageousbut also reducesunwantedattributes
in the hydraulic circuit that worsen hydraulic pressure control response and accuracy.

• For automatic transmissions with clutches independently controlled by PCSs, the
clutch pressure control circuits are laid out similarly to that shown in Figure 6.6,
and if necessary a clutch apply pressure feedback circuit shown in Figure 6.7 can be
applied for a particular clutch.

• Clutch compensator circuits are designed for clutches involved in shifts that are fre-
quently made and most sensitive to the driver in response and harshness. As men-
tioned previously, compensator feed circuits are separate from the rest of the
hydraulic system.

This section will briefly present the system designs for the hydraulic circuitry for the
control of the previous generation of ATs, with the GMHydra-Matic 4 T80-E as the exam-
ple for illustrative purposes. The section will then focus on the control system
configurations of the current generation ATs as exemplified by the GM Hydra-Matic 6
T40/45. The transmission control strategies to be covered in Section 6.4 will be discussed
in reference to the current generation ATs. Finally, the sectionwill provide an introduction
to the control systems of automatic transmissions currently under development.

6.3.1 System Hydraulic Circuitry for the Previous Generation of ATs

As discussed in Section 5.2, the GM four-speed AT, Hydra-Matic 4 T80-E, uses five mul-
tiple disk clutches, two band clutches, and three one-way clutches to realize clutch to
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one-way clutch shift for all sequential shifts. For readers’ convenience, the stick diagram
with the clutch table and the status of the shift solenoids is shown in Figure 6.11. Clutch
C5 is only applied in third gear for engine braking during coasting. Two solenoids, A and
B, are used in the transmission control system to define the gear position and to initiate
shifts. The park position (P), reverse gear (R), neutral position (N), and first gear share the
same solenoid status. The manual shift valve routes the ATF flow in these positions
respectively. In the drive range, a gear position is defined respectively by a combination
of “on” and “off” of the two solenoids. Because all sequential shifts are clutch to one-way
clutches, each sequential shift is triggered by the change of status of one solenoid. A skip
downshift would be triggered by the change of statuses of both solenoids, as can be
observed in the clutch table.
Except for the coasting clutch C5 and the band clutch B2 that is applied only in P, R, N,

and first gear, the apply circuit for the other five hydraulically actuated clutches features
an accumulator respectively. Each of the five accumulators is used in the clutch apply
pressure control circuit for the shift process involving the related clutch, in a layout
shown in Figure 6.5. Two accumulator control valves are used for the control of clutch
apply and release pressure for all sequential and skip shifts. For a sequential shift,
one shift solenoid will change its status to control the position of a shift valve in
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Figure 6.5 and route the line pressure to the accumulator apply side to close the clutch
apply circuit. In a skip shift, the statuses of both solenoids will change to reposition the
shift valves and route the line pressure to the two accumulators for the two clutches
involved in the shift.
The system configuration of the hydraulic circuitry for the GM four-speed AT, Hydra-

Matic 4 T80-E is illustrated in Figure 6.12. The sub-circuits for line pressure control, TC
clutch apply and release control, and clutch pressure control have been discussed pre-
viously and are drawn as blocks in the system configuration. In addition to the manual
valve, the two shift solenoids control the positions of the three shift valves, routing the
line pressure to the respective clutch apply circuit for fixed gear and shifting operations.
As can be observed from Figure 6.12, there is only one PCS, namely the line PCS, which

controls both the line pressure and the clutch apply pressure during shifts. When a
sequential shift is to be initiated, the TCU signals one of the two solenoids, either
A or B, and flips its status. Then the shift solenoid pressure acts against the spring of
a related shift valve and repositions it. This will route the line pressure through the shift
valve and connect it to the intended clutch pressure control circuit. The TCU then sends
electric current to the line PCS by pulse width modulation (PWM) and controls the tor-
que signal pressure. The torque signal pressure acts as a pilot pressure to regulate the
clutch apply pressure in the corresponding clutch pressure control circuit. For a skip
downshift, the TCU flips the statuses of both solenoids A and B, which reposition the
shift valves. The ATF in the off-going clutch circuit is then connected to the exhaust
circuit, while the oncoming clutch apply circuit is connected to the line pressure, both
by the repositioned shift valves. The torque signal pressure from the line PCS then rap-
idly ramps up the oncoming clutch apply pressure to complete the downshift.
The shortcomings of the hydraulic circuitry shown in Figure 6.12 are obvious. Firstly,

the clutch apply and release pressures are not controlled by PCS independently, making
it difficult to accurately control apply pressure and shift timing. Secondly, since the line
PCS controls both the line pressure and the clutch apply pressure during a shift, the pres-
sure of other clutches that need to be applied during the shift may be affected. This may
even result in slippage in these clutches if the line pressure fluctuates too much during
the shift in the control of the oncoming clutch apply pressure. To overcome these short-
coming, engineers had adopted two approaches in the design and control of the previous
generation ATs. On the design side, one-way clutches are widely used in the transmis-
sion to realize clutch to one-way clutch sequential shifts. This is typified by the GM
Hydra-Matic 4 T80-E shown in Figure 6.11, which uses three one-way clutches and
has all sequential shifts clutch to one-way clutch. On the control side, hydraulic accu-
mulators are extensively used in the control systems for the clutch apply circuits. The
adoption of these two approaches greatly enhances the shift smoothness of the previous
generation ATs with four or five speeds, but of course at the expense of hardware cost
and overall transmission weight and dimensions.

6.3.2 System Hydraulic Circuitry for ATs with Independent
Clutch Pressure Control

ATs of the current generation in mass production typically have six speed and feature
clutch to clutch sequential shifts, except for the 1–2 shift in some designs. There are
two apparent differences in the clutch control circuits between the previous and current
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generation ATs, as can be observed in Figures 6.5 and 6.6. In the ATs of the current gen-
eration, accumulators are eliminated in the clutch pressure control circuit, and a PCS
designated to a particular clutch controls the pressure regulator valve position to control
the clutch apply pressure independent of other sub-circuits. This setup overcomes the
shortcomings of the hydraulic circuitry of the previous generation ATs, with substantial
reduction in overall transmission dimension and weight. The system hydraulic circuitry
of ATs with independent clutch pressure control is illustrated in general form in
Figure 6.13.
In the system hydraulic circuitry shown in Figure 6.13, the line pressure control circuit

and the torque converter clutch control circuit are illustrated from Figures 6.1 and 6.9, as
discussed in Section 6.2. The compensator feed circuit shown in Figure 6.8 is designed
for clutches with compensator pistons, and the status of this circuit remains unchanged
in the whole transmission operation range. The clutch pressure control circuit can be
designed in the setup shown in Figure 6.6 or Figure 6.7, depending on the pressure con-
trol requirements for the specific clutch. The manual shift valve has five positions, Park,
Reverse, Neutral, Drive, andManual, which correspond to different ports, and serves as a
switch to route the ATF under line pressure, respectively. In some designs, a position
sensor provides the signal indicating the shift level position for the TCU to control
the statuses of the clutch solenoids accordingly, eliminating the need for the manual shift
valve to route line pressure ATF.
The hydraulic circuit design illustrated in Figure 6.13 and its variations can be applied

in all ATs with clutch to clutch shifts and independent clutch pressure control, such as
the Ford six-speed RWD AT discussed in Section 5.3 and shown in Figure 5.11. In the
Ford six-speed RWD AT, there are five multiple disk clutches and no one-way clutch,
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with all shifts clutch to clutch. Therefore, there will be five clutch pressure control sole-
noids (PCS) and five clutch pressure control circuits. Each clutch PCS controls inde-
pendently one of the five pressure control circuits designated for a particular clutch.
In addition to controlling clutch pressure, each clutch PCS also possesses the On or
Off status. Therefore, all transmission operation statues, fixed gear operations or shift
operations, are uniquely defined by the combinations of the On or Off status of the five
clutch pressure control solenoids.
As discussed in Chapter 5, many current generation automatic transmissions with six

or eight speeds – such as the Ford six-speed FWD AT and the Lexus eight-speed RWD
AT shown in Figures 5.10 and 5.12 respectively – still use a one-way clutch in first gear as
the reaction clutch and the 1–2 shift is therefore clutch to one-way clutch. In these trans-
missions, it is not necessary to use a PCS per each of the clutches. A clutch pressure con-
trol circuit can be shared by the clutch applied in first gear for engine braking and
another clutch that is applied in higher gears, similar to the design shown in
Figure 6.12, by using a shift solenoid for ATF routing and a PCS for clutch apply pressure
control. The pressure control circuits for all other clutches are laid out as shown in
Figure 6.13.
In the GM six-speed FWD AT, Hydra-Matic 6 T40/45, one-way clutch F serves as the

reaction clutch in the first gear of the drive range and clutch D serves as the reaction
clutch in the first gear with engine braking capability, as shown in Figure 6.14. When
the vehicle is launched in first gear, clutch D is applied as the reaction clutch, and is then
released after launch before the 1–2 shift is initiated. This design makes the 1–2 shift in
the drive range clutch to one-way clutch, with engine braking capability at low vehicle
speed in first gear. As shown in the clutch and solenoid status table, the control system
uses four PCSs and one shift solenoid (SS). The shift solenoid status is On in P, R, N, and
D1 EB (engine braking), and is Off in the whole drive range, flipping only once for the
status change from D1 EB to D1. The P-R, R-N, and N-D changes are triggered by flip-
ping the status of one PCS respectively, and 1–2 shift is triggered by the flipping of the
status of the clutch C PCS. All other sequential shifts are triggered by flipping the status
of two PCSs. It is also interesting to note that skip downshifts to first gear from 3rd and
4th gears are triggered by flipping one PCS.
The hydraulic circuit for the control system of the GM Hydra-Matic 6 T40/45, shown

in Figure 6.15, is based on the configuration shown in Figure 6.13 with minor modifica-
tions. Clutch A, applied in the fourth, fifth, and sixth gears, and Clutch D, applied in the
reverse and first gear (with engine braking), share the same PCS (PCS A), with a shift
solenoid to control the shift valve position for line pressure ATF routing. The shift valve
has two out-ports for clutch apply pressure, one for clutch A and another for clutch D. It
also provides passages for the line pressure ATF in the drive range for other purposes,
such as the line pressure input for the torque converter clutch pressure control circuit
shown in Figure 6.9. The shift solenoid is energized as On in P, R, N, and D1 EB and the
shift valve is positioned by the SS pressure acting against the valve spring. At this posi-
tion, clutch D remains applied by the pressure regulated by the clutch A and D pressure
control circuit. Meanwhile, the manual valve provides additional routing for the line
pressure ATF. When the manual valve is at P, PCS A is energized to be On and all other
PCSs are Off. Line pressure ATF is routed to the clutch A and D pressure control circuit
to apply clutch D and to fill the compensator feed circuit. When the manual valve is
switched to R from P, it routes the line pressure through the shift valve passage to enter
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the clutch B pressure control circuit, and PCSB is energized to beOn and controls clutch B
apply. When the manual valve is switched from R to N after a short time of operation in R,
the status of the hydraulic circuit returns to that of P, with PCS B flipping back to Off. In a
similar fashion, when themanual valve is switched to D, it routes the line pressure ATF to
the in-ports of the pressure control circuits of clutches B, C, and E, making them ready
for apply as required by the shift schedule. At this time, only PCS E flips fromOff to On to
control clutch E apply via its pressure control circuit. The transmission will then operate
in D1 EB (first gear with engine braking) for a short time until both the SS and PCS A flip
from On to Off. Then, the SS pressure is exhausted and the shift valve is repositioned by
the valve spring. The shift valve remains in this position in all gears in the drive range and
serves only as a line pressure ATF router. Note that the transfer from D1 EB to D1 is
completed by only releasing clutch D; the one-way clutch F will automatically take over
the role as the reaction clutch in first gear from clutch D. Once the transmission operates
in the drive range from D1 to D6, the gear positions and shifts are then defined by the
statuses or status flips of the four PCSs, as illustrated in the clutch and solenoid status
table in Figure 6.14.

6.3.3 System Hydraulic Circuitry for ATs with Direct Clutch Pressure Control

The hydraulic circuits of automatic transmissions with direct clutch apply pressure con-
trol are further simplified from the hydraulic circuits of the current generation ATs as
shown in Figure 6.15. As the industry trend, next generation ATs with eight or more
speeds will feature direct clutch pressure control technology. In this new transmission
control technology, clutch apply and release pressures are directly controlled by large
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volume pressure control solenoids (PCS), also called variable force solenoids (VFS) or
variable bleed solenoid (VBS), without the pressure control circuits shown in Figures 6.6
and 6.7. Meanwhile, the manual valve, the shift valve, and the shift solenoid are also
eliminated from the hydraulic system. The shift lever or shift nub only provides signals
to the TCU on the positions indicating P, R, N, and the drive range D. Each clutch in the
transmission corresponds to a specific PCS or VFS. Therefore, the apply pressure of the
oncoming clutch and the release pressure of the off-going clutch are independently con-
trolled by the respective VFS in all shifts. This results in enhanced accuracy in clutch
pressure control and shift timing control, leading to optimized shift smoothness and shift
response. In addition, the elimination of complex hydraulic circuits is conducive to over-
all transmission weight and cost reduction. Note that the hydraulic circuits for line pres-
sure control and torque converter clutch control in ATs with direct clutch pressure
control are the same as, or similar to, the circuits shown in Figures 6.1 and 6.9. If allowed
by package space, clutches with dominating effects on shift smoothness and response are
designed with compensators. The compensator feed circuit shown in Figure 6.8 is
designed to fill the clutch piston compensator to minimize clutch initial apply attributes
and to enhance shift response. The compensator feed circuit remains the same status in
the whole drive range. The hydraulic system configuration implementing direct clutch
pressure control is illustrated in Figure 6.16. This configuration or its variations can be
used for the hydraulic circuit design for the control systems of next generation automatic
transmissions. As an example, it can be well fitted to the control system of eight-speed
ATs [14,15], such as the ZF RWD eight-speed AT that is shown in Figure 5.14 and
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analysed in Sections 5.3 and 5.4. For the ZF RWD eight-speed AT, the five clutches, A, B,
C, D, and E are respectively and directly controlled by PCS A, PCS B, PCS C, PCS D, and
PCS E. In any direct shifts, sequential or skip shifts, one PCS controls the apply pressure
of the oncoming clutch, and another PCS controls the release pressure of the off-going
clutch.

6.4 Transmission Control Strategy

As described in Section 6.1, the control system of an automatic transmission must pos-
sess five basic functions: (1) shift schedule control, (2) torque converter locking control,
(3) engine torque control during shifts, (4) shift process control, and (5) system diagnosis
and failure mode management. These functions are actuated by the transmission con-
troller, based on the signals from relevant sensors and are executed according to pre-
designed and calibrated strategies or algorithms. The previous sections have provided
a general description of the hardware components and hydraulic circuits for the trans-
mission control systems. This section highlights the strategy and techniques for the
implementation of the control system functions.

6.4.1 Transmission shift schedule

The transmission controller makes shift decisions according to the shift schedule based
on two primary inputs – the transmission output speed and the engine throttle position –
and other supplementary inputs such as ATF temperature and brake pedal depression.
It is the shift schedule that defines the operating status of the vehicle power train
system under any road condition. Therefore, the shift schedule is crucial to the vehicle
characteristics such as fuel economy, dynamics performance, drivability, and pollutant
emission levels. As discussed in Chapter 5, the fuel economy and acceleration perfor-
mance of an automatic transmission vehicle with a specific shift schedule can be
simulated by computer over various driving ranges, with the engine output data, the
transmission data, and other vehicle data provided. These simulations can provide a
model-based validation for the initial shift schedule in terms of fuel economy and per-
formance. This initial shift schedule can then be used in test vehicles that undergo the
intensive powertrain calibration process. The finalized shift schedule will be optimized in
the calibration process as a well-balanced trade-off between fuel economy and dynamic
performance. In some production transmissions [6,8,10], the shift schedules are designed
with several modes, such as Economy, Normal, and Sport, which are chosen by the driver
to meet different priorities and preferences.
An example shift schedule for a five-speed AT is shown in Figure 6.17, where the hor-

izontal axis represents the vehicle speed and the vertical axis the engine throttle position.
The solid lines are the thresholds for upshifts and dotted lines are for downshifts. As can
be observed from Figure 6.17, some of the important attributes in an AT shift schedule
are as follows:

• The current vehicle operation status is defined in Figure 6.17 by a point whose hori-
zontal coordinate is the vehicle speed and vertical coordinate is the engine throttle
position. Upshifts between two adjacent gears are made at higher vehicle speed than
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downshifts. This means that there is a buffer zone between upshift and downshift.
This buffer zone is designed for any two adjacent gears to keep the transmission from
shifting back and forth along the shift threshold line. Without the buffer zone, a slight
decrease of the vehicle speed right after an upshift is made may cause the status point
to cross back over the downshift threshold line and trigger the downshift, resulting in
frequent up/downshifts and poor drivability.

• The same upshift is made at higher vehicle speed at wider engine throttle opening, as
indicated by the inclined upshift threshold lines in Figure 6.17. This design reflects the
desire of the driver for acceleration performance. Deeper gas pedal depression will
keep the vehicle running in the current gear for a longer time to achieve better accel-
eration. On the other hand, lighter throttle openings correspond to earlier upshifts and
reach the high gear operation more quickly, resulting in better fuel economy as com-
pared with aggressive gas pedal depressions.

• Each shift threshold line consists of several straight line segments and can be defined
by the coordinates, i.e. the vehicle speed and the throttle position, at the inter-
section points of these segments. Therefore, the whole shift schedule is defined by
these coordinates of the intersection points along the respective shift threshold lines.
Adjustments or modifications on the shift schedule can be done by simply changing
the coordinates of these intersection points.

• A shift is defined by a point on a shift threshold line. A number of points on each shift
line are chosen to represent the corresponding shift conditions. These points include
the points of intersection of the straight line segments mentioned above and may also

0
0 5 10 15 20 25 30 35 40 45 50 55

Vehicle speed (mph)

60 65 70 75 80 85 90 95 100 105 110

10

20

30

40

50

T
h
ro

tt
le

 p
o
s
it
io

n
 (

%
)

60

2–1 3–2 4–3 5–4

4–53–42–31–2

70

80

90

100

Figure 6.17 Example shift schedule for a five-speed automatic transmission.

Automotive Power Transmission Systems226



include intermediate points between the intersections, usually chosen at nearly even
steps of engine throttle openings. For example, ten points might be chosen on the 1–2
shift line in Figure 6.17, six of them are at the intersections of the straight line segments
and four are between the intersections for a nearly even throttle position interpolation.
Theoretically, each one of such points constitutes a different shift and needs to be cali-
brated separately against the corresponding vehicle operation condition. Therefore,
the number of shifts can become very large for an AT with multiple gear ratios.

• A transmission shift schedule works interactively with the torque converter clutch
operation schedule. The apply and release of torque converter clutch closely follows
the transmission shift schedule. As discussed later separately, the converter clutch
operation schedule has two important effects on the transmission performance: shift
smoothness and fuel economy.

• The shift schedule defined by threshold lines in Figure 6.17 is used for normal oper-
ation conditions. The shift thresholds are adjusted on a real time basis to better fit vehi-
cle operation conditions, such as operation in low temperatures or when towing of a
trailer. During a shift process, the controller will decide whether to proceed or discon-
tinue while the driver depresses the brake.

Some vehicles are equipped with ATs that feature driver selectable shift modes, usually
termed Economy, Normal and Power. Each of these modes is designed to fit an intended
priority of the driver. For example, Figure 6.18 shows the shift schedule under the Nor-
mal mode and the Power mode respectively for a Toyota passenger car four-speed AT
[8]. The Normal mode implements a balanced transmission shift schedule with the tor-
que converter locked near the coupling point with the torque ratio approximately equal
to 1.1. The Power mode is achieved by a power oriented shift schedule with an open
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torque converter for the full advantage of torque multiplication. It can be observed from
Figure 6.18 that the shift lines of the Power mode are shifted to the right as compared
with those of the Normal mode, which keep the vehicle accelerating in lower gears for a
longer time to reach the target vehicle speed. The Economy mode combines a fuel effi-
cient shift schedule with a schedule for torque converter lock-up that is optimized for
fuel economy and is shown in Figure 6.19. This schedule locks up the torque converter
when the torque ratio becomes less than 1.3. According to the dyno test and actual vehi-
cle test data obtained by Toyota engineers [8,9], the Economy mode achieves about 3%
fuel economy improvement over the Normal mode, and the Power mode achieves a 3.6%
improvement in 0–100 km/h acceleration performance over the Normal mode under
WOT test conditions. These data support the necessity of having different shift modes
to be selected by the driver for preferred priorities since the improvements in fuel econ-
omy and performance are not insignificant.

6.4.2 Torque Converter Lock Control

The objective of torque control lock control is mainly to achieve an optimized trade-off
between efficiency and shift smoothness. As a torque multiplier and a fluid couple, an
open torque converter functions as the vehicle launcher and as a damper for powertrain
harshness during transmission shifts. However, there is a power loss in the operation of
an open torque converter. This loss is more significant in the low speed range which cor-
responds to low torque converter speed ratios and may translate into about 3% fuel mile-
age loss. According to the model simulations and experiments conducted by Toyota
researchers [8,9], vehicle fuel economy is improved in the whole speed range by locking
up the torque converter, especially at low vehicle speed. In general, an earlier converter
lock-up scheme, as shown in Figure 6.19, results in better fuel economy. In most ATs,
torque converters start to be locked in second gear operation above some threshold vehi-
cle speed and are locked afterwards in fixed gear operations. However, a locked torque
converter loses its function as a fluid couple to dampen the transients and harshness dur-
ing shift operations. In order to optimize shift quality, the torque converter is therefore
released during shift operations for it to function as the harshness damper. Once a shift is
completed, the torque converter will be locked again to enhance the powertrain
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efficiency. Note that torque converter locking or unlocking is a dynamic process by itself
that may cause unwanted powertrain transient behavior and needs to be controlled for
optimized driver and passenger feel. In summary, torque converter lock control concerns
two technical issues: Lock-release schedule and lock-release operation control.

6.4.3 Lock-Release Schedule

The torque converter stays open in first gear operation and thus the lock-release sched-
ule applies to transmission operations above second gear. Similar to the transmission
shift schedule, the torque converter lock-release schedule makes the lock-release deci-
sions based the vehicle speed and the engine throttle opening, as shown in Figure 6.19.
A buffer zone is designed between the locking and unlocking threshold lines for each
gear to keep the converter from locking and unlocking frequently. As mentioned previ-
ously, earlier locking-up results in better fuel economy and later locking-up corresponds
to better acceleration performance. If fuel economy is the target, then the converter is
locked at lower speed in each gear above second gear, as designed in the lock-release
schedule. However, locking up the torque converter too early, i.e. at aggressively low
vehicle speed, results in the loss of torque multiplication and may even excite powertrain
vibration. This happens if the torque converter is locked too early in all gears, according
to the model simulation and experiment as conducted by Toyota researchers [8,9].
Therefore, the threshold lines in the lock-release schedule must be designed for each gear
such that the converter torque multiplication capability is used as much as possible, and
the lock-up point is above the lowest speed that will avoid exciting powertrain vibration.
This lowest speed can be determined initially by model simulation and validated by
experimental means or test vehicle calibration.
The lock-release schedule shown in Figure 6.19 only determines the torque converter

status during fixed gear operations. As mentioned previously, the torque converter is
unlocked synchronously during shift operations, especially in low gears, since its func-
tionality as a fluid couple is needed to dampen shift harshness. Since torque converter
locking or unlocking is a process by itself, the timing of converter locking or unlocking
control is crucial to transmission shift smoothness. The On or Off status of the torque
converter during shifts follows the transmission shift schedule shown in Figure 6.17 or
Figure 6.18. In addition, the timing of converter unlocking control depends on the oper-
ation conditions and type of the shift when it is initiated by the transmission control unit
(TCU). In general, the control of converter unlocking during shifts is timed based on the
following conditions:

• Threshold line that triggers the shift: this will identify both the type of shift – upshift, or
downshift – and the gear positions before and after the intended shift.

• Power on or power off: this signal is from the accelerator pedal sensor.

• Current converter clutch status: this is determined by the converter clutch control
solenoid status.

• Downshift triggered by deep depression of accelerator pedal: this is also power-on
downshift.

The synchronization of torque converter clutch locking or release control during shifts
is illustrated in Figure 6.20. A shift is signaled by the flip of a solenoid status, from On to
Off, and the torque converter clutch status during shift is commanded also by the On or
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Off status of the related solenoid. The case for upshifts is shown on the left side in
Figure 6.20. The shift is triggered by the flip from On to Off as indicated by the shift sig-
nal. The torque converter clutch signal On or Off corresponds to the locked or unlocked
position. When a power-on upshift is to be made when the torque converter is locked in
the current gear, releasing the converter clutch during the torque phase will give rise to
engine flare because the mechanical coupling between the engine and the transmission
input becomes momentarily a fluid coupling. The engine speedmust be brought down in
an upshift and engine flare should certainly be avoided since it elongates shift time and
causes other undesirable shift attributes. On the other hand, if the torque converter
clutch stays locked way into the inertia phase, shift harshness or even shift shocks
may result due to the lack of converter damping effect. Therefore, it is critical to control
the converter clutch release timing for the full advantage of fluid couple damping effect
during the inertia phase. As shown in Figure 6.20, there is a time delay ΔT between the
initiation of the upshift and the flip of the converter clutch signal. This time delay is
designed to time the release of the torque converter clutch right at the transition from
the torque phase to the inertia phase. Note that the value of time delay ΔT can be cali-
brated for all upshifts that involve torque converter clutch unlocking. After the upshift is
completed, the transmission control unit (TCU) will command the torque converter
clutch status from Off to On so as to lock up the torque converter in the high gear as
shown in Figure 6.20, which is deemed appropriate by the schedule in Figure 6.19.
The order of torque phase and inertia phase in power-on downshifts are just reversed as

compared with power-on upshifts. In a power-on downshift, the off-going clutch must be
controlled to slip as soon as the downshift is initiated, so the engine speed will be brought
up to the target value of the low gear to be downshifted. The torque converter clutch is
usually locked at the time when a power-on downshift is commanded by the TCU,
as indicated on the right side of Figure 6.20. As controlled by the TCU, the TC clutch
signal flips from On to Off before the shift signal flips from On to Off by a time ΔT.
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The value ofΔT can be preset using the transmission shift schedule as shown Figure 6.17
and can be validated through test vehicle calibration. For power-on downshift triggered
by deep accelerator pedal depression, the TC clutch signal can be controlled to flip syn-
chronously as the downshift is triggered. Since the converter clutch is released as soon as
the power-on downshift is initiated, the engine speed will be synchronized to the low gear
quickly to complete the shift. At the end of the downshift process, the status of the torque
converter clutch is recovered to the status prior to the shift as deemed appropriate by
the schedule shown in Figure 6.19, as illustrated on the right side of Figure 6.20. Note
that the control logic for power-off upshifts is similar to that used for power-on down-
shifts for the avoidance of powertrain harshness.

6.4.4 Lock-Release Operation

The torque converter clutch pressure control circuit was shown in Figure 6.9. As men-
tioned previously, the TC clutch apply or release pressure is controlled by the TC clutch
pressure control solenoid using pulse width modulation, i.e. via the duty cycle percent-
age. The control strategies may differ in specifics for different transmissions but they are
all aimed at operation smoothness of the torque converter clutch during locking and
release. As an example [17], the control of converter clutch apply and release processes
is illustrated in Figure 6.21 for the GM Hydra-Matic six-speed AT shown in Figure 6.14.
The apply pressure ramp-up profile is from point A to point H, and the release pressure
ramp-down profile is from point I to point L respectively. It is noted that the electric
current in the TC clutch pressure control solenoid follows the same profile due to its
proportionality with the pressure.
When the vehicle is being driven in second or higher gear with an open torque con-

verter and the transmission control unit (TCU) decides to lock up the torque converter
according to the lock-up schedule similar to that shown in Figure 6.19, the status of the
torque converter clutch control solenoid immediately flips fromOff to On, as designed in
the system control circuit shown in Figure 6.15. As detailed in the Technician’s Guide for
the GMHydra-Matic six-speed AT [17], the torque converter clutch locking-up process
is implemented in three steps:

1) The TCU ramps the TC clutch PCS pressure from point A to point B and holds it
until point C, through the circuit shown in Figure 6.9. The pressure at point B is suf-
ficient to position the TCC regulator valve for the line pressure ATF to enter the
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regulated TC apply circuit and to position the TCC control valve to allow the con-
verter release ATF to exhaust. To avoid possible harshness caused by overly high initial
apply pressure, the TCU lowers the TC clutch PCS pressure from point C to point D.
The TCC PCS pressure at D is controlled to be still high enough to maintain the
positions of the TCC regulator valve and the TCC control valve, but at this point,
the converter clutch apply pressure from the TCC regulator valve is not yet high
enough to apply the converter clutch.

2) The TCU increases the TCC PCS pressure from point E to point F in a small jump and
further ramps it to point G following a designed slope. In this process, the regulated
TC apply pressure from the TCC regulator valve enters the TCC apply circuit and
becomes high enough to start applying the converter clutch. The converter slip rate –
i.e. the speed difference between the impeller and the turbine – will decrease
gradually as the TCC PCS pressure increases. At point G, the converter slip rate
approaches zero.

3) To eliminate the residual slip in the torque converter and to secure the lock-up, the
TCU further increases the TCC PCS pressure in a jump to point H. At this point,
the torque converter becomes a mechanical couple that links the engine and the
transmission.

When the vehicle is being driven with the torque converter locked-up and the trans-
mission control unit (TCU) decides to release the torque converter in a shift event or
according to the lock-up schedule, the status of the torque converter clutch control sole-
noid flips from On to Off. In a shift event, the time interval ΔT between the shift signal
and the clutch signal depends on the shift type, as discussed previously and illustrated in
Figure 6.20. The control of the release process is implemented following the release pres-
sure ramp-down profile from point I to point L, as shown in Figure 6.21. In a shift event,
the torque converter clutch needs to be released quickly in order to take full advantage of
the damping effect of the converter fluid couple functionality. This is indicated by the
steepness of the release pressure ramp-down profile from point I to point L. For the
GM Hydra-Matic six-speed AT [17], the torque converter release process is controlled
in two steps:

1) At the beginning of the release process, the TCU decreases the TCC PCS pressure by
cutting down the current sent to the TC clutch control solenoid in the circuit shown
in Figure 6.9 from point I to point J. The reduced TCC PCS pressure at point J allows
the repositioning of the TCC control valve by the resultant pressure of ATFs from
other circuits and diminishes the opening in the TCC control valve for the regulated
TC apply ATF to enter the converter clutch apply circuit. As a result, the ATF pres-
sure on the torque converter clutch apply side – i.e. the apply side of the converter
pressure plate – is reduced and at some point the contact surface between the pres-
sure plate and the converter cover will reach the threshold of slippage. This slippage
threshold point can be calibrated per vehicle operation condition and the slip can be
detected by the speed sensors as soon as it starts.

2) As the release proceeds, the TCU further decreases the TC clutch PCS pressure from
point J to point K following the calibrated slope by decreasing the current sent to the
TCC pressure control solenoid to zero. At point L, the residual electromagnetic effect
of the TC clutch PCS is zero and the release ATF enters the space between the pres-
sure plate and the converter cover from the release opening of the TC control valve as
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shown in Figure 6.9. The torque converter is now fully open and provides the torque
multiplication and damping functionalities as designed.

As mentioned previously, the torque converter locking and release processes are con-
trolled in different ways for different transmissions. The control strategy presented above
can be considered as typical and can bemodified for general applications. In addition, the
profiles shown in Figure 6.21 can also be trimmed for different transmissions and are
validated in the calibration process of test vehicles.

6.4.5 Engine Torque Control During Shifts

As discussed in Section 5.5, the oncoming clutch torque drags on the transmission and
decreases the transmission output torque during the torque phase of upshifts. During the
inertia phase, the transmission output torque largely depends on the oncoming clutch
torque and may have a large overshoot if the oncoming clutch torque is too large.
The output torque drop forms the so-called torque hole that bottoms at the transition
from torque phase to inertia phase, while the torque overshoot peaks toward the end of
the inertia phase, as shown in Figure 5.22. Both the torque hole and the torque overshoot
must be minimized for shift smoothness. Typical output torque variation patterns are
shown in Figure 6.22 for clutch to one-way clutch upshifts without engine torque retard-
ing and with engine torque retarding. As shown in Figure 6.22, engine torque reduction
by spark retarding has a significant effect on the minimization of the output torque over-
shoot. For the best effect, engine torque reduction should be started as soon as the shift
transfers to the inertia phase. If the engine torque reduction starts when the torque phase
is yet to be finished, it will deepen the torque hole, resulting in unpleasant shift feeling.
Therefore, the TCUmust interact with the engine controller via the control area network
to time the spark retarding accurately on a real time basis for power-on upshifts.
The effect of the engine torque reduction on shift quality has been analysed in detail in

Section 5.5. In an upshift, the engine speed must be brought down quickly to be synchro-
nized with the value corresponding to the high gear. If the upshift is clutch to one-way
clutch, such as the 1–2 shift in the Ford FWD six-speed AT or the GMHydra-Matic six-
speed AT, the torque in the off-going clutch is zero after the inertia phase starts.
Therefore, the magnitude of the engine angular deceleration in the inertia phase is only
proportional to the oncoming clutch torque for a given engine output torque or trans-
mission input torque, as shown in Eq. 5.94. The oncoming clutch torque TC must be
ramped up to a certain value in order to decelerate the transmission input speed or
engine speed. A steep ramp-up profile for the oncoming clutch torque TC results in rapid
shift response and shortens shift time. But, on the other hand, larger oncoming torque
magnitudes give rise to higher output torque overshoot and shift harshness, as analysed
in Section 5.5. This contradiction is well addressed by reducing the engine torque, i.e. the
transmission input torque, in the inertia phase as shown in Figure 6.22. As observed in
Eq. 5.94, by reducing the engine torque via spark retarding, the transmission input torque
is reduced proportionally, and therefore a smaller oncoming clutch torque is able to
achieve the engine deceleration rate required to complete the shift in good time. When
the engine speed is brought down near the target speed of the high gear toward the end of
the inertia phase, spark retarding is cancelled by the engine controller and engine torque
recovers to the normal level. The oncoming clutch torque is further ramped up in one
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step to secure the engagement of the oncoming clutch. If spark retarding is controlled in
good time and the oncoming clutch torque ramp-up profile during inertia phase is con-
trolled properly, it is possible to achieve near perfect upshifts, as shown in Figure 6.22
with minimized output torque overshoot.
As shown in Figure 6.23, the effect of engine torque reduction in clutch to clutch

upshifts is similar to that for clutch to one-way clutch upshifts discussed earlier. In this
case, the off-going clutch is a regular clutch whose torque capacity depends on the
hydraulic pressure in the clutch piston chamber. In the torque phase, the hydraulic pres-
sure in the off-going clutch piston chamber is controlled by the related hydraulic circuit
to decrease rapidly for the off-going clutch to reach the slip threshold, at which point
the off-going clutch torque capacity is equal to the off-going clutch torque determined
by the system dynamic status, as shown in Figure 6.23. As the inertia phase starts, both
the oncoming clutch torque and the residual torque in the off-going clutch act against
the engine torque to decelerate the engine speed or transmission input speed, as
observed in Eq. 5.94. The engine torque reduction starts after the torque phase imme-
diately by timing the spark retarding accurately. Owing to the reduced engine torque, the
oncoming clutch torque is controlled to follow a lowered profile for the minimization of
the output torque overshoot, while still being high enough to act against the engine tor-
que for the deceleration of the engine speed, as observed in Eq. (5.94). During the inertia
phase, the TCU processes the data from the speed sensors on real time and notifies the
engine controller to cancel spark retarding for engine torque recovery once it judges that
the upshift is near completion. The oncoming clutch torque is then ramped up further in
one step to securely engage the oncoming clutch. With the engine torque reduction con-
trolled in good time and the oncoming clutch torque profile ramped up accurately, it is
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possible to achieve power-on clutch to clutch upshifts with minimized output torque
overshoot similar to that for clutch to one-way clutch upshifts, as shown in Figure 6.22.

6.4.6 Shift Process Control

This is the key function of the transmission control system. Transmission shift
response and smoothness primarily depend on the off-going clutch torque and the
oncoming clutch torque, which are controlled by the clutch pressure control circuits
illustrated in Figures 6.6 and 6.7. During shift operations, the hydraulic pressures in
the piston chambers of the off-going clutch and the oncoming clutch are respectively
controlled by these circuits using variable force solenoids (VFS). In addition, engine
torque reduction and torque converter unlocking are introduced during shifts to
enhance shift response and smoothness, as already discussed in detail. This sub-
section focuses on the techniques and strategies for the ramping-up and ramping-
down of the ongoing and off-going clutch pressures. ATs currently in production
or under development typically feature the following technical highlights for shift
process control:

• The apply or release pressure of a clutch is independently controlled by a VFS in a
circuit specific to the related clutch, as shown in Figures 6.6, 6.7, 6.15, and 6.16. This
results in better accuracy and response in clutch apply pressure control.

• Torque based control is used for both the torque phase and the inertia phase during
shifts. When a shift is initiated, the engine torque is estimated using the engine map
and modified on a real time basis using an array of sensor-provided data, such as tem-
perature, engine manifold pressure, and air conditioner status,The net transmission
input torque is obtained by factoring in further the torque converter characteristics.

• Clutch torque profiles for various shifts optimized in transmission calibration are
stored in the transmission control unit (TCU) as data. These torque profiles can be
converted to clutch pressure profiles for real time shift control using a database on
clutch friction coefficients.

• The attributes of clutch behavior during the initial stage of piston stroking are handled
effectively by hardware design improvements and by pre-calibrated control software
techniques. Counter piston design and compensator chamber design can be applied
to eliminate the time delay caused by clutch piston chamber fill-up and minimize
the effects of follow-up piston stroking transients. On the software side, a database
can be established on the initial piston characteristics through calibration and is used
to modify or compensate clutch pressures results on a real time basis [13].

• Open loop control is usually used for the torque phase, and closed loop is used for the
inertia phase for power-on upshift. The feedback signals are mainly the speeds of the
engine, transmission input, and output. Fine adjustments of clutch pressures are
implemented based on the feedback, keeping shift performance consistent between
vehicles and during extended service life.

Typical torque profiles during power-on clutch to clutch upshifts are shown in
Figure 6.23. The pressure profiles of the two involved clutches follow the same pattern
as the torque profiles but in a scaled proportion, as shown in Figure 6.24. In Section 5.4,
the clutch torquemagnitudes were determined for each gear in terms of the transmission
input torque. The maximum torque magnitude required for a clutch when the
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transmission operates in a fixed gear depends on the maximum transmission input tor-
que, which in turn can be determined based on the engine torque map, torque converter
characteristics, and transmission shift schedule, such as that shown in Figure 6.17. The
maximum torque required of a clutch is used in clutch design in terms of sizing and
the selection of the number of friction disks. For a clutch with given design parameters,
the clutch torque only depends on the clutch apply pressure. These clutch design para-
meters are optimized such that the pressure required for full clutch engagement in each
gear does not vary significantly between the various clutches in the transmission. There-
fore, the system line pressure that is controlled according to vehicle operation conditions
will fit all clutches for the control of clutch apply and release pressure profiles. When
applied, the hydraulic pressure in the clutch piston chamber is equal to, or close to,
the system line pressure. For a factor of safety, the system line pressure is thus controlled
at a value somewhat higher than the pressure required to fully engage the clutches during
fixed ratio operations. The pressure profiles of the off-going clutch and the oncoming
clutch in a power-on upshift are shown in Figure 6.24, where the pressure unit is in
BA. Usually, the clutch apply pressure in automatic transmission control systems does
not exceed 10 BA or 1.0MPa. The pressure profiles in Figure 6.24 generally refer to
power-on upshifts under heavy engine loads with large to full engine throttle opening.
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6.4.7 Initial Clutch Pressure Profiles

As already mentioned previously, the pressure profiles for clutch torque control during
shifts must be validated and finalized in the calibration process of test vehicles. How-
ever, there must be an initial set of clutch pressure profiles for each of the shift events to
be implemented by the transmission so that the calibration vehicle can be test driven.
For transmissions withmultiple gears, the number of shift events can be overwhelming.
For example, the ZF eight-speed RWDAT analysed in Chapter 5 has 36 direct clutch to
clutch shifts, and each of these direct shifts can be made under different operation con-
ditions as dictated by the shift schedule, so the total number of shift events will then be
in the hundreds. The initial clutch pressure profiles, if selected appropriately, not only
significantly shorten calibration time, but also lead to better calibration results in terms
of shift response and smoothness. Model simulation, as discussed in Chapter 5, is the
main tool for the selection of these initial clutch pressure profiles. Firstly, the torque
values of the applied clutches under static condition in each gear can be calculated
using the clutch torque table of the transmission for each shift event according to
the shift schedule. Secondly, these clutch torque values are converted to the clutch
pressure, with a safety factor on the clutch torque capacity, using the clutch torque
capacity formula as shown by Eq. 6.1. Thirdly, pressure profiles that follow the patterns
illustrated in Figure 6.24 are used as input control variables for the vehicle system
model shown in Figure 5.26 to simulate the transmission shift process for the assess-
ment of shift quality. The pressure profiles that are optimized by model simulation can
then be used in the test vehicles in the calibration process for validation and finaliza-
tion. Note that the pressure profiles in Figure 6.24 need to be converted to current sig-
nals sent to the related variable force solenoids during transmission shifts, as shown in
Figure 6.25.
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6.4.8 Initial Piston Stroke Attributes

For clutches that are not designed with counter pistons, there will always be a time
delay for the clutch pressure to respond to the control signal at the beginning of the
shift, as shown in Figure 6.25. This is because the clutch pressure can only build up after
the piston chamber is filled up with ATF. After the piston chamber is filled up, the piston
will move against the return spring and the wave disk (if present), to eliminate the backlash
in the friction disks. The clutch pressure will then follow the control signal, as shown by the
solid line and dotted line respectively in Figure 6.25. It is critical to quantify the initial pis-
ton stroke attributes to minimize the time delay caused by them and to control the clutch
pressure accurately as soon as possible after the shift starts. Although fill-up and initial
stroke attributes are difficult to model analytically, both of them can be calibrated in a lab-
oratory setup or in a test vehicle. In the calibration setup, a pressure sensor is installed in a
location close to the piston chamber and measures the pressure build-up process in
response to the current signal sent to the related VFS. In the control system of some
ATs, databases are established for piston fill-up attributes and initial stroke attributes
based on the calibration data [12,13]. During transmission shifts, VFS control signals
are interpolated in real time from the database by the transmission control unit (TCU)
using an array of sensor-provided inputs, such as clutch speed, ATF temperature, and sys-
tem line pressure. By using this technique, it is possible to correlate the clutch response in
the initial stage of the shift to the control signal, even though the correlation is not in linear
proportion.More importantly, it is therefore technically possible to control the duration of
the initial piston attributes so that the clutch pressure can be controlled accurately and in
good time.

6.4.9 Feedback Shift Control

Feedback control is only used for the inertia phase during shifts since the transmission
ratio is not changed in the torque phase. When a shift is deemed necessary by the TCU, it
will also figure out the desired ratio change rate and the clutch pressure profile based on
the vehicle operation condition. Pressure control signals are sent to the VFS for the off-
going and oncoming clutches respectively. This will cause the change of dynamic status
of the powertrain system immediately. This change is monitored by the TCU via various
sensors, such as the engine speed sensor, and the transmission input and output speed
sensors. As the oncoming clutch pressure ramps up and the off-going clutch ramps
down, the off-going clutch will start to slip at some point, which is detected by the sen-
sors as soon as it happens. Closed loop control is then used for the control of the oncom-
ing clutch pressures, with the off-going clutch pressure brought to zero as quickly as
possible. In the inertia phase, the transmission input and output speeds and the engine
speed aremeasured by speed sensors on a real time basis at designed sampling time inter-
vals. The TCU calculates the ratio change rate based on the transmission input and out-
put speeds and compares it to the desired ratio change rate, as shown in Figure 6.26.
Clutch pressure is then refined upon the base pressure profile and controlled by the
VFS to achieve the desired ratio change rate. In addition to the desired ratio change rate,
other target variables such as the engine speed and the vehicle acceleration can also be
used as the control reference for the feedback control in similar configurations to those
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shown in Figure 6.26 [8,13,14]. Generally, feedback control for transmission shifts pos-
sesses characteristics and benefits described in the following:

• Shift quality is further improved through fine adjustments of clutch pressure profiles in
real time control.

• Variations in properties and attributes always exist for production vehicles of the same
model on both component and system levels, leading to transmission shift quality var-
iations from vehicle to vehicle. Feedback shift control minimizes the effects of these
variations on shift quality and achieves better consistency in transmission shift quality
and driver feel among production vehicles of the same model.

• The transmission properties and attributes on both component and system levels
change as the vehicle ages, leading to a worsening in shift performance. Feedback shift
control minimizes this worsening and achieves consistency in shift performance over
the product service life.

• Feedback shift control is implemented by control software at no hardware cost
increase.

The effects of feedback control for transmission shifts are illustrated in Figure 6.27,
where the control reference is the engine speed or transmission input speed. During a
shift, a target engine speed profile in the shift inertia phase is pre-designed and the
oncoming clutch pressure is controlled so that the engine speed will follow the target
profile. The feedback control starts at a point after the transfer from the torque phase
to the inertia phase since the feedback signals can only be obtained after the system
responds to the initial inertia phase control. In comparison with shift control without
feedback, the overshoot in the transmission output torque during the inertia phase
can be reduced for shift quality enhancements.

Torque phase: open loop control

Inertia phase: Closed loop control

Engine torque and speed
Engine

TCU
Inputs from

sensors

Desired ratio
change rate

Desired ratio

change rate

cluth pressures

via VFS

Powertrain

dynamics

Inertia phase starts

when off-going clutch

starts to slip.

Clutch pressure
Refinements

VFS
Clutches: 

Powertrain
dynamics

Transmission output speed

Transmission input speed

Ratio change
Rate calculation
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6.4.10 Torque Based Shift Control

The advantage of torque based shift control is that it provides accurate clutch torque
control in real time during shifts in accordance with the transmission input torque when
shifts are initiated. This leads to shift quality optimization based on the powertrain oper-
ation status. There are three technical issues that need to be addressed for the implemen-
tation of torque based shift control:

• accurate estimation of transmission input torque

• determination of the torque profiles of the off-going and oncoming clutches during
shifts

• accurate conversion of the clutch torque profiles to the clutch pressure profiles

The estimation of transmission input torque is straightforward and is mainly based on
the engine map, engine operation condition, status of auxiliary systems, and torque con-
verter characteristics. Firstly, the nominal engine torque value is interpolated from the
engine torque map in terms of the engine throttle opening, RPM, and intake air pressure.
This nominal torque is then modified based on signal inputs from related sensors, such
as temperature, atmospheric condition, air/fuel mix ratio, and any other inputs that may
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affect engine torque output. The net torque applied by the engine to the torque converter
impeller is obtained by subtracting the loads of the accessary systems, such as air con-
ditioner and power steering pump, from the modified nominal torque. The transmission
input torque is then determined by considering the mass moment of inertia of the
flywheel–impeller assembly and the torque converter characteristics, using Eqs
(5.122–5.125).
Shift operations are completed by controlling the off-going and oncoming clutch tor-

que profiles with the objective of achieving a smooth transfer of the transmission output
torque from the current gear to the target gear. As detailed in Chapter 5 and previous
sections of this chapter, the variation of the transmission output torque during transmis-
sion shifts is critical for shift quality. This is because the transmission output torque is
linearly related to the vehicle longitudinal acceleration or the G value to which the driver
or passenger is most sensitive. Various techniques can be applied to determine the base
torque profiles, which are then modified by model simulation detailed in Chapter 5 and
finalized through the calibration process. For example, Honda engineers proposed a
so-called “G design” method for the determination of clutch torque profiles [12,13].
A pre-selected G value that is validated to be conducive to shift quality is designed
for each shift. Based on the transmission input torque that is determined by the steps
described previously, the clutch torque profiles are then converted from the target
G values, as illustrated in Figure 6.28. Note that the selection of G value in the G design
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Figure 6.28 Torque based shift control logic.
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method is equivalent to the minimization of torque hole and overshoot of the transmis-
sion output torque because of the proportionality between the longitudinal acceleration
and the output torque. Using model simulation detailed in Chapter 5, it is possible to
determine the clutch torque profiles that minimize the torque hole and overshoot for
all shifts with the transmission input torque as a given variable.
The clutch torque profiles obtained in this way, as illustrated in Fig. 6.28, must be con-

verted to the corresponding clutch pressure profiles in the shift control processes. This is
the most difficult of the three technical issues mentioned previously. There are two main
difficulties here: the correlation of the hydraulic pressure in clutch piston chamber and
clutch torque; and the correlation of clutch pressure and the current signal sent by the
TCU to the VFS in the clutch apply circuit. The first difficulty is mostly overcome if the
friction coefficient of the clutch disks can be estimated with accuracy on a real time basis.
As shown in Eq. 6.1, for a given clutch, its torque only depends on the pressure in the
piston chamber and the friction coefficient. To convert the clutch torque into the control
variable, i.e. the clutch pressure, there must be an effective method of estimating the fric-
tion coefficient under real time condition. Each clutch is designed with a given nominal
friction coefficient for the friction disks but the friction coefficient variates around the
nominal value with respect to clutch temperature and slippage. Therefore, it is necessary
to establish a database of the variation of friction coefficient under various clutch tem-
peratures and slippage deemed possible by vehicle operation conditions. Such databases
have been successfully applied in transmission control systems, such as the control sys-
tem of the Honda five-speed clutch to clutch AT [13]. The second difficulty can be solved
by improving the accuracy of the variable force solenoid and design optimization of the
clutch apply circuit. In automatic transmissions currently in production or under devel-
opment, each clutch is assigned a VFS in the hydraulic circuit so that the clutch pressure
is controlled directly withminimum interference from other clutches or actuators. Accu-
rate correlation between pressure and current signals (in terms of PWM) can therefore
be achieved to control the clutch torque during shifts.
In summary, torque based transmission shift control can be implemented in steps that

are illustrated in Figure 6.29. When a shift is commanded by the TCU, the nominal
engine torque is firstly interpolated from the engine map in terms of the engine speed
and throttle opening and is then modified using sensor-provided data such as intake
air pressure, atmospheric condition, and fuel/air ratio. The torque on the converter
impeller is then obtained by subtracting the loads of auxiliary systems from the modified
engine torque. The net transmission torque is the result after considering the torque con-
verter dynamics and characteristics. Knowing the transmission torque, various techni-
ques can then be used to determine the clutch torque for shift control. The G design
method is one of these techniques. The clutch torque can also be determined through
model simulation with designed transmission output torque patterns. The clutch apply
pressure that produces the clutch torque is then interpolated from the friction coefficient
database using sensor provided data on ATF temperature, clutch clamping force, and slip
rate. Afterwards, the clutch apply pressure is converted to VFS signal by the TCU which
controls the clutch torque via the related circuit. In the initial piston stroke stage, the
control signal is interpolated from the piston attributes database to minimize the delay
of clutch actuation. As the transmission system responds to the VFS signal during a shift,
as shown in Figure 6.29, open loop control and feedback control are then used for the
control of the torque phase and inertia phase during the shift, as illustrated in Figure 6.26.
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6.4.11 System Diagnosis and Failure Mode Management

This function of the transmission control system is product specific and is realized by a
combination of hardware and software. For example, pressure switches can be used in
clutch pressure control circuits, as shown in Figures 6.15 and 6.16, to detect the pressure
build-up. The status of these switches will tell whether or not the circuit is working prop-
erly. In case of malfunctions, the pressure switch will detect abnormal pressure values
and provide relevant signals to the TCU, which then processes these signals to identify
the root cause of the malfunctions. Generally, ATs today have the following features in
system diagnosis and failure mode management:

• Control software and database can be updated after the sale of the vehicle. TheOEMor
transmission system suppliers develop and improve transmission control technologies
continuously, the software or the database in existing vehicles can be replenished with
updated versions at no cost to the vehicle owner. This allows existing vehicles to ben-
efit from newly developed technologies and, more importantly, provides an easy fix for
software issues in the transmission control system.

•Wherever possible, the TCUwill send out a warning signal and display it on the instru-
ment panel when malfunctions occur or an abnormal behavior, at component or sys-
tem level, is detected. This urges the driver to have the vehicle inspected and serviced
accordingly in the dealership or repair shop.

•With safety guaranteed, the control system allows the driver to drive the vehicle to a repair
shop in case of amalfunction under the failuremodemanagement scheme. This is usually
realized by the default setup of the shift solenoids and hydraulic circuits in the transmis-
sion control system. For example, the transmission can be set in first gear in case of mal-
function to allow the driver to drive the vehicle at low speed to the nearest repair shop.

• Transmission control systems can be checked on a regular basis after specified mileage
intervals using specific inspection tools. This allows prognosis of potential malfunc-
tions caused by component aging or function degradation by replacing problematic
components ahead of their gross failures.

6.5 Calibration of Transmission Control System

There are many variables in the transmission control system, some of which are related to
software that implements control strategies or algorithms, and others are related to hard-
ware such as valves, clutches, and sub-circuits. These variables affect the transmission sys-
tem response interactively. Moreover, the attributes or characteristics of control hardware
components vary with respect to the system operation condition. Since each transmission
shift corresponds to a specific system operation status, transmission control calibration
needs to be conducted per each shift event for the optimization of shift quality in all vehicle
operation ranges. Due to the large number of shift events in ATs with multiple gear ratios,
transmissioncontrolcalibration isa timeconsumingandexpensiveprocess in termsof labor
cost. The calibration process is by nature highly experimental and is based on trial and error
techniques. Engineer experiences and effective management are critical for shortening the
powertrain calibration process of new vehicle models. Since the transmission works
together with the engine and torque converter in the vehicle powertrain, transmission con-
trol calibration results directly depend on accurate and reliable data on engine output and
converter characteristics which are obtained by engine and torque converter calibrations.
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Transmission control calibration can be conducted on both component level and sys-
tem level, in a laboratory environment or on test vehicles. At the component level, the
main objectives are to obtain accurate data on the performance and attributes of key
components in the transmission control system, such as clutch pistons, friction ele-
ments, and hydraulic circuits. Component level calibration can be mostly conducted
in a laboratory setup that emulates conditions that the component is subject to when
applied in the transmission system. Shift process control, including torque converter
clutch control and engine spark retarding, is mainly calibrated at system level on test
vehicles. Note that shift control can also be conducted at the initial calibration stage
under laboratory environment, as shown in Figure 6.30. In some respects, the laboratory
setup has advantages in emulating extreme transmission operation conditions and off-
season weather patterns. In addition to the various sensors that are to be used in the con-
trol system of production vehicles, sensors used only for calibration purposes are
installed at key positions in the setup shown in Figure 6.30 for a laboratory test or in
the transmission of the test vehicles. For example, torque sensors, which are not used
in production vehicles, may be used for transmission calibration to measure the torque
values at key locations, such as the input and output shafts. An array of data is collected
and processed by calibration hardware and software tools from sensors on various
variables:

• Pressure values and profiles at key locations in the hydraulic circuit of the transmission
control system. This indicates the response of the clutch apply or release pressure to
control signals and is the main task in transmission calibration.

• Speeds of the engine, torque converter turbine, and transmission output. Additional
speed sensors may be used in calibration tomeasure clutch slippage in shift operations.
An accelerometer can be used in calibration vehicles to measure vehicle longitudinal
acceleration in real time.

• ATF and environment temperatures.

• Engine intake pressure, throttle position, air/fuel ratio, etc.

• Torque on transmission output shaft or haft shaft.

6.5.1 Component Level Calibration

This can be conducted in a laboratory setup for the component concerned, and the
main purpose is to obtain accurate quantitative data on the performance specifica-
tions and attributes when the component is applied in the transmission control
system. As discussed previously, these data are critical for the correlation between
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Figure 6.30 Transmission control system testing set-up.
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control signals and clutch pressure profiles in the torque based shift control for trans-
mission shifts. The calibrations on clutch piston attributes, clutch disk friction coef-
ficient, and response of hydraulic circuits for line pressure control and clutch apply
pressure control are most important on the component level, as described in the
following.
Clutch piston attributes: As illustrated in Figure 6.25, for clutches that are not

designed with counter pistons, there is a time delay for the piston chamber pressure
to respond to the control signal. This time delay can be minimized by minimizing the
piston chamber cavity in hardware design. For a given clutch, the time delay can be
effectively handled if quantitative and reliable data on the attributes of clutch initial
actuation are available. These data can be obtained by calibrating the clutch piston
pressure response to the control signal (i.e. VFS current) in a laboratory setup as
shown in Figure 6.30 or in test vehicles. In such calibrations, a pressure sensor is
installed at a location close to the piston chamber to measure the pressure build-
up when control signals are sent to the related VFS, while other sensors record the
variables concerned with transmission operation status, such as temperature, clutch
slip, and line pressure. A database is established using the calibration data on the
clutch piston attributes during filling-up and initial stroke. This allows accurate tim-
ing for the actuation and pressure ramping-up of the oncoming clutch during shifts, as
discussed previously.
Clutch disk friction coefficient: The friction coefficient of clutch disks depends on

clutch temperature, clamping force, and clutch slippage. Accurate estimation of the fric-
tion coefficient is necessary for accurate clutch pressure control for the target clutch tor-
que values during shifts. The friction coefficient variations of multiple disk clutches can
be quantified under laboratory conditions that emulate transmission operations. In the
experimental setup, torque sensors are installed on the shafts on both sides of the mul-
tiple disk clutch. The torque values are converted to the friction coefficients based on the
clutch design parameters using Eq. 6.1. This leads to the establishment of the friction
coefficient database shown in Figure 6.29.
Line pressure and clutch pressure circuits: The circuits for line pressure control and

clutch pressure control are shown in Figures 6.1 and 6.5–6.7 respectively in various
design variations. Each of these circuits is a subsystem consisting of valves, orifices,
and hydraulic passages. The target pressure, whether it is line pressure or clutch piston
chamber pressure, is controlled by the VFS in the related circuit. How the target pressure
responds to the VFS control signal depends on the circuit attributes. It is therefore
important to know the accurate correlation between the target pressure and the VFS
control signal. This correlation can be calibrated either on test vehicles or in a laboratory
setup. Pressure sensors are installed in the related circuits to measure the pressure values
under real time conditions or conditions emulating real time transmission operation.
The calibrated correlation can then be used to control the target line pressure or clutch
pressure via the respective variable force solenoids.

6.5.2 System Level Calibration

The ultimate target of transmission calibration is to optimize the shift schedule and the
quality of all shifts in the schedule that covers the whole vehicle operation range. There-
fore, system level calibration concerns two mutually related issues: the calibration of the
shift schedule and the calibration of all shifts in the schedule. As discussed in Chapter 5,
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model simulation can be used to predict the performance and fuel economy of an auto-
matic vehicle with a given shift schedule. The simulation results and experiences on
existing vehicles are used to establish an initial shift schedule for the optimized trade-
off on fuel economy and performance. This initial shift schedule is then used for test
vehicles in the calibration process and will be further adjusted to achieve the optimized
trade-off on fuel economy, performance, and drivability. As for the control of the shifts in
the shift schedule, model simulation can also be used to obtain initial clutch torque pro-
files that serve as the baseline shift control for test vehicles in the calibration process.
System level calibration can also be conducted in both the laboratory setup shown in

Figure 6.30 and on test vehicles. Of course, laboratory calibration can only provide pre-
liminary and complementary results on transmission shift control quality. The shift
schedule and shift control for production vehicles have to be finalized through a pains-
taking calibration process on the test vehicles. There are several technical issues to be
addressed in the vehicle calibration process, as described in the following.
Selection of shift events: As discussed previously, there are dozens of direct shifts,

which only involve an off-going clutch and an oncoming clutch, in a multi-ratio auto-
matic transmission. Each of these shifts can be made at different engine throttle opening
and vehicle speeds along the particular shift threshold line in Figure 6.17. A number of
points are selected on the shift threshold line and shift control calibration is conducted
per each shift defined by one of these points. For example, if 10 points are chosen on the
1–2 upshift threshold line in Figure 6.17, there will be 10 1–2 upshift events that need to
be separately calibrated. Calibration data on control variables, such as clutch pressure,
line pressure, engine spark retard timing, and VFS signal current, are recorded for each
of these shift events in the database of the transmission control system. If a shift is to be
made between the selected points, the shift control variables are then determined by
interpolation from the database. Counting all upshifts and downshifts as well as kick-
down power-on downshifts, the total number of shift events to be calibrated for the shift
schedule in Figure 6.17 will be in the hundreds. Note that the selection of shift points on
the shift threshold line must reflect the most frequently used vehicle operation patterns.
The shift threshold itself, as defined by the shift events, is a calibration target and is refined
in the calibration process for the optimization of vehicle shift quality and drivability.
Converter clutch control calibration: The torque converter works together with the

engine and transmission in the vehicle powertrain and its operation status is determined
by system dynamics. The torque converter clutch control therefore needs to be
calibrated on test vehicles. The converter clutch is applied or released according to
the schedule shown in Figure 6.19. The calibration of converter clutch control concerns
two issues: clutch release timing ΔT during shifts, as shown in Figure 6.20; and clutch
apply and release process control, as shown in Figure 6.21. As discussed previously, the
torque converter clutch release timing ΔT shown in Figure 6.20 directly affects the
shift smoothness of upshifts and downshifts. This timing, as a delay after upshift initi-
ation or as an amount of time ahead of downshift initiation, needs to be calibrated in
each shift for the optimized damping effects of the torque converter on the shift process.
This timing amount is just the difference between the points of time at which shift signal
and converter release signal are sent by the TCU to the respective VFS. The process of
converter clutch apply and release is controlled by the circuit shown in Figure 6.9. Pulse
width modulation is used to control the converter clutch pressure during apply or
release in a profile illustrated in Figure 6.21. The duty cycles in each step during apply
and release are to be calibrated following the profile shown in Figure 6.21 for optimized
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smoothness when the converter clutch is released at the beginning of a transmission
shift or applied after a shift in fixed gear operation.
Engine spark retarding timing calibration: As discussed in Chapter 5 and early in

this chapter, transmission input torque reduction reduces the oncoming clutch torque
required to complete the shift and lowers the transmission output torque overshoot. The
transmission input torque reduction should be timed to start right after the inertia phase
starts in upshifts. To control this timing, the engine controller should retard the spark to
stop firing the selected cylinders at the exact crankshaft rotational position upon receiv-
ing the command from the TCU via control area network (CAN). The amount and tim-
ing of engine output torque reduction depend on the response to the engine controller
and the engine characteristics. The key to the perfect engine spark retard timing is for the
engine controller to send out spark retard commands in good time, so the engine
responds with the reduced output torque as soon as the inertia phase starts. Through
test vehicle calibration, engine spark retard timing can be determined for all shifts to
minimize the torque hole and torque overshoot for the optimized shift quality.
In summary, calibration of transmission control is a lengthy trial and error practice

where experience and existing data on similar products are critical in enhancing the
effectiveness and shortening the process. This section only provides a guideline on con-
trol variables to be calibrated and the basic techniques used in transmission calibration.
Publications are hard to find in the public domain in transmission control and calibration
areas. Transmission control and calibration engineers are often internally trained at work
by OEMs or suppliers through technical sessions or by technical manuals that do not
circulate outside.
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Problem

1 The stick diagram of the Ford 10-speed RWD automatic transmission for pickup
trucks is as shown. Construct the framework hydraulic circuit similar to
Figure 6.16 for the transmission control system.
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7

Continuously Variable Transmissions

7.1 Introduction

As discussed in Chapter 1, continuously variable transmissions (CVT) are the ideal
transmission that theoretically optimize engine matching. The idea of CVT dates back
to the 15th century, the original design being credited to Leonardo da Vinci [1], who
invented a mechanism with CVT functionality in 1490. CVTs have found applications
in machinery that operates at relatively low power, but their applications in the auto-
motive industry have gone through many setbacks and it is only in recent decades that
the CVT vehicle market share has become significant. The British company Clyno was
the first to develop a passenger car equipped with a CVT, in 1923 [1]. Not much hap-
pened for automotive CVTs since that, until, in 1961, the Dutch company DAF devel-
oped a production CVT for a small passenger vehicle with the brand name Daffodil [2].
Although this rubber CVT was not successful in the automotive industry due to its low
efficiency, low torque capacity, and low reliability, it regenerated industrial interest in
CVT development and inspired engineers in the design, manufacturing, and ratio con-
trol of this type of transmission. In 1987, Subaru developed a CVT vehicle named Justy
which was well received by the market [3]. The Justy was a subcompact car with a 1.0 or
1.2 litre gas engine. In the same year, Ford and Fiat also launched compact cars of sim-
ilar engine size equipped with CVTs. Due to limited torque capacity and reliability
issues, CVT applications before the turn of the century were not widespread in the
industry. The purchase of the patent of the CVT belt from DAF by Busch in 1995
was probably a major event in the transmission industry. As the leading automotive
supplier, Busch played a leading role both in CVT technology and its market
development.
The advancements in materials, manufacturing, and control technologies made pos-

sible CVT applications in vehicles with high engine outputs. As the leading CVT devel-
oper, Jatco supplies CVTs for passenger vehicles with engine sizes of 1.0–3.5 litres,
covering most vehicle models. Nissan, as the industry leader in CVT automotive appli-
cations, uses CVTs across its product line from subcompact cars to full size SUVs. Other
OEMs, such as Honda, Toyota, and Subaru, are also marketing popular cars and SUVs
that are equipped with CVTs. It can be safely stated that CVTs today offer a service life as
long as conventional ATs. Drivers can drive a CVT vehicle as long as they want to keep it,
just like a vehicle equipped with a manual or conventional AT.
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The status of CVT technologies today is the result of intensive research and develop-
ment by researchers and engineers both in the academic community and in the automo-
tive industry. In a paper published in Mechanism and Machine Theory, Srivastava and
Haque provided a comprehensive review of the development of CVT related technolo-
gies, with a long list of technical papers in the reference [4]. In this paper, CVT research
and development was summarized in detail according to key CVT technical areas,
including dynamic modeling of both belt and chain CVTs, as well as CVT ratio control.
In the area of dynamic modeling, major contributions are credited to G. Gerbert for his
fundamental work in the kinematics and mechanics of belt CVTs [5,6]. Miloiu, Worley,
and Dolan proposed closed-form solutions that closely approximate the CVT belt slip-
page and forces involved under various CVT operations [7–9]. Belt CVTTransient beha-
viors and dynamics during ratio changing operations were investigated by Srivastava and
Haque [10–12] and Carbone et al. in a series of papers [13–15]. Micklem et al. modeled
the torque transmission mechanism of belt CVT based on elastohydrodynamic theory
instead of Coulomb friction and studied the power transmission losses [16]. Pfeiffer
and his co-workers conducted in-depth investigations into chain CVT dynamics and
performance using multibody and FEM modeling [17,18]. In a series of papers
[19–22], Fujii and Kurokawa presented valuable research results by analytical and exper-
imental approaches on important technical issues for belt CVT design and control,
including relationships between torque transmission and pulley thrust, compression
of metal blocks and ring tension, and forces acting on metal blocks during fixed ratio
operations and ratio changing operations. Fujii and Kurokawa’s work sets up the prac-
tical guidelines for belt CVT design and control, and greatly contributes to the applica-
tion of belt CVTs in vehicles with various engine sizes. In the area of CVT control,
research efforts were mainly concentrated on continuous CVT ratio control with the
objective of optimizing vehicle fuel economy, even though CVTs in today’s vehicles
are often controlled withmultiple stepped ratios that emulate conventional ATs. For fuel
economy optimization, the engine is controlled to always operate along the optimal
operating line in the fuel map. This can be realized through engine–CVT integrated
control where both the engine speed and the CVT ratio are controlled simultane-
ously [23,24].
Note that the research works referenced above are only the highlights of CVT

research and development in the published domain. For a more thorough literature
review, readers are recommended to read Srivastava and Haque’s paper [4]. In addi-
tion, interested readers are also recommended to see the publications on the research
and development on toroidal CVTs [25–28]. This chapter will mainly concentrate on
the design and control of belt type CVTs. Readers may refer to publications that are
mainly relevant to the contents in this chapter, such as the paper series by Fujii
et al. [19–22].
Following this introduction section, the chapter will continue with Section 7.2 on the

structural layouts of CVT systems and key components, including the basic CVT kin-
ematics and operation principles. Section 7.3 will then concentrate on force analysis
during CVT operations, and the mechanisms for torque transmission and ratio
changes. Section 7.4 will look at control system design and the analysis of the control
of ratio changing processes. Section 7.5 will present CVT system control strategies,
including continuous ratio control, stepped ratio control, and system line pressure
control.
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7.2 CVT Layouts and Key Components

In a belt type or chain type continuously variable transmission, the belt–pulley or chain–
pulley assembly realizes the ratio change functions. Overall transmission ratio is the
multiplication of the variable CVT ratio with the stepped ratios of the gear sets in
the transmission layouts. Typical belt or chain CVT systems are illustrated in Figure 7.1.
As shown in Figure 7.1, forward and reverse gears of the transmission are achieved by a

simple planetary gear set through a forward clutch and a reverse clutch that are hydrau-
lically actuated. A torque converter is used in most CVTs as the vehicle launcher, even
though it is possible to use the forward clutch as the launcher if no torque converter is
provided. There is no fundamental difference in the kinematics shown in Figure 7.1
between RWD CVTs and FWD CVTs Figure.
The planetary gear set can be placed either before the input (primary) pulley or after

the output (secondary) pulley, as shown in the figure. For the case when the planetary
gear set is placed before the input pulley as shown on the left in Figure 7.1, the input
pulley rotates in opposite directions for forward and reverse gears, and the final drive
usually consists of two gear sets, since the planetary gear set does not contribute to
the overall drive line ratio. If placed after the output pulley as shown on the right in
Figure 7.1, the planetary gear set provides an additional gear ratio in forward gears. This
additional gear ratio is equal to the planetary gear train parameter β, and the overall drive
train ratio is then equal to (icvtβia), with icvt and βia as the CVT ratio and the final drive
ratio respectively. In this layout, only one set of gears is needed in the final drive, and the
input pulley always rotates in the same direction.
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Figure 7.1 Belt or chain CVT structural layouts.
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7.2.1 Belt Structure

The metal belt is the key CVT component and consists of many pieces of identical thin
metal blocks and two steel bands, as shown in Figure 7.2. Each of the bands contains mul-
tiple layers (usually 9–12 layers) of thin steel rings (about 0.2 mm in thickness) laminated
one on top another as shown in Figure 7.2b. The metal block has two slots, one on each
side, into which the band is positioned. Hundreds of metal blocks – up to 400, and each
with a thickness of about 2 mm – are strung along the two bands as shown in the figure.
When assembled, the two bands (or rings as also commonly termed in the industry) will
be in tension and the metal blocks will be under compression. When placed in the pull-
eys, as shown in Figure 7.2a, the side surfaces of each metal block contact the conical
surface of the pulleys and it is the friction at this contact that transmits torque from
the input pulley to the output pulley. The wedge angle of the pulleys is usually designed
to be 22 , as indicated in Figure 7.2b. This gives a half wedge angle or groove angle of 11 ,
which optimizes the torque transmission and the lifting of the belt in the pulley wedges
during ratio changing operations. The mean contact radius between the side surface of a
metal block and a pulley groove surface is called the pitch radius, which is denoted as r1

on input side and r2 on the output side. The CVT ratio is then defined as icvt =
r2
r1
.

7.2.2 Input and Output Pulleys

Each of the two pulleys consists of two sheaves, onemovable along the shaft and the other
fixed on the shaft. As shown in Figure 7.3, themovable sheaves are supported on the input
andoutput shafts by ball splines. These ball splinesminimize the frictionbetween the shaft
and themovable sheave on it, during ratio changing processes, while keeping themovable
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ωout 2α = 22°
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Figure 7.2 Structure of metal belt.
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sheave rotating with the shaft. The axial motion of the two movable sheaves is actuated
hydraulically, with themoveable sheaves also serving as the hydraulic pistons, as shown in
Figure 7.3. The return spring in the piston chamber dampens the initial stroking force of
thehydraulic piston.During ratio changingprocesses, themovable sheaves are actuated to
move along the respective shafts, forcing themetal belt to rise or drop in the grooves of the
input and output pulleys. In an upshift, the metal belt rises in the input pulley groove and
drops in the output pulley groove, making r1 larger and r2 smaller so as to decrease the
CVT ratio icvt. As can be observed in Figures 7.2 and 7.3, the width of the input pulley
decreaseswhiles thewidth of the output pulley increases during upshifts. On the contrary,
themetal belt rises in the output pulley groove and drops in the input pulley groove during
downshifts, making r2 larger and r1 smaller so as to increase the CVT ratio icvt. This also
increases the input pulley width while decreases the output pulley width.
As the movable sheaves move axially during shift operations, the central line or the line

of symmetry of the input pulley and the output pulley will be displaced unequally along
the respective shaft. As a result, the central line of the metal belt will be tilted as shown in
Figure 7.4, causing unfavorable loading conditions on the belt. Belt tilt caused by ratio
change can be minimized by arranging the movable sheaves of the input and the output
pulleys on opposite sides, as shown in Figure 7.3. In this arrangement, both the input and
output sides of the belt move in the same direction during ratio change operations, thus
keeping the belt tilt angle at a negligible level. As shown in Figure 7.4, the displacement of
the movable sheave and the belt displacement in the pulley groove are related as

Δs =Δr tanα. The belt tilt angle is then determined as: sin−1 Δs1−Δs2

E2 − r2−r1
2
.

7.2.3 Basic Ratio Equation

The length of the metal belt at assembly is equal to the metal block thickness multiplied
by the number of the metal block and is a near constant since the compressive deflection
of the metal blocks is negligible. A pitch line is defined on the metal belt to relate the
angular velocities of the input and output pulleys. This pitch line has the same length
as the metal belt and consists of the contact arcs on the pitch circles of the two pulleys
with pitch radii r1 and r2, and the two identical tangents to the two pitch circles, as shown
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Figure 7.3 Input and output pulleys.
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in Figure 7.5. Theoretically, there is no slippage along the pitch line between the side
surfaces of the metal blocks and the pulley surfaces. In kinematics, it can be stated that
the two pitch circles are defined by the CVT ratio icvt.
As shown in Figure 7.5, O1 and O2 are the centers of the input and output pulleys

respectively and E denotes the center distance. Angle β is measured between the com-
mon tangent to the two pitch circles and line BC that is parallel to the center lineO1O2. It
is apparent from Figure 7.5 that the contact angles ϕ1 and ϕ2, which are the angles that
the contact arcs span on the pitch circles of the input and output pulleys respectively, are
equal to π−2β on the input pulley and π + 2β on the output pulley. Since the length of
the pitch line is a constant, the following equations can be readily derived by trigonom-
etry using Figure 7.5:

π

2
−β r1 +

π

2
+ β r2 + E2− r2−r1

2 =
L
2

7 1

icvt =
r2
r1

7 2
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where L is the length of the pitch line, which is almost a constant. For any specified value
of the CVT ratio icvt, the two corresponding pitch radii r1 and r2 can be uniquely deter-
mined by solving Eqs (7.1) and (7.2) together. The two contact angles, ϕ1 and ϕ2 are then
determined readily as shown in Figure 7.5. Note that the trigonometry shown in
Figure 7.5 is valid when the CVT ratio is larger than 1.0. When the CVT ratio is smaller
than 1.0, the subscripts for the pitch radii in Eq. (7.1) should be switched.

7.3 Force Analysis for Belt CVT

Asmentioned in the introduction section, force analysis and the relation between various
forces during belt CVT operations has been the subject of intensive research. This
section presents the analysis, as quantitatively as possible, for the forces acting on individ-
ual metal blocks, pulleys, and the whole belt. The distribution of block compressive force
and ring tension force will be analysed according to the CVT ratio and load conditions.
The focus of the section is on the torque transmitting mechanism and the relations
between the various forces involved in CVT operations, especially the relation between
the thrust forces on the input pulley and the output pulley. Since the ratio between the
pulley thrust forces is critical for belt CVTdesign and control, it has been themain subject
of study in the paper series [19,20] by Fujii et al. as highlighted previously.

7.3.1 Forces Acting on a Metal Block

The free body diagram for an individual metal block inside the input or output pulley
groove is shown in Figure 7.6. On the friction surface of the metal block, there exist three
forces: the normal contact force N, the radial friction force Fr, and the tangential friction
force Ft. The band normal force NB and the band friction force Fb exist on the contact

Normal band

Force: NB

Band friction

Force: Fb

Contact force: N

Radial friction
Force: Fr

Tangential friction
Force: Ft

Compressive

Force: CA

Compressive
Force: CB

Saddle
surface

Figure 7.6 Forces acting on a metal block.
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surface (saddle surface) between the steel band and the metal block. These forces are
symmetrical on both sides of the metal block. The metal block is also subject to com-
pressive forces (pushing forces) CB and CA, that are applied by the neighboring blocks
before and after respectively. The friction forces are related to the normal contact forces
as follows, based on Coulomb friction theory:

Ft = μtN 7 3

Fr = μrN 7 4

Fb = μbNB 7 5

where μt and μr are the tangential and radial friction coefficients between the block side
surface and the pulley groove surface respectively, while μb is the friction coefficient
between the band and the block slot surface. During CVT operation, torque is transmit-
ted from the input pulley to the output pulley by the tangential friction force Ft. For nor-
mal CVT power transmission, there must be no slippage between the belt and the
pulleys. This requires that the tangential friction coefficient μt in Eq. (7.3) must not
exceed the maximum friction coefficient μmax, i.e. μt ≤ μmax. The radial friction force
Fr is opposite in direction to the radial displacement of the metal belt in the pulley
grooves during ratio changing operations. For example, the radial friction force is toward
the input pulley axis during upshifts and outward during downshifts. Based on the equi-
librium of the metal block, there exist the following relations between the forces shown
in Figure 7.5:

NB =N sinα μrN cosα 7 6

CB−CA = μtN μbNB 7 7

In Eq. (7.6), the minus sign is for upshifts and the plus sign is for downshifts for the
radial friction force in the input pulley. The signs for the radial friction force in the output
pulley are opposite to those for the input pulley. Note that the quantitative analysis on the
band friction force is very difficult since Eq. (7.7) is highly indeterminate as the compres-
sion of metal blocks and the band slippage are dependent upon CVT operations.

7.3.2 Forces Acting on Pulley Sheaves

The normal contact force and the radial friction force acting on the metal block are
shown in Figure 7.7a on the axial section of the input pulley when the metal belt is mov-
ing outward. These forces are symmetrically applied on each side of the metal block. The
normal contact force and the radial friction force acting on the two sheaves of the input
pulley are shown in Figure 7.7b. The thrust force P is applied respectively on the two
sheaves along the axial direction. For the movable sheaves of the two pulleys, the thrust
force P is applied by the respective hydraulic piston as shown in Figure 7.3a. As men-
tioned previously, the movable sheave is supported on the shaft by ball splines and
the resultant reaction from the balls to the movable sheave is denoted by R in
Figure 7.7b. Altogether, there are five forces applied to the movable sheave: four act
on the axial section as shown in Figure 7.7b, the fifth force is the tangential friction force
Ft that acts perpendicular to the axial section and is not shown in Figure 7.7b. Note that
the resultant axial load on the input or output shaft is zero since the thrusts on the two
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sheaves cancel each other. In addition, the groove angle αmust be designed to be larger
than the friction angle γ = tan−1μr since the metal block must be pushed outward by the
thrust force during ratio changes.
Forces acting on pulley axial section are shown in Figure 7.7. The thrust force P is

applied on each half of the pulley along the pulley axis and R is the reaction force applied
on the movable sheave in the direction that is collinear with the CVT center line O1O2

shown in Figure 7.5. The contact force N and the radial friction force μrN of all metal
blocks, shown in Figure 7.7, on the axial section for one block, have the same projections
respectively upon the pulley axis. The sum of the projections of all forces on a movable
sheave in the direction of the pulley axismust be equal to zero for equilibrium.This results
in the following equations that relate the thrust force P, the contact forceN and the radial
friction force μrN for the movable sheaves of the input and output pulley respectively:

Pin = cosα
n

i= 1

Ni ± sinα
n

i= 1

μr1Ni = cosα± μr1 sinα
n

i= 1

Ni 7 8

Pout = cosα
m

j=1

Nj sinα
m

j= 1

μr2Nj = cosα μr2 sinα
m

j=1

Nj 7 9

where Pin and Pout are the thrust forces applied by the hydraulic pistons, or the thrust
forces generated by other means on the movable sheaves of the input and output pulleys
respectively, and n andm are the numbers of metal blocks along the contact arcs on the
two pulleys respectively. The plus sign is for the case when the block in the input pulley is
moving outward and the minus sign is for the case when the block is moving inward. It is
assumed in the equations that the radial friction coefficient μr is the same for all metal
blocks in the same pulley. Assuming the tangential friction coefficient μt to be the same
for all metal blocks in the same pulley, the resultant torque made by all the tangential
friction forces on the input or output pulley is then given by the following two equations:

Tin = 2μt1r1
n

i=1

Ni 7 10

Tout = 2μt2r2
m

j=1

Nj 7 11
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Figure 7.7 Forces acting on a metal block and on the input pulley on the axial section.
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where r1 and r2 are the pitch radii of the input and output pulleys respectively. Clearly,
the input torque and the output torque are related by the CVT ratio, i.e.
Tout = icvtTin =

r2
r1
Tin. The relation between thrust force and torque can be readily derived

by combining Eq. (7.8) with Eq. (7.10) and Eq. (7.9) with Eq. (7.11), as follows:

Pin =
cosα± μr1 sinα

2μt1r1
Tin 7 12

Pout =
cosα μr2 sinα

2μt2r2
Tout 7 13

Note that the derivation of the two equations above does not assume even distribution
of the contact force N between the pulley groove surface and the metal blocks. Since the
groove angle α is small and the term (μr sin α) is negligibly small, these two equations can
be simplified for the relation between thrust force and torque:

Pin =
cosα
2μt1r1

Tin 7 14

Pout =
cosα
2μt2r2

Tout =
cosα
2μt2r1

Tin 7 15

Note that the four friction coefficients, (μr1, μt1) and (μr2, μt2), are highly indeterminate
during CVT operation. Practically, this means that the relation between the input thrust
force Pin and the output thrust force Pout cannot be readily derived using Eqs (7.12) and
(7.13). This relation is critical for belt CVT design and control and will be discussed later
in detail. To avoid slippage between belt and pulley, both the real time tangential friction
coefficients μt1 and μt2 must be smaller than the maximum friction coefficient μtmax. The
maximum input torque that can be transmitted by belt CVT is then defined using
Eq. (7.15) as:

Tmax =
2μmaxr1
cosα

Pout 7 16

This simple equation is important for belt CVT design and control. The thrust force on
the output pulley, Pout is usually controlled as the active force, with the thrust force on the
input pulley Pin as the reaction force, as will be detailed later. For a given CVT, the value
of the maximum friction coefficient μmax can be estimated with decent accuracy exper-
imentally. Even without knowing the exact μmax value, the relation between the maxi-
mum input torque Tmax and the thrust on the movable sheave of the output pulley
can be determined by experiments on a CVT test rig. In such experiments, a certain
thrust force Pout is set and the CVT under test is controlled to run at a certain CVT ratio.
The input torque is then gradually ramped up until the belt starts to slip. The input tor-
que recorded at the threshold of slippage is then the maximum input torque Tmax for the
specific thrust force Pout. For CVT design and control, the ratio between the real time
input torque that is being transmitted and the maximum input torque determined by
Eq. (7.16), is defined as the torque ratio, i.e. it =

Tin
Tmax

. The torque ratio is a measure of

the load condition and of how much the CVT operation status is below the block–pulley
slippage threshold and thus can be considered as a safety factor. The torque ratio it is one
of the important factors that determine the mechanism of torque transmission and the
relation between the forces involved in CVT operations.
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As mentioned previously, Figure 7.7b only shows the forces applied by the metal block
to the input pulley on the pulley axial section. In general, the free body diagram of the
movable sheave of the input pulley is shown in Figure 7.8. In this figure, the pulley central
lineO1O2 bisects the input pulley. The position of a particularmetal block is defined by the
block position angle θi, andR andQ are, respectively, the reaction force applied by the ball
splines shown in Figure 7.3 to the movable sheave in the direction along the CVT center
line and along the direction perpendicular to the plane formed by the two pulley axes.
The block position angle θi in Figure 7.8 is related to the contact angle ϕ1 defined in

Figure 7.5, the pitch radius r1 and the thickness of the metal block, denoted as t. It is
apparent that the number of metal blocks on the input pulley and the position angle
of each block along the contact arc can be determined by:

n=
r1ϕ1

t
7 17

θi =
t
r1
i i= ± 1, 2, 3, … ,

n
2

7 18

The number of blocks denoted as n in Eq. (7.17) can be rounded to the nearest even
number without losing notable accuracy. The equilibrium condition along the pulley axis
has been used to derive Eq. (7.8) for the determination of the thrust force Pin. The reac-
tion forces R and Q can be determined respectively in terms of the contact force Ni and
the friction forces applied by the belt to the movable sheave by considering the equilib-
rium conditions along the other two directions. Reaction force Q is only related to the
load on the ball splines that support the movable sheave. The reaction force R, that acts
along the CVT center line is more relevant to CVT torque transmission and ratio control
and is determined by:

R= sinα
n

i= 1

sinθiNi cosα
n

i=1

cosθiμr1Ni−
n

i=1

sinθiμt1Ni 7 19
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Figure 7.8 Free body diagram of the movable sheave of the input pulley.
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Theminus sign in this equation is for the case when the block is moving outward in the
input pulley. The free body diagram for the movable sheave of the output pulley can be
drawn similar to Figure 7.8 and the reaction force to the output pulley movable sheave
can be represented by an equation similar to Eq. (7.19).

7.3.3 Block Compression and Ring Tension

As mentioned previously, the steel band or ring is in tension while the metal blocks are
under compression when the CVT is assembled. However, the status of ring tension and
block compression will change according to the CVT’s operation conditions. The CVT
ratio and the torque transmitted have the most effect on the status of ring tension and
block compression, as analysed in the paper series published by Fujii et al. [19,20]. As
shown in Figure 7.9, C1 and C2 are respectively the block compressive forces on side 1
and side 2, K1 and K2 are the respective ring tension forces. Away from the contact arcs,
the block compressive force and the ring tension force on either side of the belt are con-
stant. According to the analysis by Fujii and Kurokawa, there exists sliding between the
ring and the block on the saddle surface (i.e. the contact surface between the ring and
the block, as shown in Figure 7.6) at the pulley with smaller pitch radius. This is because
the so-called saddle speed, that is the speed of the pulley at the radius of the saddle surface,
is higher in the pulley with smaller pitch radius than that in the pulley with the larger pitch
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Figure 7.9 Ring tension and block compression forces.
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radius. This speed difference is larger than ring elasticity can compensate for. As shown in
Figure 7.9, ring sliding on the saddle surface occurs on the input pulley when icvt > 1 and on
the output pulley when icvt < 1. As a result of this, the pulley with smaller pitch radius is
always ahead of the belt on it, tightening up the belt side that moves toward it and slack-
ening the other side that moves away from it, as shown in Figure 7.9. Ring tension exists
under all CVT operation conditions on both sides, but block compressive force only
exists on one side, as determined by the CVT ratio and the torque ratio defined previ-
ously. As shown in Figure 7.9, block compressive force only exists on Side 1 of the ring
when icvt < 1, and may exist on either side of the ring as warranted by the torque ratio it
when icvt ≥ 1.

7.3.4 Torque Transmitting Mechanism

By considering the equilibrium of the input or output pulley in Figure 7.9, it is appar-
ent that both the block compressive force and the ring tension force participate in
the transmission of torque between the input pulley and the output pulley. This
might be in contrast to the common conception that torque is only transmitted
by the pushing force on the blocks from the input to the output. The qualitative
effect of ring tension on torque transmission can be readily observed from
Figure 7.9, which shows that the ring tension aids the block compressive force in
transmitting torque from the input pulley to the output pulley when icvt > 1 since
K2 >K1, but when icvt < 1, the ring tension acts against the torque transmission from
the input pulley to the output pulley. When icvt = 1, the ring tension status is similar
to the case for icvt > 1 as shown in Figure 7.9a. This is because the friction force between
the pulley saddle surface and the ring, that is force Fb shown in Figure 7.6, tightens up
Side 2 of the ring which moves toward the input pulley in the absence of the sliding of the
ring on the saddle surface. A peculiar situation arises when icvt > 1 and there is no load on
the output pulley (i.e. Tout = 0 . Since ring tension always exists, a torque with its
magnitude proportional to K2−K1 is transmitted from the input pulley to the output
pulley as shown in Figure 7.9a. To maintain the equilibrium of the output pulley, there
must exist block compressive force C2 on Side 2 of the ring to counterbalance the effect
of the ring tension. Therefore, when icvt > 1 and there is no load on the output pulley
(i.e. torque ratio it = 0), there exists block a compressive force on Side 2 of the ring.
Since the compression status of the metal blocks can only be changed continuously
as the transmitted torque or torque ratio it increases, block compressive force on Side
2 of the ring will maintain its existence until the torque ratio increases from zero to a
certain threshold value itc. In summary, the input torque that is transmitted by
the block compressive force and the ring tension force is formulated by the following
equations:

Tin =Cer1 =

K2−K1 rs1−C2rc1 when icvt ≥ 1 and it < itc

K2−K1 rs1 +C1rc1 when icvt ≥ 1 and it ≥ itc

C1rc1− K1−K2 rs1 when icvt < 1

7 20

where r1 is the pitch radius of the input pulley; rs1 is the mean radius of the arc formed
by the ring in the input pulley; rc1 is the radius of the point of concentration of the
compressive force on the block face and can be approximated as the input pulley pitch
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radius r1. Ce is the equivalent torque transmitting force as if it acts at the pitch radius. In
Eq. (7.20), the ring tension difference inside the pair of parenthesis is always positive; the
block compressive force C1 or C2 does not exist simultaneously on both sides of the ring.
The following conclusions can bemade on the belt CVT torque transmissionmechanism
based on Eq. (7.20):

•When icvt ≥ 1 and torque ratio is lower than a certain value itc (i.e. when load is low),
torque is transmitted by the ring tension force positively from the input to the output,
but block compressive force acts against positive torque transmission, i.e. it acts
against torque transmission from the input to the output. This is the only situation
where the block compressive force exists on Side 2 of the ring and acts against torque
transmission, as shown in Figure 7.9a.

•When icvt ≥ 1 and torque ratio is higher than the threshold value itc, both the ring
tension force and the block compressive force transmit torque positively from the
input to the output. This is the most efficient belt CVT torque transmission mech-
anism and is also the most conducive to CVT durability. In order to keep the torque
ratio it around the optimized value, it is necessary to control the thrust force on the
output pulley Pout in Eq. (7.15) just above the value needed to transmit the required
input torque. The torque ratio it = 0 77 or above is suggested in the paper series by
Fujii et al. [19,20] for CVT operations corresponding to the most driven traffic con-
ditions. In addition, lowering the thrust force Pout to be just above the value nec-
essary for normal torque transmission reduces the loads on all components of the
CVT system, including the CVT unit itself, pumps and hydraulic components,
gears, bearings, and shaft, and is beneficial for CVT system efficiency, reliability,
and durability.

•When icvt < 1, the ring tension force acts against positive torque transmission from the
input to the output. The block compressive force always transmits torque positively
from input to output when icvt < 1 regardless of the torque ratio.

• The equivalent torque transmitting forceCe is defined in Eq. (7.20) to reflect the result-
ant effect of the block compressive force and the ring tension on torque transmission.
This is a virtual force that acts at the pitch radius of the input pulley.

•When icvt ≥ 1, it is correct to say that a certain percentage of the input torque is trans-
mitted from input to output by the ring tension force since it contributes positively to
the equivalent torque transmitting force Ce. However, when icvt < 1, it is not correct to
say that a torque with a magnitude of icvt K1−K2 rs1 is transmitted from the output
pulley backward to input pulley. Or otherwise, there would exist a significant amount
of power recirculation between the input and the output pulleys, causing significant
efficiency loss, overheating, and other detrimental issues.

The block compressive force and the ring tension force were investigated experimen-
tally in depth by Fujii et al. [19–22]. As shown in Figure 7.9 and Figure 7.10, Bi and Ai are
respectively the entrance and exit points on the input pulley contact arc; Ao and Bo are
respectively the entrance and exit points on the output pulley contact arc. AiAo is belt
Side 1 and BiBo is belt Side 2. The distribution of block compression and ring tension
is shown in Figure 7.10 when icvt ≥ 1 and the torque ratio it is higher than 0.5. As shown
in the figure, ring tension on Side 2 is higher than on Side 1 (K2 >K1 , and block com-
pressive force C1 exists on belt Side 1. A convincing interpretation of the experimental
data was provided in [19–22] regarding the distribution of block compression and ring
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tension shown in Figure 7.10.When the CVT under testing runs in stable condition, ring
Side 2 BiBo is tightened up while Side 1 AiAo is slackened. There exists a small amount of
backlash between blocks on Side 2 under this condition. Therefore, there is still no com-
pression on the blocks after they have entered the input pulley on Side 2 at point Bi,
because compression cannot build up until the backlash is totally eliminated by the tan-
gential friction force between the blocks and the input pulley. The tangential friction
force has the effect of pushing the blocks toward the input pulley exit Ai. After the block
backlash is eliminated, the block compression then rises quickly in the input pulley. The-
oretically, the compressive force of the block that leaves the input pulley exit should be
equal to the compressive force C1 on Side 1. The spiky transition at point Ai is caused by
the tilt of the block when it leaves the input pulley exit. For the ring contained in the input
pulley, the tension gradually decreases from the value K2 on Side 2 toward the input pul-
ley exit. It jerks somewhat at the position in the contact arc where the block compression
starts to build up and is equal to the ring tension forceK1 on Side 1. After the blocks enter
the output pulley at the entrance AO, the block compressive force ramps up to a max-
imum value and then quickly ramps down to be zero at the exit Bo. This phenomenon
was not explained by Fujii et al. and can be analysed as follows. After entering the output
pulley, a block is acted on by four forces: two compressive forces that act on the front and
rear of the block, denoted as CB and CA respectively in Figure 7.6, the tangential friction
force Ft and ring or band friction force Fb. The ring friction force increases the block
compression while the tangential friction force decreases it as indicated by Eq. (7.7).
The effect of the ring friction force is more than that of the tangential friction force along
the contact arc until the block compression reaches its maximum. Then, the effect of
tangential friction dominates and reduces the block compression to zero quickly toward
the exit Bo.
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Figure 7.10 Ring tension and block compression distribution when icvt ≥ 1 and it ≥ itc .
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The distribution of block compression and ring tension is shown in Figure 7.11 when
the CVT runs under light load conditions, with Figure 7.11a showing the case when
icvt ≥ 1 and Figure 7.11b showing the case when icvt < 1. As shown in Figure 11a, block
compressive force C2 acts on belt Side 2 and acts against torque transmission from
the input to the output. There is no block compressive force on belt Side 1. Under this
condition, it is the ring tension that overcomes the block compressive forceC2 and acts as
the torque transmitting force. This is the only condition under which the block compres-
sive force ramps down to be zero in the input pulley from entrance to exit and ramps up
in the output pulley from zero at the entrance to C2 at the exit. When icvt < 1, the ring
tension always acts against torque transmission since K1 >K2, as shown in Figures 7.9b
and 11b. Based on the experiment data in the paper series [19,20], the ring tension force
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difference K1−K2 remains almost unchanged for all torque ratios at a given CVT ratio
except when icvt = 1. This requires that the block compressive force C1 keeps increasing
as the torque ratio it increases. This is in contradiction to the analysis in the papers
[19,20], which states that the block compressive force C1 remains a constant when
the torque ratio is below some threshold value itc.

7.3.5 Forces Acting on the Whole Belt

The free body diagram of the belt assembly as a whole body is shown in Figure 7.12. In
this free body diagram, the contact force N, the radial friction force μrN and the tangen-
tial friction force μtN are applied by the input and output pulleys respectively to the belt.
When the CVT runs at a fixed ratio with a constant input angular velocity, the belt is in a
dynamic equilibrium. However, blocks in the pulleys rotate with the pulley and there is a
centrifugal acceleration for each block along the contact arc. Therefore, an inertia force,
that is equal to mir1ω2

in for a block in the input pulley and mjr2ω2
out for a block in the

output pulley, is added in the free body diagram based on the D’Alembert principle. Here,
mi is the mass of each block.
The reaction R that is applied by the ball splines to the movable sheave has been deter-

mined by Eq. (7.19). Themagnitude of force R is equal to the sum of projections upon the

F1: Resultant pull
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Figure 7.12 Forces acting on the belt as a whole body.
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CVT center line O1O2 of the contact force N, the radial friction force μrN, and the tan-
gential friction force μtN applied on the belt by one side of the input or output pulley.
Therefore, the sum of projections of all forces applied on the belt, including the inertia
force, upon the center line O1O2 is represented for the input side and output side
respectively:

F1 = 2 sinα
n

i=1

sinθiNi 2 cosα
n

i= 1

cosθiμr1Ni−2
n

i= 1

sinθiμt1Ni +
n

i=1

mir1ω
2
in cosθi

7 21

F2 = 2 sinα
m

j=1

sinθjNj 2 cosα
m

j=1

cosθjμr2Nj−2
m

j= 1

sinθjμt2Nj +
m

j= 1

mjr2ω
2
out cosθj

7 22

where F1 and F2 are respectively the resultant force applied to the belt in the direction of
the CVT center line on the input side and the output side. These two forces have the
effect of pulling the belt toward the respective pulleys and are termed the resultant pull
as denoted in Figure 7.12. Note that it is almost impossible to determine the resultant
pulls using Eqs (7.21) and (7.22) because the distribution of the contact force N and
the friction coefficients are not known under real time CVT operation conditions. How-
ever, the resultant pulls are affected primarily by the contact force N, which is related to
the thrust forces Pin and Pout by Eqs (7.8) and (7.9). Clearly, the two resultant pulls must
be equal in magnitude and opposite in direction during fixed ratio CVT operations, i.e.
F1 = F2 = Fs. Here, Fs is sometimes called the axial force in CVT related technical
publications.
It is apparent from Figure 7.9 that the resultant projection of the block compression

force and ring tension on the CVT center line O1O2 is equal to the resultant pull or the
axial force, as represented by:

Fs =

K2−K1 −C2 cosβ when icvt ≥ 1and it < itc

K2−K1 +C1 cosβ when icvt ≥ 1and it ≥ itc

C1− K1−K2 cosβ when icvt < 1

7 23

where angle β is as defined in Figure 7.5. In some CVT related literature, a so-called trac-

tion coefficient is defined as λ = Tin
r1

/Fs. This traction coefficient is physically a measure

on the effectiveness of the block compression force and ring tension for torque transmis-
sion since the magnitude of the axial force is proportional to the resultant torque trans-
mitting force by just a factor of cos β, as shown in Eq. (7.23).

7.3.6 Relation between Thrusts on Input and Output Pulleys

The contact force is proportional to the thrust as defined by Eqs (7.8) and (7.9) respec-
tively for the input and output pulleys. As mentioned previously, Eqs (7.12) and (7.13)
cannot quantitatively define the ratio between the pulley thrusts, namely ε= Pin

Pout
, because
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the friction coefficients during real time CVT operations are indeterminate. This ratio is
critical for CVT design and control for the following reasons:

• For a given CVT ratio, the maximum input torque that can be transmitted depends on
the output pulley thrust force Pout, as indicated by Eq. (7.16). Therefore, the output
pulley thrust force can be controlled at different magnitudes for a specified CVT ratio
for the transmission of input torque at different levels. Usually, the thrust pulley force
is generated by a hydraulic piston and its magnitude is controlled through the hydrau-
lic pressure in the piston chamber. As mentioned previously, the hydraulic pressure
should be controlled at a level just high enough for the transmission of the input torque
intended for the vehicle operation status.

• Now that the output thrust Pout is controlled as mentioned above, what should then be
the input pulley thrust Pin? Clearly, the input pulley thrust Pinmust generate sufficient
contact force for the contact between input pulley and the metal blocks so that the
input torque can be transmitted from the input pulley without slippage. Meanwhile,
the contact force generated by Pin must guarantee that the dynamic equilibrium of
the belt is maintained, i.e. F1 = F2. This means that the hydraulic pressure in the input
piston chamber must be exactly equal to a certain value to maintain the belt dynamic
equilibrium.

• It is theoretically possible to use two variable force solenoids, one for each movable
pulley sheave, to control the hydraulic pressure in the input pulley piston chamber
and in the output pulley chamber separately using feedback control. In practice, how-
ever, this control method needs active pressure control for both the input and output
piston chambers with high accuracy to avoid control instability.

• In production CVTs, the hydraulic pressure in the piston chamber of the output pul-
ley, pout, is actively controlled at the calibrated value corresponding to the input torque
and the CVT ratio, but the hydraulic pressure in the piston chamber of the input pul-
ley, pin, is not actively controlled. As detailed in the following section, the input piston
chamber is isolated from the line pressure circuit and the CVT fluid is trapped inside
during a fixed ratio operation. The thrust force on the output pulley Pout, that is pro-
portional to pout, generates the contact force and the friction forces between the belt
and the output pulley, which then generate the resultant pull F2 that would pull the
belt toward the output pulley. However, the belt is tightly squeezed in the groove of
the input pulley and cannot move toward the output side since the CVT fluid trapped
in the input piston chamber is incompressible and does not allow the input movable
sheave to move axially. Therefore, hydraulic pressure in the input piston chamber pin
will build up as a reaction, which leads to the generation of the input pulley thrust
force Pin and thus to the contact force and friction forces between the input pulley
and the belt. The resultant pull F1 in Eq. (7.21) on the input side is then generated
as a reaction to F2. Since F1 reacts to F2, the two forces are always the same in mag-
nitude, i.e. F1 = F2.

• As mentioned above, the hydraulic pressure pin in the input piston chamber is gener-
ated as a reaction during fixed ratio CVT operation. The value of pressure pin is
inversely proportional to the input piston area. Knowing the ratio between the pulley
thrusts under various CVT ratios and the torque ratios, the piston effective areas, Ain

and Aout, can be optimized so that both hydraulic pressures pin and pout will be close to
the line pressure or in the range conducive to CVT efficiency.
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• During ratio changes, pressure pin is controlled by the line pressure of the CVT control
system so as to control the motion of the belt in the pulley grooves. For ratio control
responsiveness, the pressure pin before a shift is initiated should not differ too much
from the line pressure. Knowing the pulley thrust ratio allows CVT control and cal-
ibration engineers to optimize piston chamber pressures and line pressure levels for
all CVT operation conditions.

Analytical formulations on pulley thrusts for rubber belt drives was proposed decades
ago by Gerber [5,6], Miloiu [7], and Worley [8,9]. The traction coefficient λ and the axial
force Fs defined previously are used in the closed form formulations of the output pulley
thrust by Miloiu and on the input pulley thrust byWorley, as represented respectively in
the following equations:

Pout

Fs
=
cot α+ γ ϕ2−ψ

4
1−λ +

λ cosα
2μ

ψ =
sinα
μ

ln
1 + λ

1−λ
γ = tan−1μ

7 24

Pin =
cot α+ γ ϕ1

4
Fs +

Tin

r1
7 25

where μ is the maximum friction coefficient between the block and the pulley groove
surface and γ is the friction angle. To enhance the accuracy of these two equations
for belt CVTs, Fujii et al. [19,20] introduced a so-called effective friction coefficient μ
defined as μ = π

Larger of ϕ1, ϕ2
to reflect the effect of the active contact arc in the pulley

with the larger pitch radius, where ϕ1 and ϕ2 are the contact angles for the input and
output pulleys as shown in Figure 7.5; α is the pulley groove angle; Pout is the output pul-
ley thrust corresponding to the maximum transmitted torque Tmax defined by Eq. (7.16)
for a given CVT ratio with the maximum effective friction coefficient μ , i.e. μtmax = μ . In
the paper series [19–22], Fujii et al. further simplified Eq. (7.24) by linearizing the term
ln 1+ λ

1−λ as aλ (with a= 2 29 ; this simplification does not affect the accuracy of the orig-
inal equation proposed byMiloiu since the traction coefficient λ is in the range 0.25 –0.45
for the practical torque ratio range between 0.5 and 0.9. With this simplification, the first
equation in Eq. (7.24) is rewritten as:

Pout
Fs

=
cot α+ γ ϕ2−

aλsinα
μ

4
1−λ +

λ cosα
2μ

7 26

By substituting the traction coefficient λ = Tin
r1

/Fs, Fujii et al. further transformed

Eq. (7.26) into a quadratic equation in terms of the axial force Fs in the following form:

AF2
s − BFs +C = 0 7 27

A=ϕ2

B=
a sinα
μ

+ϕ2
Tin

r1
−4 tan α+ γ

cosα
2μ

Tin

r1
−Pout

C =
asinα
μ

Tin

r1

2
7 28
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In this quadratic equation, A, B, and C can be calculated if the CVT ratio and the input
torque are given. As indicated in the paper series of Fujii et al., for the torque ratio range
0 ≤ it ≤ 1 and CVT ratio range 0 5≤ icvt ≤ 2 5, the solution to the axial force Fs from

Eq. (7.27) should be B+ B2−4AC . After the axial force Fs is solved, Eq. (7.25) is then

used to determine the input pulley thrust Pin. The procedure to determine the thrusts
and the thrust ratio follows three steps: (a) the output pulley thrust Pout is determined
using Eq. (7.16) for a specified maximum input torque Tmax at a given CVT ratio icvtwith
the maximum friction coefficient; (b) the input torque Tin is calculated as (itTmax) with
0 ≤ it ≤ 1 and is then plugged into Eqs (7.28) and (7.27) for the determination of the axial
force Fs; and (c) the axial force Fs is then plugged into Eq. (7. 25) to determine the input
pulley thrust Pin, and the thrust ratio is then calculated as ε= Pin

Pout
. In summary, the thrust

ratio ε is a bi-variable function of the CVT ratio and the torque ratio, i.e. ε= f icvt , it , as
determined by these three steps. For illustration purposes, the curve describing the rela-
tion between the thrust ratio ε and the CVT ratio icvt obtained by Fujii et al.’s modified
formulation is shown in Figure 7.13 when the torque ratio it is equal to 0.77.
As far as engineering application is concerned, experimental data represented in the

paper series of Fujii et al. [19–22] have shown good agreement between the thrust ratios
measured in testing and the thrust ratios that are calculated from the closed form for-
mulation. The following summarizes the conclusions made in the paper series by Fujii
et al. on the thrust ratio based on experimental data and analytical analysis:

• The thrust ratio at a specific CVT ratio icvt does not depend on the maximum trans-
mittable torque defined by Eq. (7.16) and is only a function of the torque ratio it. Gen-
erally, the thrust ratio is a bi-variable function of the CVT ratio and the torque ratio.

• The maximum transmittable input torque Tmax is proportional to the output pulley
thrust Pout for a specified CVT ratio. Note that Tmax is the maximum input torque that
is transmitted on the threshold of belt slippage when μ= μmax.

• For any given CVT ratio, the thrust ratio is a near constant ε0 specific to the CVT ratio
and is independent of the torque ratio it if it ≥ 0 4. This means that the thrust ratio only
depends on the torque load when it is light. If the input torque is higher than 0.4Tmax, it
will not affect the thrust ratio significantly.
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Figure 7.13 Typical thrust ratio plotted against CVT ratio.
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•When it ≥ 0 4, the near constant ε0 for thrust ratio mentioned above decreases as the
CVT ratio increases. It remains higher than 1.0 and almost becomes equal to 1.0 when
the CVT ratio is 2.0. This means that the input pulley thrust is always higher than the
output pulley thrust when it ≥ 0 4.

•When icvt ≤ 1 0, the thrust ratio is always higher than 1.0. This means that the input
pulley thrust is always higher than the output pulley thrust for overdrive CVT
operations.

• The input pulley angular velocity has insignificant effect on the thrust ratio when the
CVT ratio is above 1.0. At low CVT ratios, i.e. icvt < 0 5, the thrust ratio at low input
pulley angular velocity is higher than the thrust ratio at high input pulley angular
velocity.

7.3.7 Ratio Changing Mechanism

As discussed previously, when the CVT runs with a fixed ratio, the belt must be at
dynamic equilibrium and the two pulling forces in Figure 7.12 must be equal, i.e.
F1 = F2. During a ratio changing process, this dynamic equilibrium must be broken so
that the metal belt will move toward either the input or the output pulley as the metal
blocks rise or fall in the pulley grooves. The motion of the belt assembly is complicated
during ratio changes, but the motion of the belt mass center is constrained along the
CVT center line O1O2 and is governed by the following equation:

MB
dV
dt

= F1−F2 7 29

where MB is the mass of the metal belt assembly and dV
dt is the acceleration of the belt

mass center in the direction that coincides with the CVT center line O1O2 as shown
in Figure 7.12. During a ratio change, dVdt 0 and F1 F2. In an upshift, the belt moves
with its mass center toward the input pulley as the pitch radius r1 increases and the pitch
radius r2 decreases, and in a downshift, the belt moves toward the output pulley as the
pitch radius r2 increases and the pitch radius r1 decreases. It is therefore apparent that the
two pulling forces F1 and F2 must observe respectively the following qualitative relations
during CVT fixed ratio operation, upshift process and downshift process:

F1 = F2 Fixed ratio operation

F1 > F2 Upshift process

F1 < F2 Downshift process

7 30

As shown in Figure 7.11 and represented by Eqs (7.21) and (7.22), the two pulling
forces are related to the contact forces on the input and output pulleys. The contact
forces are related to the pulley thrusts which depend on the piston chamber hydraulic
pressures as illustrated in Figure 7.3. As mentioned previously, the hydraulic pressure
in the output pulley piston chamber is actively controlled to generate the required thrust
force, which also generates the pulling force F2, and the hydraulic pressure in the input
pulley piston chamber is generated as a reaction to resist the pulling of the metal belt
by F2.
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7.4 CVT Control System Design and Operation Control

This section represents the CVT control system designs that implement the mechanisms
of CVT torque transmission and ratio change analysed in the previous section. There are
two basic design architectures for belt CVT control: one uses two variable force solenoids
(VFS) or variable bleed solenoids (VBS) to control separately the pressures in the piston
chambers of the movable sheaves, as shown in Figure 7.14, and is hereafter termed aVBS
based control system. The other uses a servo mechanism to control the pressure in the
piston chambers, as shown in Figure 7.15 and is termed a servo mechanism control
system. Both control system architectures share the same circuit designs for the line
pressure control and the torque converter clutch control shown in Figure 7.14.
The hydraulic circuits for the control of system line pressure and the operation of the

torque converter clutch were presented in detail in Chapter 6. These circuits are basically
the same for CVT control systems and will not be repeated in this section.
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Figure 7.14 CVT VBS based control system design.
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7.4.1 VBS Based Control System

As shown in Figure 7.14, the pressure in the piston chamber of the input pulley movable
chamber pin is controlled by the input pulley VBS, and the pressure in the piston cham-
ber of the output pulley movable chamber pout is controlled by the output pulley VBS.
Note that the input pulley VBS has a position that fully blocks the line pressure CVT fluid
from entering the piston chamber, so that the CVT fluid trapped in the piston chamber
will be isolated from the line pressure circuit. The operations of this control system is
described in the following.
Fixed ratio operation: When the CVT operates with a fixed ratio, the input pulley

VBS is controlled to be at the position that fully blocks the valve out-port that is linked
to the input piston chamber, meanwhile the output pulley VBS is controlled at the posi-
tion that fully connects the line pressure circuit to the output piston chamber. Therefore,
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Figure 7.15 CVT servo mechanism control system design.
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the hydraulic pressure in the output piston chamber, pout, is equal to the line pressure pl.
The output pulley thrust Pout is actively generated by pressure pout and thus produces the
resultant pulling force F2 that tends to pull the metal belt towards the output pulley, as
formulated in Eqs (7.9) and (7.22). However, the CVT fluid trapped in the input piston
chamber is incompressible and does not allow any axial displacement of the input pulley
movable sheave. As a result, the metal belt is tightly pinched in the pulley grooves, creat-
ing the contact force between the input pulley and the metal blocks and the friction
forces with it. Consequently, the input pulley thrust Pin is generated as a reaction. During
fixed ratio operations, the following equations are observed:

pout = pl

Pout =Aoutpout =
cosα
2μt2r1

Tin

m

j= 1

Nj =
Pout

cosα μr2 sinα
≈

Pout
cosα

7 31

F1 = F2 7 32
n

i= 1

Ni =
Pin

cosα± μr1 sinα
≈

Pin
cosα

Pin =Ainpin =
cosα
2μt1r1

Tin

pin =
Pin
Ain

7 33

where r1 is the input pulley pitch radius which corresponds to a specific CVT ratio icvt;Tin

is the input torque that needs be transmitted; and Ain and Aout are respectively the effec-
tive piston area of the input pulley and the output pulley. Note here that the sum of the

contact forces on the output pulley
m

j=1
Nj can be determined by Eq. (7.31) if the line

pressure pl is given, but the sum of contact forces on the input pulley
n

i= 1
Ni cannot be

determined by Eq. (7.33) unless the thrust ratio is otherwise determined, for example, by
the function ε= f icvt , it pertaining to Eqs (7.24) and (7.25).
Upshift operation: When the CVT is in the process of an upshift, the input pulley VBS

is controlled to be at the position that partially opens the line pressure circuit to the input
piston chamber, as shown in Figure 7.14. Meanwhile, the output pulley VBS is controlled
at the position that bleeds the CVT fluid in the output piston chamber to the exhaust
circuit. In this setup, the pressure in the input piston chamber pin increases, and the pres-
sure in the output piston chamber pout decreases simultaneously, making F1 larger than
F2. This breaks the dynamic equilibrium of the metal belt before the upshift is initiated,
and the belt starts to move toward the input pulley because F1 > F2. As the belt moves
toward the input pulley, the CVT ratio decreases toward the target value, with input pul-
ley pitch radius r1 increasing and output pulley pitch radius r2 decreasing. During the
upshift process, both pressures pin and pout are controlled by the input pulley VBS
and the output pulley VBS respectively based on the feedback on the real time CVT ratio,
which is calculated via the input and output angular velocities measured by the respective
speed sensors. As soon as the target CVT ratio is achieved, the input pulley VBS will be
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controlled at the position that fully blocks the valve out-port linked to the input piston
chamber and the output pulley VBS will be controlled at the position that fully connects
the line pressure circuit to the output piston chamber. The CVT then operates with the
target ratio. During upshift operations, the following equations are observed:

pin ≈ pl

Pin =Ainpin =
cosα
2μt1r1

Tin

n

i= 1

Ni =
Pin

cosα± μr1 sinα
≈

Pin
cosα

7 34

F1 > F2 7 35

pout < pl

Pout =Aoutpout =
cosα
2μt2r1

Tin

m

j= 1

Nj =
Pout

cosα μr2 sinα
≈

Pout
cosα

7 36

Downshift operation: When the CVT is in the process of a downshift, the output pul-
ley VBS remains at the position that links the line pressure circuit to the output piston
chamber, as shown in Figure 7.14. Meanwhile, the input pulley VBS is controlled at the
position that bleeds the CVT fluid in input piston chamber to the exhaust circuit. In this
setup, the pressure in the input piston chamber pin decreases and the pressure in the
output piston chamber pout is almost the same as the line pressure, making F2 larger than
F1. This breaks the dynamic equilibrium of the metal belt before the downshift is
initiated, and the belt starts to move toward the output pulley because F2 > F1. As the
belt moves toward the output pulley, the CVT ratio increases toward the target value.
During the downshift process, both pressures pin and pout are controlled by the input
pulley VBS and the output pulley VBS respectively based on the feedback on the real time
CVT ratio. As soon as the target CVT ratio is achieved, the input pulley VBS and the
output pulley VBS will be controlled at the positions for fixed ratio CVT operation.
The CVT then operates with the downshifted target ratio. During downshift operations,
the following equations are observed:

pout≈pl

Pout =Aoutpout =
cosα
2μt2r1

Tin

m

j= 1

Nj =
Pout

cosα μr2 sinα
≈

Pout
cosα

7 37

F2 > F1 7 38
pin < pl

Pin =Ainpin =
cosα
2μt1r1

Tin

n

i= 1

Ni =
Pin

cosα± μr1 sinα
≈

Pin
cosα

7 39
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7.4.2 Servo Mechanism Control System

Instead of using two variable bleed solenoids, the servo mechanism CVT control system
uses two simpler valves for the control of input piston chamber pressure and the output
piston chamber pressure. Figure 7.15 shows the structural layout of this control system.
As shown in Figure 7.15, the output pulley pressure control valve (PCS) can be posi-
tioned to connect the line pressure with the output piston chamber or to bleed the
CVT fluid in the output piston chamber to the exhaust circuit. The input pulley control
valve has three positions: one fully blocks the port to the input piston chamber, the other
connects the line pressure with the input piston chamber, and the third bleeds the CVT
fluid in the input pulley piston chamber via the exhaust port. The valve body of the input
pulley control valve is connected to the servo link by a pin-slot joint. The screw-nut con-
verts the rotation of the control motor to a linear displacement at the top end of the servo
link, also via a pin-slot joint.
Fixed ratio operation: The positions of the input pulley control valve and the

output pulley PCS valve are shown in Figure 7.15 when the CVT operates with a
fixed ratio. The output pulley PCS valve directly connects the line pressure circuit
to the output piston chamber, thus the hydraulic pressure in the output pulley
piston is the same as the line pressure, i.e. pout = pl. The input pulley control
valve is controlled at the position that fully blocks the valve port to the input piston
chamber. The output pulley thrust Pout is actively generated by pressure pout and thus
produces the resultant pulling force F2 which tends to pull the metal belt toward the
output pulley, as formulated in Eqs (7.9) and (7.22). However, the CVT fluid
trapped in the input piston chamber is incompressible and does not allow the any axial
displacement of the input pulley movable sheave. As a result, the metal belt is tightly
pinched in the pulley grooves, creating the contact force between the input pulley
and the metal blocks and the friction forces with it. Consequently, the input pulley thrust
Pin is generated as a reaction. Note that there is no difference in fixed ratio operations
between the servo mechanism control system and the VBS based control system dis-
cussed previously. During fixed ratio operations, the following equations are observed,
which are identical to Eqs (7.31), (7.32) and (7.33) and are repeated here for reader’s
convenience:

pout = pl

Pout =Aoutpout =
cosα
2μt2r1

Tin

m

j= 1

Nj =
Pout

cosα μr2 sinα
≈

Pout
cosα

7 40

F1 = F2 7 41
n

i= 1

Ni =
Pin

cosα± μr1 sinα
≈

Pin
cosα

Pin =Ainpin =
cosα
2μt1r1

Tin

pin =
Pin
Ain

7 42
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As shown by Eq. (7.16), the maximum input torque Tmax that can be transmitted for a
given CVT ratio depends on the output thrust force Pout. Therefore, if the input torque
Tin that needs to be transmitted under a specific CVT ratio icvt is given, then the output
thrust force Pout and the corresponding line pressure pl that are required for the CVT to
transmit the input torque at the belt slippage threshold, i.e. when μt2 = μmax, are deter-
mined as follows:

Pout =Aoutpl =
cosα

2μmaxr1
Tin

pl =
Pout
Aout

7 43

where μmax is the maximum friction coefficient between the metal belt and the pulley
surface. If the line pressure pl is controlled at pl determined by Eq. (7.43), the CVT
can then barely transmit the input torque Tin; in other words, the torque ratio it would
be 1.0. This would let the CVT operate under the slippage threshold. In CVT control
practice, the line pressure pl should be controlled at a higher value so that the torque
ratio it is in the range of 0.7 0.9, as recommended by Fujii et al. [19–22] based on exper-
imental data. The line pressure pl and the output pulley thrust force Pout are then deter-
mined by the following equations:

pl =
pl
it

Pout =Aoutpl

7 44

Upshift operation: When the CVT transmission control unit (TCU) decides to make
an upshift, it will command the control motor to rotate and the motor rotation is con-
verted to a linear displacement ΔM at the top end of the servo link, as shown in
Figure 7.16. Consequently, the valve body of the input pulley control valve moves to
the left with a displacementΔV as the servo link pivots about the joint on the input pulley
movable sheave. This opens up the valve port to the input piston chamber and increases
the hydraulic pressure in it, pin, toward the line pressure pl. Meanwhile, the output pulley
PCS is controlled at the position that connects the output piston chamber to the exhaust
circuit as shown in the figure, decreasing the pressure in the output piston chamber, pout.
This breaks the dynamic equilibrium of the metal belt before the upshift is initiated, both
the input and output pulley movable sheaves move to the right and the belt starts tomove
toward the input pulley because F1 > F2.
As the belt moves toward the input side, pitch radius r1 increases and pitch radius r2

decreases, lowering the value of the CVT ratio icvt. Meanwhile, as the input pulley mov-
able sheave moves to the right side with displacement Δs1, it carries the low end of the
servo link with the same displacement, as shown in Figure 7.17. As can be observed from
the figure, the displacement Δs1 causes the valve body to move to the right side via the
servo link. This valve body movement is in the direction to close the valve port to the
input piston chamber. Therefore, the control motor generates displacement ΔM that
causes the valve body to move to the left and consequently opens up the valve port to
the input piston chamber, forcing the input moveable sheave to move to the right with
displacementΔs1. But the displacementΔs1 moves the valve body toward the closed posi-
tion against the effect of displacement ΔM.
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The three displacements of the servo mechanism are linearly related, with ΔM as the
actuator. During an upshift, the motor rotation angle, i.e. displacement ΔM, can be con-
trolled by a PID as given by:

Δicvt = i0cvt − itcvt

ΔM = kpΔicvt + ki Δicvtdt + kd
d Δicvt

dt

ΔV =
c

b+ c
ΔM −

b
b+ c

Δs1

7 45

where b and c are the proportion factors of the servo link as shown in Figure 7.17, i0cvt and
itcvt are the target CVT ratio and the real time CVT ratio calculated based on the speeds of
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Figure 7.16 Initiation of upshifts in CVT servo mechanism control system.
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the input and output pulleys measured by speed sensors, and kp, ki, and kd are respec-
tively the proportional, integral, and differential factors of the PID controller.
During the upshift process, the pressure in the exhaust circuit is also controlled so that

the pressure in the output piston chamber will be ramped down slowly. In addition, the
speeds of both the input and output pulleys, as well as the pressures in the input and
output piston chambers, are measured by the respective sensors on a real time basis.
The data from these sensors are processed to determine the instantaneous CVT ratio
and the likelihood of belt slippage during the shift process. Once slippage is deemed
likely, the controller will signal the engine controller via the control area network
(CAN) to reduce the engine output torque by spark retarding or other means. The fol-
lowing equations are observed during an upshift process:
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Figure 7.17 Operation of servo mechanism during upshifts.
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pin = pl

Pin =Ainpin =
cosα
2μt1r1

Tin

n

i= 1

Ni =
Pin

cosα± μr1 sinα
≈

Pin
cosα
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F1 > F2 7 47

pout < pl

Pout =Aoutpout =
cosα
2μt2r1

Tin

m

j= 1

Nj =
Pout

cosα μr2 sinα
≈

Pout
cosα
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As can be observed from Eq. (7.46), if the line pressure pl and the input torque Tin are
known, the thrust force on the input pulley Pin and the friction coefficient μt1 can be

calculated by Eq. (7.46). The sum of contact forces on the input pulley
n

i= 1
Ni can also

be calculated if the term (μr1 sin α) is neglected. To initiate the upshift responsively, the
effective piston area of the input pulley should be designed larger than that of the output
pulley, that is,Ain >Aout , such that the hydraulic pressure in the input piston is lower than
the line pressure when the CVT runs at the fixed ratio before the upshift is initiated. The
ratio between the effective piston areas, i.e. Ain

Aout
, should be optimized according to the

ratio between the thrust forces shown in Figure 7.13 for a given CVT design. During
an upshift, the value of the tangential friction coefficient μt1 should be below the max-
imum friction coefficient μmax to avoid belt slippage on the input pulley, i.e. μt1 < μmax.
This inequality is readily satisfied because the pressure in the input piston chamber pin is
the line pressure pl during the upshift process, which is higher than the pressure in the
piston chamber before the upshift is initiated. To avoid slippage on the output pulley, the
tangential friction coefficient μt2 must also be lower than the maximum friction coeffi-
cient μmax, i.e. μt2 < μmax. This means that the CVT fluid in the output piston chamber
must be controlled to bleed through the opening in the output pulley PCS valve, as
shown in Figure 7.17, so that pressure pout drops gradually in small decrements. If nec-
essary, the engine torque will be reduced during shifts to guarantee that there is no slip-
page on the output pulley, as mentioned previously.
As the input pulley movable sheave moves further to the right, the target CVT ratio i0cvt

will be gradually reached. Meanwhile, the opening in the valve port to the input piston
chamber diminishes and eventually closes. The CVT fluid in the input piston chamber is
then blocked off from the line pressure. As soon as the input pulley control valve fully
blocks the valve port to the input piston chamber, the output pulley PCS valve will be
controlled to move to the position that connects the line pressure with the output piston
chamber, as shown in Figure 7.18. This completes the upshift process and the CVT then
runs at the target ratio i0cvt .
Downshift operation: When the CVT transmission control unit (TCU) decides to

make a downshift, it will signal the control motor to rotate in the direction opposite
to that for upshifts. The displacement ΔM at the top end of the servo link is then
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directed to the right, as shown in Figure 7.19. Consequently, the valve body of the input
pulley control valve moves to the right with a displacement ΔV. This connects the input
piston chamber with the exhaust circuit, while still blocking the line pressure from the
input piston chamber, as shown in Figure 7.19. The output pulley PCS valve is still at
the same position as in fixed ratio operation. Therefore, the hydraulic pressure in the
input piston chamber, pin, decreases as CVT fluid bleeds through the valve opening to
the exhaust circuit, and the hydraulic pressure in the output pulley pout remains to be
equal to the line pressure pl. This breaks the dynamic equilibrium of the metal belt
before the downshift is initiated, both the input and output pulley movable sheaves
then move to the left and the belt starts to move toward the output pulley
because F2 > F1.
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As the belt moves toward the output side, pitch radius r2 increases and pitch radius r1
decreases, raising the value of the CVT ratio icvt. Meanwhile, as the input pulley movable
sheavemoves to the left side with displacementΔs1, it carries the low end of the servo link
with the same displacement, as shown in Figure 7.20. As can be observed from the figure,
the displacementΔs1 causes the valve body to move to the left side via the servo link. This
valve body movement is in the direction to close the valve port to the input piston cham-
ber. Therefore, the control motor generates displacement ΔM which causes the valve
body move to the right and consequently links up the input piston chamber with the
exhaust circuit via the valve port opening, forcing the input moveable sheave to move
to the left with displacement Δs1. But the displacement Δs1 moves the valve body toward
the position that blocks the valve port to the input piston chamber, against the effect of
displacement ΔM.
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For the downshift process, the relation between the three displacements of the servo
mechanism and the PID controller for the motor rotation angle are similar to Eq. (7.45).
During the downshift process, the pressure in the input piston chamber is controlled by
the servo mechanism to decrease gradually. Similar to upshifts, the speeds of both the
input and output pulleys, as well as the pressures in the input and output piston cham-
bers, are measured by the respective sensors on a real time basis. The data from these
sensors are processed to determine the instantaneous CVT ratio and the likelihood of
belt slippage during the shift process. Once slippage is deemed likely, the controller will
signal the engine controller via the CAN, to reduce the engine output torque by spark
retarding or other means. The following equations are observed during a downshift
process:
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As can be observed from Eq. (7.49), if the line pressure pl and the input torque Tin to be
transmitted are known, the thrust force on the output pulley Pout and the friction coef-
ficient μt2 can be calculated by Eq. (7.49). The sum of contact forces on the output pulley

m

j= 1
Nj can also be calculated if the term (μr2 sin α) is neglected. Note that the dynamic

equilibrium of the CVT belt is broken as soon as the downshift is initiated regardless of
the value of the input piston chamber pressure. This is because the input piston chamber
pressure that keeps the belt in dynamic equilibrium when the CVT runs at the fixed ratio
before the downshift is lowered instantaneously, as soon as the piston chamber is con-
nected to the exhaust circuit via the valve opening. During a downshift, the value of the
tangential friction coefficient μt1 should be below the maximum friction coefficient μmax

to avoid belt slippage on the input pulley, i.e. μt1 < μmax. This inequality is satisfied by
controlling the pressure in the input piston chamber pin to be above what is required
for input torque transmission. The slippage on the output pulley is readily avoided since
the output piston chamber pressure pout is the same as the line pressure pl, which has
been controlled to be high enough in the fixed ratio operation before the downshift.
If necessary, the engine torque will be reduced during shifts to guarantee that there is
no slippage on the input pulley, as mentioned previously.
As the input pulley movable sheave moves further to the left, the real time CVT ratio

will gradually approach the target CVT ratio i0cvt . Meanwhile, the opening in the valve
port to the input piston chamber diminishes and eventually closes due to the effect of
the servo mechanism. The CVT fluid in the input piston chamber is then blocked from
the line pressure. The downshift is thus completed as soon as the input pulley control
valve fully blocks the valve port to the input piston chamber, as shown in Figure 7.21.
The CVT then runs at the target ratio i0cvt .

7.4.3 Comparison of the Two Control System Designs

There is no fundamental difference in the operation principles of the two CVT control
system designs, VBS based control system and servo mechanism control system, as
detailed above. Both designs have the same hydraulic circuits and control methods
for the system line pressure and for the torque converter clutch. In both designs, the
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input piston chamber is isolated from the line pressure circuit during fixed ratio opera-
tions, so that the input pulley thrust force is generated as a reaction to the action of the
output pulley thrust force, which is controlled through control of the line pressure.
The VBS based system has certain cost advantages in comparison, since it does not have
the motor actuated servo mechanism. The servo mechanism system design features a
negative feedback structurally on the control valve opening and thus possesses better
stability for CVT shift operations. Most production CVTs today are controlled by the
servo mechanism control system. With the availability of large volume multi-port var-
iable force solenoids (VFS) or variable bleed solenoids (VBS), it can be stated that the
VBS or VFS based control system can be used for production CVTs as an alternate to
the servo mechanism system.
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7.5 CVT Control Strategy and Calibration

CVT control features several technical aspects in general: torque converter clutch con-
trol, line pressure control, shift process control and ratio control strategy. There are two
ratio control strategies: continuous ratio control for which the CVT was originally
invented, and stepped ratio control which emulates conventional transmissions. In
CVT equipped powertrains, the torque converter is primarily used as the vehicle
launcher. Therefore the converter is only able to function as a torque multiplier when
the vehicle is being launched and to function as a fluid damper when the vehicle speed
is low, as shown in Figure 7.26. The torque converter clutch is applied under all other
operation conditions. The hydraulic circuit and control process for the torque converter
clutch were presented in Chapter 6 for conventional ATs. CVT torque converter clutch
control is similar to that for conventional ATs. The CVT shift process control was
detailed in Section 7.4. This current section will focus on CVT line pressure control
and ratio control strategy.

7.5.1 Line Pressure Control

The CVT line pressure control is crucial for both fixed ratio and shift operations. As
detailed in Section 7.4, during fixed operations, the line pressure is directly applied to
the output piston chamber for the generation of active thrust force on the output pulley.
The line pressure defines the torque ratio for CVT fixed ratio operations and must be
controlled accurately so that the output thrust force is just high enough for transmitting
the input torque required for various operation conditions. During ratio changes, the line
pressure is applied in the input piston chamber for upshifts and in the output piston
chamber for downshifts. It is apparent that the line pressure control determines the
effectiveness and efficiency of CVT torque transmission and the CVT shift responsive-
ness. The basic hydraulic circuit for CVT line pressure control is similar to that for con-
ventional ATs shown in Figure 6.1 and the control block diagram is shown in Figure 7.22.
As shown in the block diagram, the target line pressure value for a driver selected

mode, normal, economy, or sport, is determined according to the major sensor signals
on engine RPM, engine throttle, and speeds of the input and output pulleys, and is mod-
ified according to the auxiliary sensor signals on the CVT range, CVT fluid temperature,
converter lock status, and brake system signals. The engine output torque Te is interpo-
lated from the engine map in terms of the engine RPM and the throttle opening. The
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Figure 7.22 Block diagram of CVT line pressure control.
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torque that needs to be transmitted by CVT, Tin, is the engine output torque minus the
loads from auxiliary systems, such as the air conditioner and the power steering pump.
The instantaneous CVT ratio icvt is determined by the speeds of the input and the output
pulleys. The target CVT ratio i0cvt is selected by the CVT controller for the vehicle per-
formance and fuel economy priorities. As shown in Eqs (7.43) and (7.44), the target line
pressure pl for fixed ratio operation is determined by:

pl =
cosα

2μmaxAoutr1

Tin

it
7 52

where μmax is the maximum friction coefficient between the belt and the pulley, Aout is
the output piston effective area, as mentioned previously, r1 is the input pulley pitch
radius as defined by the CVT ratio icvt, and it is the torque ratio that can be selected
in the range 0 7 0 9. If the torque ratio is selected as 0.9, then the CVT transmits
the input torque Tin with a 10% reservation on the capacity, i.e. it is 10% below the slip-
page threshold. It is apparent that the higher the torque ratio, the higher the power trans-
mission efficiency. The target line pressure thus determined is used as the reference
signal for the controller, which receives real time feedback on the pressures in the output
piston chamber and the input piston chambers. The line pressure control strategy illus-
trated in Figure 7.22 is integrated into the CVT control system shown in Figure 7.23.
The command signals from the TCU in Figure 7.23 are shown in solid lines with arrows

for servomechanism control design and in dashed lines with arrows for VBS based control
design. The two designs share similar basic control logic with the same sensors for the
controller inputs. Interactions between the CVT, engine, and other systems are via the
CAN. As explained in Section 7. 4, engine output torque reductionmay be introduced dur-
ing CVT ratio changes via the interaction between the CVT TCU and the engine ECU.

7.5.2 Continuous Ratio Control Strategy

As discussed in Chapter 1, CVTs are the ideal transmission that in theory matches the
engine output perfectly. For the perfect match, the CVT ratio must be controlled to vary
continuously as it was originally designed to do. The objective of continuous ratio con-
trol is to optimize the engine operation status for dynamic performance and fuel econ-
omy under real world road conditions. In the engine fuel map, there is a so-called optimal
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Figure 7.23 Block diagram of CVT control system.
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operating line that defines the most fuel efficient engine operation status, as shown in
Figure 7.24. By controlling the CVT ratio continuously, the engine will run along the
optimal operating line, also called steady state operation line [24], for the optimized
trade-off between performance and fuel economy. As mentioned in Section 7.1, this con-
trol strategy is realized by integrated engine–CVT control, in which the engine speed and
the CVT ratio are controlled simultaneously [23,24].
The first step for continuous ratio control is to establish the optimal operating line or S-S

operation line from the engine fuel map. For a typical engine, there is a theoretical optimal
operating line that passes the unstable engine operation area in the fuel map and lacks suf-
ficient torque reserves for transient maneuvers. The S-S line modifies the theoretical opti-
mal operating line to avoid the unstable area for better vehicle drivability, as shown in
Figure 7.24. The CVT ratio is thereby controlled continuously so that the engine runs along
the S-S operation line which optimizes drivability without significant fuel economy penalty.
There are various control modes for transient operations along the S-S operation line,

depending on how the driver’s priorities are interpreted by the CVT controller.
A transient operation defines how the engine–CVT joint operation will be shifted from
a current point to the next point on the S-S operation line, for example, from point A to
point B, as shown in Figure 7.24. The following gives details of two control modes –
economy mode and performance mode [24] – for transient operations. Clearly the econ-
omy mode is selected with a priority on fuel economy and the other with a priority on
power or performance.
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Economymode: Suppose the vehicle is running at pointA on the S-S operation line at a
certain power level that can be determined based on road load or from the engine oper-
ation status. To accelerate the vehicle to a higher speed, the driver depresses the accelerator
pedal and the pedal depression is interpreted by the CVT controller (TCU) as the driver’s
intention to increase the engine power to a higher level, at 46.8 kW for example. This ele-
vated power level uniquely defines a point on the S-S operation line, i.e. point B, as shown
in Figure 7.24. There is a unique torque curve that contains curve segment HB, corre-
sponding to an engine throttle opening of 40%, shown as an example in the Fig. 7.24. This
throttle opening percentage can be found in general by interpolating the engine output
map. In the economy mode, the vehicle operation status will be transferred from point
A to point B along the 40% throttle line. As soon as the driver depresses the accelerator
pedal, the throttle opening is increased to be at 40% instantaneously by electronic throttle
control. The CVT ratio and the engine operation are then controlled jointly so that the
engine speed traces the 40% throttle torque curve, until steady-state vehicle operation sta-
tus is reached at point B. For simplicity, the following assumptions are made in the formu-
lation of the CVT powertrain dynamics during the transition from point A to point B:

• Engine transients are not considered. That means that the engine throttle is instanta-
neously controlled at pointH and the engine also reaches steady state instantaneously.
The engine RPM at point H is the same as at point A based on this assumption.

• Powertrain component inertias are not considered in the formulation.

• Powertrain efficiency η is considered to be constant.

Since A and B are both on the S-S operation line, dynamic equilibrium is achieved by
the vehicle powertrain system and the following equations define the steady state at both
points:

ωe =
π RPM e

30

V =
ωe

icvtia
Rt

fW +
G
100

W +CcV
2 V = ηPe

7 53

whereωe and (RPM)e are the engine angular velocity and RPM respectively. V is the vehi-
cle speed, Rt is the vehicle tire radius, icvt and ia are the CVT ratio and the final drive ratio,
W is the vehicle weight, and Pe is the engine power at either pointA or point B. It is appar-
ent that the CVT ratio at target point B can be determined by Eq. (7.52), where G is the
slope grade number and Cc is the vehicle air drag constant as represented by Eq. (1.14) in
Chapter 1. During the transition from point A to point B along the 40% throttle line, the
vehicle motion is governed by the following equation:

ωe =
π RPM e

30

V =
ωe

icvtia
Rt

W
g
dV
dt

=
ηTe ωe icvtia

Rt
− fW +

G
100

W +CcV
2

7 54
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where dV
dt is the vehicle acceleration and Te(ωe) is the engine output torque as a function

of engine angular velocity. Note that the vehicle acceleration at both points A and B is
equal to zero since the two points are on the S-S operation line. The vehicle acceleration
at point H is not equal to zero, but can be determined by Eq. (7.54) using the engine tor-
que found on the 40% throttle torque curve corresponding the engine RPM at point A.
Performance mode: This mode is used for the quickest transition from a current point

to the target point on the S-S operation line, for example, frompointC to pointB, as shown
in Figure 7.24. Similar to the economy mode, the pedal depression by the driver at point C
is interpreted as an intention to increase the engine power to the level at point B, at which
the 46.8 kW constant power line intersects the S-S operation line. In performance mode,
the engine throttle opening is instantaneously increased to the percentage corresponding
to pointD on the 46.8 kWconstant power line by electronic throttle control. The CVT and
engine operations are then controlled jointly for the engine to run along the 46.8 kW con-
stant power line from point D to the steady state point B. The performance mode can also
be implemented for the transition from point A to point B. In this case, the engine throttle
opening at point Awill be increased instantaneously toWOT opening at point F, the CVT
and the engine will then be jointly controlled so that the engine runs from point F to point
G along the WOT torque curve and then from point G to point B along the 46.8 kW con-
stant power line. Along the line of constant power Pe, i.e. line GB as shown in Figure 7.24,
the following equations govern the motion of the vehicle powertrain system:

fW +
G
100

W +CcV
2 +

W
g
dV
dt

V = ηPe

V =
ωe

icvt ia
Rt

ωe =
π RPM e

30
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As already mentioned, the engine and the CVT must be jointly controlled for the
engine to run along the steady state operation line. The two control modes described
above are used to make the transition from one power level to another. The CVT–engine
joint control during the transition operations is based on the logic illustrated by the block
diagram of Figure 7.25 [24]:
Figure 7.25 contains two control loops, one for the engine throttle and another for the

engine speed. The value of θt is the driver accelerator depression, which is interpreted by
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Figure 7.25 CVT-engine joint control block diagram.
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the TCU as the intention to increase the engine power to the value Pw, while θti is the
engine throttle opening interpolated from the engine map according the selected tran-
sition mode. For example, if the economy mode is selected, θti is 40% for the transition
from point A to point B, as shown in Figure 7.24. If the performance mode is selected, θti
then needs to be interpolated from the engine map in terms of the target power and the
engine speed. Then ωei is the engine angular velocity at the next steady state point when
the transition is completed, for example, at point B, as shown in Figure 7.24, and icvt is the
CVT ratio which is controlled by the methods discussed in Section 7.4, while icvt is the
time derivative of the CVT ratio.

7.5.3 Stepped Ratio Control Strategy

Continuous ratio control discussed above takes full advantage of CVTs and theoret-
ically offers the optimal powertrain fuel efficiency. However, it has drawbacks in
drivability in comparison to vehicles equipped with conventional ATs. For drivers
who are accustomed to driving conventional AT vehicles, CVT vehicles with contin-
uous ratio control give a sloppy or unresponsive driving feel. Therefore, most pro-
duction CVT vehicles today are controlled by the stepped ratio strategy. As the name
indicates, a stepped ratios strategy controls the CVT with multiple stepped gear
ratios that emulate a conventional automatic transmission. Usually, the CVT is con-
trolled with six to eight stepped gear ratios in this strategy, although more ratios are
possible if necessary. Note that, unlike conventional ATs, each of the multiple gear
ratios of the CVT controlled with this strategy may not always be a constant but may
be controlled at different values to best fit the vehicle operation condition. For exam-
ple, the engine speed and the vehicle speed are shown in Figure 7.26 for a CVT vehi-
cle controlled with six gear ratios. As shown in the figure, the first and sixth gear
ratios are not held constant. This is because both the low CVT ratio and the over-
drive CVT ratio are achieved with the smallest contact angle, as defined in Figure 7.5
either in the input pulley or in the output pulley. For loading and strength consid-
erations, it is beneficial to avoid running the CVT in these two extreme positions at
high engine RPM and high vehicle speed.
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Figure 7.26 CVT stepped gear ratios and ratio variations.
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A transmission shift schedule similar to Figure 6.17 must be established to implement
a CVT stepped ratio control strategy. The attributes of conventional automatic trans-
mission shift schedules, and guidelines to establish them, were presented in
Section 6.4. The shift schedule for a CVT controlled with stepped ratios has similar attri-
butes and can be established similarly. Since the number of gears and the gear ratio in
each gear can be flexible, the CVT shift schedule naturally can be designed to better fit
the engine output to vehicle operation conditions. Similar to the shift schedule of mul-
tiple ratio conventional ATs, a CVT shift schedule can also be designed with different
shift modes, such as normal, economy, and sport. The driver can choose a mode for dif-
ferent priority at the convenience of pushing a button or turning a knob. As mentioned
previously, the torque converter is primarily used as the vehicle launcher in CVT vehi-
cles and is partially locked up to dampen powertrain transients at low vehicle speed, as
shown in Figure 7.26. For efficiency considerations, the torque converter is locked up by
the converter clutch and just behaves as a mechanical couple under all other operation
conditions. Because of the CVT shifting mechanism discussed in Section 7.4, ratio
changes can be completed smoothly without the torque converter functioning as a fluid
damper in the process.
Similar to conventional ATs, the CVT is controlled to operate either in a fixed ratio or

to implement a shift according to the shift schedule based on the inputs from the speed
sensor and throttle position sensor. CVT control during fixed ratio operation and shift
operations were detailed in Section 7.4.

7.5.4 CVT Control Calibration

Calibration for automatic transmission control was discussed in Section 6.5 on both
component and system levels. In principle, CVT control calibration is similar to conven-
tional ATs. As detailed in Sections 7.4 and 7.5, line pressure control is the most critical
for both CVT fixed ratio operation and shifting operations. In fixed ratio operation, the
line pressure is directly applied in the output piston chamber and should be controlled
just above the value required to transmit the torque required for vehicle operation so that
the CVT runsmost efficiently. During ratio changes, the line pressure is applied on either
the input piston chamber or the output piston chamber to actuate the axial motions
of the movable sheaves of the input and output pulleys. For a CVT that is controlled with
n gear ratios, there are n upshift threshold lines and n downshift threshold lines, as illus-
trated in Figure 7.27. Both the engine throttle opening and the engine output speed vary
along a threshold line. The engine torque to be transmitted by CVT is determined by the
engine throttle opening, which is the vertical axis in the shift schedule, as shown in
Figure 7.27, and the engine output speed that can be determined from the CVT ratio
and the vehicle speed, which is the horizontal axis of the shifting schedule. A huge num-
ber of line pressure values would be required to optimize the CVT operation in the whole
drive range, but this cannot be implemented for practical CVT control. Therefore, a
number of points are chosen along an upshift threshold line to define the CVT–engine
operation status, as shown in the 1–2 upshift line in Figure 7.27. At each such point, the
corresponding engine output torque, i.e. the CVT input torque that needs to be trans-
mitted, is determined by interpolation from the engine map. If 10 points are chosen on
the 1–2 upshift line, there will be 10 CVT input torque values, and these 10 torque values
will then be used to determine the line pressure values according Eq. 7.52, as previously
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described in line pressure control. A number of these line pressure values can then be
used as the reference for line pressure control when the CVT runs with the first gear.
For the whole drive range, there will be 50 different line pressure values if 10 points
are chosen on each of the five upshift lines. A database can be built for the line pressure
values for the CVT input torque in terms of throttle opening, gear ratio, and vehicle
speed. The real time line pressure during CVT operation is interpolated from the data-
base to best fit the vehicle operation condition. As a general guideline, the line pressure
can be selected and calibrated in the following steps:

• Select a number of points along each upshift line. These points should reflect the most
frequent vehicle operation conditions in daily traffic. Experiences and data on existing
vehicles provide a good reference on the selection of these points.

• At each point mentioned above, the engine torque is determined from the engine map
since throttle opening, vehicle speed, and CVT ratio are known at the point. The CVT
input torque is then found by subtracting the loads on auxiliary systems, such as the
load from the air conditioner and the power steering pump.

• The line pressure value is then determined by Eq. (7.52) for the particular point. This
line pressure allows the CVT to transmit the input torque with a torque ratio of about
0.9. This line pressure is about 10% higher than is needed to transmit the required
input torque with a 10% margin below the belt slippage threshold.

• A database is established for the line pressure values determined as above for all points
along each upshift line and for all the five upshift lines shown in Figure 7.27.

• Before an upshift, the CVT will be controlled at line pressure determined at the point
along the upshift line that is the closest to the engine–CVT operation status, or at a line
pressure value determined by interpolating the points on the upshift line. After the
upshift, the CVT will be controlled at the line pressure found at the next upshift line
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corresponding to the particular engine throttle opening. The line pressure values
before and after a downshift are determined similarly.

• The vehicle prototype is controlled on a testing rig to operate with the line pressure
values determined above under driving conditions that emulate daily traffic; for exam-
ple, the standard EPA drive ranges can be used to control the operation of the proto-
type vehicle on the testing rig. Data from these tests are used to validate line pressure
control strategy, to modify control variables, and to adjust the line pressure values
themselves for CVT operation optimization.

• Road tests are then performed to fine tune the line pressure values and related control
variables under real world traffic conditions.
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Problems

1 A belt CVT has the following design data: pulley center distance E = 185mm; Belt
length L = 720mm; pulley groove angle: 11 . The piston effective areas are 160
and 130 cm2 for the primary pulley and secondary pulley respectively. The CVT ratio
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range is [0.4, 2.3]. The static tangential friction coefficient is 0.1 for both pulleys. The
final drive ratio is 6.12. The efficiency before the primary pulley is considered to be
1.0. The driveline efficiency is 0.82 after all extra engine loads and losses are consid-
ered. The CVT vehicle data and the engine fuel map are provided as shown.

171.6

156.0

140.0

E
n
g
in

e
 t
o
rq

u
e
 (

N
M

) 125.0

110.0

94.0

78.0

62.0

47.0

31.0

16.0
500 1000 1500 2000 2500

Engine speed RPM

3000 3500 4000 4500

300

325
350

250

275

5000 5500

BSFC (gr/kW.hr)

6000

a) The CVT is required to be capable of transmitting a maximum input torque on
the primary pulley of 160 Nm with the CVT ratio equal to 2.3 when the torque
converter is locked. With a safety factor of 1.1, what should be the line pressure
in Bar (note: 1 Bar = 10 N/cm2) that is directly applied to the secondary piston
chamber?

b) What should be the pressure in the primary piston chamber if the same safety
factor of 1.1 is required for the input side when the CVT is operating under
the condition in (a).

c) When the vehicle is cruising at a constant speed of 110 km/h on level ground, the
engine torque is controlled at 78 Nm.What is the CVT ratio and the fuel economy
in liter/100 km. Note: gas density is 750gram/liter. Show how data are taken from
the fuel map.

Vehicle data:

Air drag coefficient:
Cd = 0 29

Vehicle Mass = 1200 kg Tire radius:
R = 0.28 m

Rolling
coefficient: 0.2

Final drive ratio:
ia = 6 12

Final drive efficiency:
0.97

Frontal projected
area: A= 2 15m2

2 A CVT is used for a vehicle with data shown below. The engine map, the steady state
operating line, the constant power lines at 25 kW, 34 kW, and 45 kW, and the
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constant throttle line are shown in the figure. The torque converter is locked and all
losses are neglected (i.e. η= 1). Points A, B, and C are on the steady-state operat-
ing line.
a) Determine the vehicle speed and CVT ratio at A, B, and C respectively.
b) At a point of time during the transition from A to B in economy mode, the vehi-

cle speed sensor reads a vehicle speed of 108 km/h and the engine tachometer
reads an engine speed of 2300 RPM. Determine the vehicle acceleration at
this point.

c) The performance mode is used for the transition fromC to B. Determine the vehi-
cle acceleration at the beginning of the transition.

d) At a point of time during the transition from C to B in performance mode, the
speed sensor reads a speed of 118 km/h and the CVT ratio is 1.1. Determine
the vehicle acceleration at this point.

Vehicle data:

Cd = 0.28
(air drag coefficient)

A = 2.15 m2

(front projected area)
m = 1250 kg
(vehicle mass),

Rtire = 0 32 m
(tire radius)

f = 0 02
(rolling coefficient)

ia = 2 70
(final drive ratio)
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8

Dual Clutch Transmissions

8.1 Introduction

Dual clutch transmission (DCT) combines the advantages of manual transmission (MT)
and conventional automatic transmission (AT). DCT vehicles feature the convenience
and comfort of AT vehicles and a fuel economy comparable to that of MT vehicles.
In addition, DCT is less costly to manufacture in comparison with AT since it shares
similar structure and components with MT.
As illustrated in Section 8.2, a DCT is structurally a combination of two manual trans-

missions, one with even gears and the other with odd gears.While the transmission oper-
ates in the current gear, the next gear is already engaged, since the related clutch is open
and the related gears freewheel. A gear shift is realized by releasing the currently applied
clutch and applying the clutch for the next gear. Gear shifting of a dual clutch transmis-
sion is then in kinematics similar to that of clutch-to-clutch shift in a conventional AT.
However, the dynamic characteristics are different between the two types of transmis-
sions since the AT is equipped with a torque converter that dampens shift transients.
The existing control technologies for conventional AT cannot be readily applied for
DCT shift control. Moreover, more precise torque control is required to achieve launch
and shift smoothness of DCT vehicles since there is no torque converter between the
engine and the transmission input. Extensive research and testing has been conducted
by engineers and researchers in the automotive industry on the launch and shift control
of DCT vehicles. A model-based study was successfully conducted on DCT applications
for medium duty trucks [1]. Shift dynamics and transmission control were investigated
by model simulation for vehicles equipped with DCTs [2,3]. A gearshift control strategy
for twin wet clutch transmission was developed and integrated with engine control to
achieve synchronization during the transfer of engine torque from clutch to clutch
through clutch slip control [4]. A system control approach, consisting of various control
loops including engine speed control, clutch slip control, and transmission output torque
control, was developed for gear shifts of twin clutch transmissions [5]. Torque based con-
trol, which synergizes the engine torque control and clutch torque control, was devel-
oped for AT vehicles to optimize shift qualities [6–8] and is applicable for DCT shift
controls. To enhance the DCT torque control precision, a systematic model is proposed
to analyze the dynamic characteristics of DCTs based on prototype vehicle testing [9],
and a further study is focused on the clutch torque formulation and calibration for
dry DCTs [10,11].
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Due to its advantages in fuel efficiency and cost, DCT products attracted extensive
development interests in the automotive industry and DCT equipped passenger vehicles
have been on the market for more than a decade. General descriptions of DCT develop-
ment status can be found in the public domain [12–14]. FordMotor Company developed
DCTs for applications in both its subcompact Fiesta and compact Focus models around
2010. VW has applied DCTs across its passenger car product line for over a decade.
Other OEMs have also occasionally applied DCTs for their passenger vehicle products,
even though the applications are not widespread. It can be predicted that DCT vehicles
will continue to take market share from vehicles equipped with other types of
transmission.
Following this introduction section, the chapter will continue with Section 8.2 on the

structural layouts of DCT systems and key components, including the basic DCT struc-
ture and kinematics. Current DCT production types will be presented also in the section.
Section 8.3 will then concentrate on the dynamic modeling and analysis of DCT opera-
tions, including DCT vehicle launch and shifts. Section 8.4 will deal with the control sys-
tem design and the control of ratio changing processes. Section 8.5 will present DCT
clutch torque formulation for accurate clutch torque calculations during launch and
shifts, using an electrically actuated dry DCT as the example in the case study. Since
DCTs share with manual transmission in basic layouts and gear design, readers are
referred to Chapter 2 and Chapter 3 for related topics.

8.2 DCT Layouts and Key Components

Dual clutch transmissions share similar components and basic structure with manual
transmissions. A DCT can be considered in structure and in kinematics as a combi-
nation of two manual transmissions, with one providing the odd gears and the other
the even gears. Two input shafts in a compact hollow-solid layout take up the engine
output through the respective clutch. The structure of a typical DCT is illustrated in
Figure 8.1. This DCT layout has been used in Ford subcompact and compact passen-
ger cars. Some other DCT designs may also have the two input shafts in a parallel
layout.
The transmission shown in Figure 8.1 has six forward speeds and one reverse, with

odd gears on the solid shaft that is connected to the engine by clutch 1 (CL1) and even
gears on the hollow shaft connected by clutch 2 (CL2). Reverse gear is achieved by
using the sixth output gear as the idler. There are two final drive pinions, one on trans-
fer shaft 1 and the other on transfer shaft 2, that drive the same ring gear, providing two
different final drive ratios. Gear shifts only involve the engagement of the oncoming
clutch and the release of the off-going clutch since the oncoming gear is preselected.
For example, when the vehicle runs in first gear, clutch CL1 is engaged but clutch CL2
is open, and both the first gear and the second gear are engaged by the respective syn-
chronizers which were discussed in Chapter 2. The first gears transmit power from the
engine to the transmission output, while the second gears freewheel with the open
clutch CL2. A 1–2 shift is then realized by disengaging clutch CL1 and engaging clutch
CL2 in the 1–2 shift process. The operations in other gears and related shifts follow
similar patterns.
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8.2.1 Dry Dual Clutch Transmissions

Dual clutch transmissions are categorized as dry or wet according to the actuation of the
dual clutch module. In a dry DCT, the two clutches in a compact pack are a single-disk
type that is actuated by the respective release bearing via a diaphragm spring. For dry
DCTs, the release bearings and the synchronizers can be controlled either electrically
or hydraulically. In an electrically actuated dry DCT, the two clutches are controlled
by electric motors through the respective control mechanisms, and the gear shifts are
also controlled by electric motors through shifting drums that convert the motor’s rota-
tional motion to linear motion for the positioning of the synchronizers. The dual clutch
module, the clutch control actuator, and the shift drums of the six-speed dry DCT shown
in Figure 8.1 are illustrated in Figures 8.2, 8.3, and 8.4, respectively.
As can be observed in Figure 8.2, the dry clutch module contains two friction disks and

two release bearings, one for each clutch. Torsional spring dampers are assembled with
both friction disks to dampen the dynamic transients during vehicle launch and shifts.
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Figure 8.1 Dual clutch transmission structural layout.
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Figure 8.3 Dry DCT clutch control mechanism.
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In some other designs, a torsional spring damper may also be installed on the flywheel
side to enhance the damping effects. The pressure plate assembly is attached to the
engine flywheel and carries the two apply plates via flexible links (as shown in
Figure 8.6c) to rotate with the flywheel as discussed in Chapter 2. The two apply plates
are allowed to move slightly along the axial direction due to the flexible links. The pres-
sure plate also carries the pivoting anchor on the anchor arm for each diaphragm spring,
so the two diaphragm springs also always turn with the flywheel. The upper end of the
CL1 diaphragm spring then contacts the CL1 link which is connected to the CL1 apply
plate, as shown in Figure 8.2. Unlike the clutch in a manual transmission, which has a
normally engaged clutch, clutches in a DCT are normally open, i.e. the clutch stays open
unless engaged by the clamping force. As shown in Figure 8.2, the inner side of each dia-
phragm spring then contacts the respective release bearing which travels slightly on the
input shaft when actuated by the control motor. Clamping force will be generated on the
friction disk of a clutch if the respective release bearing is actuated by the motor to move
leftward. For example, when release bearing 1 moves leftward, it will carry the inner side
of the diaphragm spring of clutch CL1 and will displace the outer side of the CL1 dia-
phragm spring rightward, carrying with it the apply plate 1 to clamp the CL1 friction disk
against the pressure plate. And the diaphragm spring also works as a lever that magnifies
the force applied by the release bearing on its inner side. The friction torque generated by
the clutch depends on the apply force on the release bearing, as will be detailed in later
sections.
The core of the actuator for the dual clutch module is the mechanism that controls the

travel of the release bearing along the input shaft. There are two suchmechanisms for the
dual clutch module. The one illustrated in Figure 8.3 is for clutch CL2 for the clutch
module shown in Figure 8.2. The control mechanism for clutch CL1 is identical in struc-
ture and in operation principle.
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Figure 8.4 Dry DCT gear shifting cams.
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As shown in Figure 8.3, the screw is turned with the control motor and displaces the
roller along the screw axis. The roller displacement is linearly proportional to the motor
rotation. The spring attached to the top of the actuator level is under compression at
assembly. The force applied by the release bearing on the inner side of the diaphragm
spring depends on the compressive spring force at the top of the actuator lever and
the displacement of the roller along the screw axis. Therefore by controlling the rotation
of the control motor, the roller displacement along the screw axis will be controlled to
the amount that the force applied by the release bearing to the diaphragm inner side is
what is needed to generate the required clutch torque. For the dual clutch module of a
dry DCT, two identical control mechanisms are assembled in a compact package as illus-
trated in Figure 8.2. The quantitative formulation on the correlation of clutch torque and
motor rotation will be discussed in Section 8.5.
The drums or cams for gear shifting are illustrated in Figure 8.4. A shift drum is, in

kinematics, a cylindrical cam with screw grooves. Figure 8.4 illustrates the shifting
mechanisms for the Ford six-speed DCT shown in Figure 8.1. There are two shifting
cams, one for the 4–R and 2–6 synchronizers, and the other (not shown in
Figure 8.4) for the 5–1 and 3rd synchronizers. During gear shifts, the shifting sleeve
of the synchronizer involved is translated along the gear shaft by the shift fork which
slides on the shift rail. A shift fork can be supported on two shift rails to make its axial
motionmore conducive. A round pin on the shift fork is positioned into the screw groove
of the shifting cam, as shown in Figure 8.4. As the cam turns, the pin in the screw groove
moves axially and the displacement of the pin is linearly proportional to the rotational
angle of the shifting cam by the screw pitch. The rotation of the shifting cam is actuated
by the shift motor through a set of reduction gears, which can be spur gears or worm
gears, depending on the gear box layouts. By controlling the rotational angle of the shift
motor, the shift fork – i.e. the shifting sleeve of the synchronizer –will be accurately con-
trolled at the position required for the engagement or disengagement of the target gear.
Each of the shifting cams shown in Figure 8.4 is machinedwith two screw grooves, each

of which locates a pin attached to a respective fork shaft. The pitch lines of the two screw
grooves are designed with ramps that enable the fork shaft to move axially during gear
engaging or disengaging and with flat slots that keep the fork shaft at the same position.
The ramps and the flat slots are aligned such that the axial motions of the fork shafts do
not interfere with one another.
For the DCT in Figure 8.1, the 4–R and the 2–6 synchronizers share the same shifting

cam. The two pitch lines for the two cam groves are shown in Figure 8.5. The pitch line of
a cam groove consists of ramps and flat sections. Ramps are for the screw profiles that
enable fork shaft motions for gear engaging or disengaging. Flat sections are for the flat
grooves that keep the fork shaft (i.e. the respective gear) at the neutral position. As shown
in Figure 8.5, there is no overlapping between the ramps for the 4–R synchronizer and for
the 2–6 synchronizer. Therefore the engaging and disengaging of the 4th and reverse
gears will not interfere with that of the 2nd and 6th gears.
The clutch actuation and gear shifting of dry DCTs can also be realized hydrau-

lically. A production DCT of this type is shown in Figure 8.6. This dry DCT has been
used in VW compact to midsize passenger cars. In this DCT, the actuation of the
dual clutches is controlled by two hydraulic pistons via actuation levers. The gear
engaging and disengaging motions are also realized by hydraulic pistons. In this type
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of DCT, a hydraulic booster is usually used to compensate the fluctuations of
hydraulic pressure during clutch actuation and shifts caused by the fairly large piston
displacements.
The actuation of the dual clutches in dry DCTs can also be realized by hydraulic pis-

tons that push the release bearings. The two pistons with ring-shaped effective piston
areas, one for each release bearing, are in a compact nested package that is installed
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Figure 8.5 Pitch lines for shifting cam grooves.
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on the hollow shaft and is fixed to the transmission housing. These two pistons are linked
by hydraulic hoses to two slave pistons with smaller effective areas. The slave pistons are
located away from the clutch well, resulting in more packaging room and better heat dis-
sipation for the dual clutch module. The slave pistons can be controlled by electric
motors via screw mechanisms that convert the rotations to linear displacements. The
piston force on the release bearing is the force on the slave piston multiplied by the ratio
between the respective piston effective areas. This clutch actuator design is also condu-
cive to reducing vehicle launch and shift harshness. Gear shifting in this design is also
realized by hydraulic pistons, as shown in Figure 8.6b.

8.2.2 Wet Dual Clutch Transmissions

The gear shaft layouts in wet dual clutch transmissions are similar to those in dry
DCTs, as shown in Figure 8.7. The dual clutches in wet DCTs are multiple disk clutches
similar to those in conventional automatic transmissions. The two clutches are nested
in a compact module as illustrated in Figure 8.7a. Transmission shifts are realized by
engaging the oncoming clutch and releasing the off-going clutch synchronously as in
clutch to clutch shifts of conventional ATs. Gears are engaged or disengaged by
hydraulic pistons that position the synchronizer sleeves according to the target gear
as illustrated in Figure 8.7b. As mentioned previously, the next target gear is engaged
already while the DCT operates in the current gear. Gear engaging or disengaging is
therefore not related to the transmission shifting process and shifting quality only
depends on clutch control. A hydraulic system with the pump powered by engine or
electric motor provides the pressure required for the control of clutches and the gear
shifting pistons.
The actuation of shifting pistons is controlled by shifting solenoids that are actually

hydraulic switches routing the ATF flow paths according to the shift logic. The actuation
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Figure 8.7 Wet DCT layout and gear shifting pistons.
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of the dual clutches is realized by variable force solenoids, one for each clutch, that accu-
rately control the hydraulic pressure in the oncoming clutch and off-going clutch, as
detailed in Chapter 6.
Both dry and wet DCTs have been successfully applied for production vehicles. Dry

DCTs have cost advantage over wet DCTs because of the simplicity in the control system
for clutch actuation and gear shifts. Wet DCTs intrinsically have higher torque capacity
because multiple disk clutches are used instead of single disk clutches. In the following
sections, dry DCTs will be the focus of discussion since the shift dynamics and control of
wet DCTs are in line with that of conventional ATs.

8.3 Modeling of DCT Vehicle Dynamics

The dynamic model for the transmission in Figure 8.1 just described is shown in
Figure 8.8. The input and output shafts are modeled as spring-dampers. Gear shafts
are modeled as lumped masses. The four synchronizers are modeled as switches that
route power flows since gear engaging or disengaging does not occur during shifts
and thus does not affect shift quality. As indicated in Figure 8.8, the mass moments
of inertia of the lumped masses are denoted as follows: engine output assembly (Ie),
clutch input side (I1), hollow shaft (I2), solid shaft (I3), transfer shaft 1 (I4), transfer shaft
2 (I5), output shaft (I6). In similar fashion, ωe, ω1, ω2, ω3, ω4, ω4, and ω6, denote the
respective angular velocities. The stiffness and damping coefficient for the input shaft
and output shaft are denoted by ki, ko, ki and ci, co, respectively. The vehicle equivalent
mass moment of inertia on the output shaft is denoted by I.

8.3.1 Equations of Motion during Launch and Shifts

Separate systems of equations are required to govern the DCT power train system
dynamics because of the different power flow paths and clutch statuses. The equation
of motion for vehicle launch, 1–2 upshift and 5–4 downshift are presented in the follow-
ing. For other operation modes, the equations of motion can be derived according to the
power flow path in a similar fashion.
Launch: In the launch operation, both the first and second gears are engaged. The

clutch torque in clutch CL1 is gradually increased by its actuator until it is fully closed
while clutch CL2 is open. The system of equations of motion is as follows:

Te−Tin = Ie ωe 8 1

Tin−TCL1 = I1 ω1 8 2

TCL1−
Ta

ia1i1
= I1eq ω3 8 3

Ta−To = I6 ω6 8 4

To−TLoad = I ωw 8 5
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where i1 is first gear ratio, ia1 is final drive ratio which is shared by first, second, fifth,
and sixth gears, Ta is the final drive output torque, I1eq is the equivalent mass moment
of inertia on the solid shaft in first gear for the lumped masses, including the transfer
shaft 1, assembly of the solid shaft, and all other components rotating accordingly in
first gear. Equations (8.4) and (8.5) can be combined to drop out Ta so as to form a system
of four state variable equations. There are four independent state variables – ωe , ω1 , ω3 ,
and ωw – since ω3 and ω6 are related by ω3 = ia1i1ω6. The input shaft torque Tin,
output shaft torque To, and road load torque TLoad are expressed by the following
equations:

Tin = ki θe−θ1 + ci ωe−ω1 8 6

To = ko θ6−θw + co ω6−ωw 8 7

TLoad = f W +RA +RG r 8 8

where ωw and θw are the angular velocity and angle of rotation of the wheel, f is roll-
ing resistance coefficient, r is tire radius, and RA and RG are the air and grade resist-
ance respectively, as formulated in Chapter 1. The engine torque Te in Eq. (8.1) is a
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function of engine velocity ωe and throttle angle ϕT, as shown in the engine map
Figure 8.9.
Clutch torque TCL1 is a control variable during the vehicle launch process. When fully

engaged, the vehicle runs in first gear and the clutch then mechanically links the engine
output shaft to the transmission input. The clutch status is determined by the angular
velocities of the clutch input and output sides with clutch torque determined by the fol-
lowing equation:

TCL1 =
Tin− I1ω1 if clutch is engaged

P1C1μ1 if clutch slips
8 9

where P1 is the clamping force on clutch pressure plate which is controlled by the clutch
actuator, C1 is a constant related to clutch dimension, and μ1 is the clutch friction coef-
ficient. The clutch actuator for the DCT used in the example vehicle uses a screw-lever
mechanism shown in Figure 8.3. The structure and kinematics of the clutch actuator
design have been previously described.
The initial condition for the system of Eqs (8.1–8.5) is given as: t = 0; ωe =ω0

e ,
ω1 =ω6 =ωw = 0; θe = θ1 = θ6 = θw = 0. Here, ω0

e is the engine angular velocity at which
the vehicle is launched. When the vehicle runs in first gear, angular velocities ω1 and
ω3 are the same. Eqs (8.2) and (8.3) are then combined into one equation. The remaining
equations then form the equation system for first gear operation.
Upshifts: Similar to conventional automatic transmissions, DCT shifts involve two

stages: the torque phase when gear ratio remains unchanged and the inertia phase
when the gear ratio is gradually changed to the value of the next target gear. Due
to the difference in clutch status, two sets of equations are required to describe
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the system dynamics for the two stages in a shift process. The system equations for
1–2 shift are presented in the following, which can be easily extended to other shifts.
In the torque phase we have:

Te−TCL1−TCL2 = Ie ωe + I1ω1 8 10

Tin =TCL1 +TCL2 + I1ω1 8 11

TCL1 i1 +TCL2 i2 = I2 i22 + I3 i21 + I4
ω1

i1

+ TLoad
ia1

+
I6

i1 i2a1
ω1 +

I
ia1

ωw

8 12

To = Iωw +TLoad 8 13

where ω6 is equal to ω1/(i1ia) since the first gear ratio has not changed yet. The state
variable equation system is formed by the four equations Eqs (10–13). The variables that
need to be solved from the equation system above are: ωe , ω1 , ωw , and TCL1. Clutch tor-
que TCL2 is the control variable that is gradually ramped up following a pre-determined
profile as shown in Figure 8.13. Equations (8.6–8.8) have given us expressions for Tin, To,
and TLoad. The initial condition for the torque phase of 1–2 shift corresponds to the sta-
tus of the vehicle operation in first gear when the shift starts.
As soon as clutch CL1 starts to slip, the torque phase finishes and the inertia phase

starts. In real time control, the threshold point can be detected by speed sensors that
measure the angular velocities of the transmission input and output. In simulation, this
point is determined by comparing the clutch torque TCL1 solved from the system of
Eqs (8.10–8.13) and the clutch torque capacity Tc

CL1 which depends on clutch design
and control parameters. As soon as the inertia phase starts, the system dynamics is then
governed by another set of equations presented as follows.
During the inertia phase, the angular velocities ω1 and ω6 are no longer related by the

gear ratios ia1 and i1. Angular velocities ωe , ω1 , ω6 , and ωw are independent variables to
be solved from the equation system governing the system dynamics. Both clutch torques,
TCL1 and TCL2, are control variables during the inertia phase as shown in Figure 8.13. The
system equations of motion for the inertia phase are expressed as follows:

Te−TCL1−TCL2 = Ie ωe + I1 ω1 8 14

Tin =TCL1 +TCL2 + I1ω1 8 15

TCL1 i1 +TCL2 i2 = I2 i22 + I3 i21 + I4 ia1ω6

+ To
ia1

+ I6
ω6

ia1

8 16

To = Iωw +TLoad 8 17

The initial condition for the solution to the system of Eqs (8.14–8.17) corresponds to
the system status at the end of the torque phase. The inertia phase ends when ω1 is equal
to ia1i2ω6. This completes the process of 1–2 shift and the vehicle enters operation in
second gear.
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Downshifts: In a power-on downshift, the torque of the off-going clutch must be
decreased rapidly to slip the clutch before applying pressure in the oncoming clutch
in order to avoid clutch tie-up and backward power circulation. Therefore, the inertia
phase must come before the torque phase in a power-on down shift. A 5–4 shift is used
as example for the system of equations for down shifts. This example can be extended to
all other downshifts.
First, in the inertia phase, to start the 5–4 power-on downshift, clutch torqueTCL1must

be decreased rapidly to produce slippage in clutch CL1 before clutch CL2 is pressurized.
The slip threshold of clutch CL1 is reached when Te ≥TC

CL1, where TC
CL1 is the torque

capacity of clutch CL1 which is controlled to decrease rapidly by the control motor as
shown in Figure 8.3. The inertia phase starts as soon as the off-going clutch CL1 starts
slipping. During the inertia phase of a 5–4 power-on downshift, both the off-going clutch
CL1 and the oncoming clutch CL2 slip, with the oncoming clutch torque TCL2 ramped
up rapidly and the off-going clutch torque TCL1 ramping down even more rapidly. Both
clutch torques, TCL1 and TCL2, are control variables in the inertia phase. The vehicle
powertrain dynamics is governed by the following:

Te−TCL1−TCL2 = Ie ωe + I1 ω1 8 18

Tin =TCL1 +TCL2 + I1ω1 8 19

TCL1i5ia1 +TCL2i4ia2 =To + I6ω6 + I4 + I3i
2
5 i2a1ω6 + I5 + I2i

2
4 i2a2ω6 8 20

To = Iωw +TLoad 8 21

Since both clutches slip, the angular accelerations ω4 and ω5 are not related to ω1 by
the ratios of the fourth and fifth gears. Therefore, the equation of motion for the gear
shafts is written on the transmission output shaft whose mass moment of inertia is
labeled as I6. In the system of state variable equations above, ωe , ω1 , ω6 , and ωw are inde-
pendent state variables to be solved. During the downshift inertia phase, both the oncom-
ing and off-going clutches slip. Both clutch torques TCL1 and TCL2 are control variables.
TCL1 is ramped down rapidly and TCL2 is ramped up rapidly by the controller as shown in
Figure 8.14. The initial condition for the equation system corresponds to the system
dynamic status in fifth gear operation when the 5–4 downshift starts. The inertia phase
ends when ω1 ≥ω2 = ia2i4ω4. For control purpose, ω1 is set to be equal to 1.01 ω2, allow-
ing a small amount of engine flare.
Torque phase: During the torque phase of 5–4 down shift, the oncoming clutch CL2 is

applied already, but the off-going clutch CL1 is still slipping under pressure and trans-
ferring friction torque to the transmission input. Both final drives are involved in the
power flow. The equations of motion are presented as follows for this operation status:

Te−TCL1−TCL2 = Ie ωe + I1 ω1 8 22

Tin =TCL1 +TCL2 + I1ω1 8 23

TCL1i5ia1 +TCL2i4ia2 =To + I6ω1/ 8 ia1i4 + I4 + I3i25 i2a1ω1/ ia1i4 +

I5 + I2i
2
4 i2a2ω1/ ia1i4 8 24

To = Iωw +TLoad 8 25

where, ia1 is the final drive ratio for the first, second, fifth, and sixth gears, ia2 is the
final drive ratio for the third, and fourth gears, ω6 has been replaced by ω1/ ia1i4 in
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Eq. (8.24) above. There are four state variables – ωe , ω1 , ωw , and the oncoming clutch
torque TCL2. It is noted that the off-going clutch torque TCL1 is a control variable and the
oncoming clutch torque TCL2 is now a state variable. The initial condition for the system
above corresponds to the system status at the end of the inertia phase. For power-on 5–4
downshift, off-going clutch torque TCL1 must be brought to zero as soon as clutch CL1
starts to slip. The 5–4 down shift is completed when ω1 is equal to ω2 and the off-going
clutch torque TCL1 becomes equal to zero.
In summary, the system of equations for all other fixed ratio operations and shifts can

be derived similarly according to the respective gear mesh paths. For the launching oper-
ation, TCL1 is the control variable. For power-on upshifts from odd gears, oncoming
clutch torque TCL2 is a control variable in both the torque phase and the inertia phase,
and off-going clutch torqueTCL1 is a state variable determined by system dynamics in the
torque phase and a control variable in the inertia phase. For power-on upshifts from even
gears, the roles of clutch CL1 and clutch CL2 are just reversed, and so are the two clutch
torques. For power-on downshifts from even gears, the off-going clutch torque TCL2 is a
control variable in both the inertia phase and the torque phase, and oncoming clutch
torque TCL1 is a control variable in the inertia phase and a state variable in the torque
phase. The roles of the two clutches can be defined similarly for power-on downshifts
from odd gears.
Note that the state variable equation systems for the various DCT operations statuses

represented above are derived for the dynamic model structure shown in Figure 8.8. For
DCTs that are equipped with dual mass flywheels, the system dynamics can be modeled
in a structure shown in Figure 8.10, which is a minor modification of the model shown in
Figure 8.8. The system equations for dual mass DCTs can be derived for all operation
modes following similar steps.

Engine

Vehicle
I Lumped

masses

Switches

Ie Ic

Ic2

Ic1

I2

ω2

R 4 3

6 2 5 1

I3

ω3

I6

ω6

I4

ω4

ωe

I5

ω5
co

koωw

ki

k2ci

c2

k1

c1

Figure 8.10 Dynamic model structure for DCTs with dual mass flywheels.

Automotive Power Transmission Systems312



The dynamic model presented in this section was applied for a test vehicle with data
shown in the following table. The comparison between model simulation and testing is
presented in the next section for this test vehicle.

Example vehicle data

Vehicle mass (m) 1400 kg

Transmission gear ratios (i)

i1 = 3.917 i2 = 2.429
i3 = 1.436 i4 = 1.021
i5 = 0.848 i6 = 0.667
ir = 3.292

Final drive gear ratio (ia) ia1 = 3.762
ia2 = 4.158

Tire radius (r) 0.2975 m

Air drag coefficient (Cd) 0.328

Frontal area (A) 2.12 m2

8.4 DCT Clutch Control

Similar to conventional ATs, DCT control concerns with shift schedule control and shift
process control. The DCT shift schedule balances vehicle performance, fuel economy,
and drivability. The establishment of a DCT shift schedule is similar to that for conven-
tional ATs discussed in Chapter 6. Shift decisions are made by the transmission control
unit (TCU) primarily based on signals from the speed sensor and throttle sensor. Other
sensors, such as ATF temperature sensor and brake pedal sensor, provide supplemental
information for the TCU to make adjustments in shift decision making. The shift sched-
ule for the example DCT is shown in Figure 8.11.
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Unlike vehicles equipped with conventional automatic transmissions, which use a one-
way clutch to avoid backward torque transfer and a torque converter to dampen dynamic
impacts, dual clutch transmission vehicles rely only on clutch torque control for respon-
siveness and smoothness during launch and shifts. It is critical to control the clutch tor-
que magnitude and the timing of actuation for both the oncoming and off-going
clutches. In addition, engine torque control during shifts must be implemented to
interact with clutch torque control. The main objective of clutch control is to realize
power-on shifts without torque interruption and engine flare so as to achieve optimized
drivability and comfort similar to that of conventional ATs.
Launch; Launch control aims at acceleration responsiveness and smoothness. Exces-

sive torque in clutch CL1 at the beginning of launch causes vehicle jerk, resulting in
substandard passenger feel. On the other side, inadequate clutch torque is not enough
to launch the vehicle quickly and the vehicle will be perceived as lacking in power. The
launch clutch torque profile in normal road traffic mainly depends on the acceleration
pedal depression which is controlled by the electronic throttle control (ETC). In such
operations, the engine torque increases with respect to its RPM and is known by inter-
polating the engine map. The clutch torque TCL1 is quickly increased by the control
motor to catch up the engine torque. The transmission input shaft RPM traces the engine
RPMwhile the vehicle is being launched. The launching process is considered to be com-
pleted when the transmission input speed is just a few RPMs below that of the engine.
The vehicle then operates in first gear afterward. Under stop and go traffic conditions,
DCT clutch control can be technically challenging because the DCT vehicle must pos-
sess the “creeping” capability as a requirement for ATs. Excessive clutch slippage in traf-
fic jams leads to overheating in the dual clutch module. This issue can be addressed by
using heat resistant materials for clutch design, and in real time traffic, the DCT control-
ler may temporally cancel “creeping” and activate the ABS system to hold the vehicle in
position in uphill road conditions.
Example torque and RPM profiles of launch clutch CL1 are illustrated in Figure 8.12.

Experimental data and simulation results by the dynamic modeling described in the
previous section are compared in Figure 8.12. In general, a high level of agreement
between simulation and test is observed for engine and transmission input speeds.
Some discrepancy on the engine RPM is observed at the beginning of the launch due
to the engine RPM sensitivity and modeling accuracy. Note that the measured output
torque is obtained by a torque sensor installed on the half shaft.
Upshifts: Clutch tie-up and engine flare are the two key issues for DCT upshift control

similar to clutch to clutch shift in conventional ATs. For example, if clutch CL1 is
released too late in a 1–2 upshift, then the two clutches will be tied up, yielding backward
power recirculation. On the other hand, if the clutch CL1 is released too early, the engine
speed will flare up in the absence of vehicle load. In order to make sure that the engine
torque is transferred to the driving wheels smoothly and continuously, the torque of dual
clutches must be controlled with high accuracy in magnitude and timing.
Different control strategies are used for clutch torque control during torque phase and

inertia phase. Without loss of generality, a 1–2 upshift is used as an example. During the
torque phase, the pressure in clutch CL1 is gradually reduced to decrease the torque
capacity (TC

CL1) until clutch CL1 starts to slip as shown in Figure 8.13. The threshold
of slippage is reached when the off-going clutch torque capacity TC

CL1 is equal to the
engine torque. Meanwhile the oncoming clutch CL2 is gradually applied as soon as
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the upshift decision is made by the DCT controller. This will not cause any backward
torque transfer since the input side of clutch CL2 turns faster than its output side. This
feed-forward control is based on calibration data and is adopted until the end of the tor-
que phase when clutch CL1 starts to slip. As the shift enters the inertia phase, the torque
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in the off-going clutch CL1 is quickly reduced to zero as shown in Figure 8.13. Mean-
while, the gear ratio starts to change and the torque in the oncoming clutch CL2 is
ramped up with feedback on the difference between a pre-designed gear ratio change
function and the actual speed ratio, as formulated in the following:

Δi= idesigned − iactual

TCL2 =KpΔi+Ki Δi dt +Kd
dΔi
dt

0≤TCL2 ≤TMax
CL2

i2 ≤ idesigned ≤ i1

8 26

where idesigned is a time function that bridges the difference between i1 and i2, iactual is
calculated as ω1

ω2
Kp, and Ki and Kd, are the PID gains. TCL2 is the torque in clutch

CL2 limited by the torque capacity TMax
CL2 . Note that the clutch torque control will be ini-

tially implemented by the PID controller, and the real time clutch torque profiles will be
finalized through the calibration of test vehicles.
Downshifts: Downshift to give acceleration at high vehicle speed is to increase trans-

mission output torque. Quick response is the top priority in this case since the driver
anticipates the shift occurring. Unlike upshifts, a downshift occurs rapidly with the iner-
tia phase coming first and torque phase after. For example, to realize a 5–4 down shift,
the torque in clutch CL1must be reduced quickly to the point of clutch slip before clutch
CL2 is applied. The engine speed flares above the speed of the oncoming clutch output
side as soon as clutch CL1 starts to slip. The inertia phase starts as soon as clutch CL1
slips and the transmission ratio begins to change from the lower value of the high gear
toward the higher value of the target low gear. Both clutches slip during the inertia phase
until the low gear ratio is achieved. The shift then enters the torque phase when there
may still be some residual torque in the off-going clutch CL1. The downshift is com-
pleted when the residual torque in CL1 is brought to zero quickly in the torque phase.
The oncoming clutch torque TCL2 is then further increased to securely engage the target
gear. The torque profiles in the 5–4 power-on downshift example are shown in
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Figure 8.13 Typical clutch torque profiles during upshift.
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Figure 8.14, which are typical for other power-on downshifts. Note here that it is tech-
nically possible that the off-going clutch torque can be brought down to zero in the iner-
tia phase of a downshift before the target low gear ratio is achieved. If this happens, there
will no torque phase as in typical shifts.
Engine torque control during shifts: As discussed previously in Chapters 5 and 6, the

reduction of transmission input torque, which is the same as the engine torque for DCT
vehicles because there is no torque converter, lowers the oncoming clutch torque
required to complete the shift and also lowers the transmission output torque overshoot
that may occur in the inertia phase. The effects of engine torque reduction for DCT
upshifts and downshifts are analysed in the following.
During DCT upshifts, the engine speed is higher than that of the input shaft for the

target gear, as illustrated for the 1–2 upshift in Figure 8.15. Engine torque reductionmust
not occur until the end of the torque phase, otherwise a deep torque hole would result,
creating power interruption as felt by the driver. As the shift enters the inertia phase
when clutch CL1 starts to slip, the engine speed must be reduced quickly to be equal
to the speed of the second gear input shaft, i.e. the output side of clutch CL2. This is only
possible if the engine torque is smaller than TCL2 during most of the inertia phase, as
shown in Figure 8.15. Because the time delay in engine torque reduction by spark retard-
ing, the engine torque will still be above the oncoming clutch torque TCL2 soon after the
turning point from the torque phase to the inertia phase. Engine deceleration occurs as
soon as the oncoming clutch torque TCL2 is higher than the engine torque and continues
toward the end of the upshift. The timing and duration of engine torque reduction by
spark retarding can be precisely calibrated for various shifts to optimize shift response
and smoothness. The optimized result is obtained if the recovered engine torque is just
equal to the oncoming clutch torque TCL2 at the time when the engine speed is equal to
the speed of the second gear input shaft. The oncoming clutch torque TCL2 is then fur-
ther increased by a step to secure the clutch engagement. To achieve the seamless cou-
pling of the engine and the second gear input shaft by the oncoming clutch CL2, it is
crucial to establish an accurate correlation between the oncoming clutch torque TCL2

and the clutch control variable, as detailed in the next section.
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Figure 8.14 Typical clutch torque profiles during downshifts.
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The torque profiles, the engine speed, and the speeds of the two input shafts are illus-
trated in Figure 8.16, for a 1–2 shift of the example DCT vehicle in Section 8.3. The plot
at the top shows the profiles of the off-going clutch torque TCL1 and the oncoming clutch
torque TCL2. These profiles follow the pattern shown in Figure 8.13 and are implemented
in the test vehicle. The simulation results are obtained by the model formulations pre-
sented previously in Section 8.3. It can be observed that decent agreements on the engine
speed and the speed of the two input shafts are obtained between model simulation and
measurements on the test vehicle. Discrepancy exists because of inaccuracy in clutch tor-
que calculations and in the mass moments of inertia of DCT components.
During DCT downshifts, the engine speed is lower than that of the input shaft for the

target gear, as illustrated for the 5–4 downshift in Figure 8.17.When the DCTTCU com-
mands the 5–4 downshift, the torque capacity of the off-going clutch is decreased quickly
to the point of slippage, at which the engine torque is equal to the off-going clutch torque
TCL1. The oncoming clutch torque TCL2 is immediately ramped up as soon as the off-
going clutch CL1 starts slipping, as shown in Figure 8.17. During the inertia phase,
the engine torque is higher than the sum of the off-going clutch torque and the oncoming
clutch torque, and the engine speed is therefore quickly accelerated to catch up the speed
of the input shaft of the target gear. At the end of the inertia phase, the engine speed
increases to be above the speed of the target gear input shaft, while there may still be
some residual torque in the off-going clutch CL1. The 5–4 downshift shift now enters
the torque phase, with the engine speed slightly higher than the speed of the output side
of clutch CL2. The engine torque is then reduced in the torque phase by spark retarding
so that the oncoming clutch torque TCL2 becomes higher than the engine torque. The
engine speed is then decelerated to be equal to the speed of the fifth gear input gear.
Through accurate calibration, it is possible to reach the point in the torque phase at
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which the engine speed is equal to the target gear input shaft speed, and the engine tor-
que is equal to the oncoming clutch torque. For secure clutch engagement, the oncoming
clutch is further increased by a step after the 5–4 downshift is completed. Note that the
torque phase in power-on downshifts may not be clearly defined because the off-going
clutch torque may be ramped down to zero even before the target gear ratio is achieved.
If this happens, the downshift is completed very quickly and there could be some shift
harshness because the engine and the input shaft of the target gear cannot be coupled
seamlessly. However, power-on downshifts are usually triggered by the drivers for high
power and is anticipated by the driver. Acceleration is the priority here and some amount
of shift harshness should not cause too much an unpleasant discomfort.
The torque profiles, the engine speed, and the speeds of the two input shafts are

illustrated in Figure 8.18, for a 5–4 power-on downshift for the example DCT vehicle.
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The plot at the top shows the profiles of the off-going clutch torque TCL1 and the oncom-
ing clutch torque TCL2, as well as the engine torque with spark retarding during the tor-
que phase. It can be observed from Figure 8.18 that the engine speed is increased to be
above the speed of the target gear input shaft (input shaft 2) during the inertia phase. This
is because the off-going clutch CL1 is slipping with TCL1 being sharply reduced and the
oncoming clutch CL2 has just being pressurized. Toward the end of the 5–4 downshift,
the oncoming clutch torque TCL2 is ramped up to be higher than the reduced engine
torque, decelerating the engine speed to be equal to the speed of the target gear input
shaft. The engine is then coupled with the fourth gear input shaft by the oncoming clutch
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CL2. For the 5–4 power-on downshift, it can also be observed from Figure 8.18 that good
agreements on the engine speed and the speed of the two input shafts are obtained
between model simulation and measurements on the test vehicle.

8.5 Clutch Torque Formulation

As mentioned previously, a DCT differs from a conventional AT in that the latter has a
torque converter between the engine output and transmission input, despite the similar-
ity in clutch-to-clutch shift characteristics. The presence of the torque converter cush-
ions the powertrain dynamic transients and is therefore conducive to smoothness during
vehicle launch and shifts. Without the cushion effect of the torque converter, clutch tor-
que control requires higher precision to achieve launch and shift quality comparable to
ATs. This requires the accurate correlation between the real time clutch torque and the
clutch control variable. The contents of this section concentrate on the clutch torque
formulation and calibration for dry dual clutch transmissions, using the Ford six-speed
DCT shown in Figure 8.1 as the case study example. Firstly, the theoretical or nominal
torque capacity of each of the dual clutches with given design parameters is correlated to
the clutch control variable, which is the angle of rotation of the control motor as shown
in Figures 8.2 and 8.3. The nominal clutch torque is formulated in terms of the clutch
design parameters based on the assumption that the friction power is constant over the
friction disk face, as detailed in Chapter 2. Secondly, an algorithm based on powertrain
dynamics is established for the calculation of clutch torque in the launching clutch dur-
ing vehicle launch and in both clutches during shifts. This algorithm uses wheel speed
sensor data as the input and is capable of accurately calculating the clutch torque while
both clutches are slipping on a real time basis. Thirdly, experimental data will be pre-
sented to validate the clutch torque formulation mentioned above.

8.5.1 Correlation on Clutch Torque and Control Variable

In Section 2.4, the torque capacity of disk type clutches was formulated by Eq. (2.8) based
on the assumption of uniform disk face wear in terms of the clutch design parameters,
disk friction coefficient, and clutch clamping force. The assumption of uniform wear is
equivalent to even distribution of friction power over the friction disk face. Typically,
each of the dual clutches in dry dual clutch transmissions has a single friction disk
and the nominal clutch torque capacity is expressed by the following equation:

TCL = fF
D+ d
2

8 27

where D and d are the friction disk outer and inner diameters, which measure the radial
dimension of the dual clutch module, f is the friction coefficient between the friction disk
and the pressure plate, and F is the clamping force on the friction disk. Eq. (8.27) applies
to both clutch CL1 and CL2, and for a given dual clutch module design, the clutch torque
depends on the clamping force F and the friction coefficient f, which varies with clutch
temperature and clutch slip rate.
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The clamping force F on the friction disk is related to the force applied on the release
bearing through the diaphragm spring, which functions as the pressure plate lever, as
shown in Figure 8.3. However, due to the deflection of the diaphragm spring and the
existence of backlash in the clutch actuation mechanism, there are nonlinear character-
istics between the clutch torque and the actuator control parameter. To account for this
nonlinearity, tests need to be performed to measure the force applied to the release bear-
ing (i.e. the engagement load) versus the release bearing travel. Based on test data, the
engagement load is correlated to the release bearing travel, also termed engagement
travel, as shown in Figure 8.19 for the six-speed DCT shown in Figure 8.1. Each of
the two curves in Figure 8.19 corresponds to the respective release bearing. It is observed
from Figure 8.19 that the two curves correlating engagement load and engagement travel
differ from each other despite their similarity in shape. It is important to note from
Figure 8.19 that there is an engagement load for each clutch even when the release bear-
ing travel or engagement travel is zero. This is because that the diaphragm spring is fairly
stiff and it takes a fairly large force to create a measureable deflection along the input
shaft. In general, each of the two curves can be divided into two linear segments as
can be observed from Figure 8.19, indicating typical characteristics of diaphragm spring
stiffness.
As shown in Figure 8.19, there are substantial forces (denoted as F0) on the release

bearing of both clutches when the engagement travels are zero due to high rigidity of
the diaphragm springs that also serve as for the pressure plate levers as shown in
Figure 8.3. Because of this, two separate functions must be used to correlate the release
bearing force Fb with the roller displacement. As shown in Figure 8.20a, the release bear-
ing force Fb and the spring force Fs are related as follows before Fb becomes equal to F0,

Fb =
xroller

L−xroller
Fs 8 28
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Figure 8.19 Relationship between release bearing travel and engagement load.
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where xroller is the roller travel on the screw as shown in Figures 8.3 and 8.20, L is the total
effective length of actuator lever, and Fs is the spring force with an initial value of Fs0 that
is caused by spring compression at assembly. The spring displacement is very small when
Fb ≤ F0 since the release bearing displacement is near zero and the spring force remains
almost the same as the initial value, i.e. Fs = Fs0 if Fb ≤ F0. At the threshold when Fb = F0,
the displacement of roller xp can be solved from Eq. (8.28) as:

xp =
F0

Fs0 + F0
L 8 29

Therefore, when xroller ≤ xp, the release bearing force is represented in terms of roller
displacement by Eq. (8.28). After the release bearing begins to travel, a separate function
is required to correlate the release bearing force or the engagement load and the roller
displacement since the spring compression is affected by the bearing travel. The release
bearing travel and its effect on the spring compression is shown in Figure 8.20b, and the
extra amount of spring compression caused by the bearing travel is determined as:

Δxs =
xb

L−xroller
xroller 8 30

where Δxs is the increment of spring deflection and xb is the engagement travel of
the release bearing. Due to this increment, the spring force with bearing travel xb is
expressed as:

Fs = Fs0−k
xroller

L−xroller
xb 8 31

where k is the spring stiffness. The equilibrium of the actuator lever requires that the sum
ofmoments about the contact point between the roller and the actuator lever is zero, lead-
ing to the following relation between the engagement load Fb and the spring force Fs:

Fsxroller = Fb L−xroller 8 32

(a) (b)Xs
Xs

Xb

ΔXs

Fs
Fs

X
ro

lle
r

X
ro

lle
r

Fb
Fb

L L

Figure 8.20 Engagement load before and after bearing travel.
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Combining Eqs (8.28–32), the release bearing force or the engagement force Fb can be
represented in terms of the roller displacement respectively for the two clutches as:

Fb =

Fb =
xroller

L−xroller
Fs0 xroller ≤ xp = xp =

F0
Fs0 + F0

L

Fs0−k
xroller

L−xroller
xb

xroller
L−xroller

xroller > xp = xp =
F0

Fs0 + F0
L

8 33

where the release bearing travel xb is related to the engagement Fb by the respective curve
in Figure 8.18.

8.5.2 Case Study on Clutch Torque and Control Variable Correlation

As indicated in Eq. (8.27), the clutch torque is a function of the clamping force on the
pressure plate, the friction coefficient, and the clutch dimensions. The main design para-
meters of the two clutches used in the example DCT are:

Main clutch parameters

Parameters Clutch 1 Clutch 2

Clutch outer diameter D1 = 232.5 mm D2 = 225mm

Clutch inner diameter d1 = 157 mm d2 = 157 mm

Diaphragm lever ratio iratio1 = 3.6 iratio2 = 4.2

Friction coefficient f1 = 0.35 f2 = 0.35

According to Eq. (8.27), the nominal clutch torque in clutch 1 and clutch 2 can be cal-
culated respectively as:

TCL1 =
f1 Fb1iratio1 D1 + d1

2 1000
= 0 2454Fb1 Nm

TCL2 =
f2 Fb2iratio2 D2 + d2

2 1000
= 0 2808Fb2 Nm

8 34

where Fb1 and Fb1 are the engagement forces for clutch 1 and clutch 2 respectively. The
spring constants are selected to be 150 N/mm for both actuators and the length of the
actuator lever is L= 100 mm. The roller displacements at which release bearings begin to
move are xp1 = 25 mm and xp2 = 30mm. The initial spring forces are determined by
Eq. (8.29) as Fs1 = 1689 N and Fs1 = 1860 N.
Using Eqs (8.33) and (8.34), the clutch torque and the roller displacement before the

release bearing starts to travel is related respectively by the following equations,

TCL1 = 0 2454Fb1 = 0 2454
xroller1

L−xroller1
Fs1 =

414 48xroller1
100−xroller1

xroller1 ≤ 25

TCL2 = 0 2808Fb2 = 0 2808
xroller2

L−xroller2
Fs2 =

522 29xroller2
100−xroller2

xroller2 ≤ 30

8 35
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After the bearings start to move, the relationship between engagement travel xb and
the engagement load Fb can be obtained from Figure 8.19, which means that Fb is a func-
tion of xb, i.e. Fb = f xb . When the engagement travel is smaller than 4mm, it is accurate
enough to fit the function f(xb) by the following linear function as:

Fb1 = 99 5 xb1 + 563 xb1 ≤ 4mm 8 36

Solving xb1 from the equation above in terms of Fb1 and plugging it into the second
equation in Eq. (8.33), one can further represent the engagement load Fb1 in terms of
the roller displacement xroller1 and finally express the torque of clutch CL1 using
Eq. (8.34) in the following form:

TCL1 =
41241β1 + 20724 β21

99 5 + 150 β21
xroller1 > 25 8 37

where, β1 =
xroller1

L−xroller1
. Similarly, the clutch torque in clutch CL2 can be expressed as a

function xroller2 by the following equation, with β2 =
xroller2

L−xroller2
.

TCL2 =
19978β2 + 33570 β22

38 25 + 150 β22
xroller2 > 30 8 38

Eqs (8.37) and (8.38) allow the direct calculation of clutch torque in terms of the roller
displacement, which is linearly related to the rotational angle of the control motor. These
two equations correlate the nominal clutch torques in terms of the control variables
respectively. The clutch torques represented by Eqs (8.37) and (8.38) can also be plotted
against the roller displacements for convenience, as shown in Figure 8.21.
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Figure 8.21 Clutch torques plotted against roller displacements.
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8.5.3 Algorithm for Clutch Torque Calculation under Real Time Conditions

As detailed in the previous section, the clutch torque is a function of the clamping force
on the pressure plate, and the friction coefficient for a given clutch. The nominal clutch
torque is calculated by Eqs (8.37) or (8.38) in terms of roller displacements. However, this
calculation must be calibrated for real world applications since the clutch friction coef-
ficient is temperature dependent. In this section, an algorithm is presented for the accu-
rate calculation of the clutch torque based on powertrain dynamics.
The system of equations of motion has been derived in Section 8.3 for vehicle launch

and shift operations. These equations can be transformed to express the clutch torques,
TCL1 andTCL2, in terms of vehicle road load and inertia. For launch operation, only clutch
CL1 is transmitting engine torque to the transmission input and TCL1 can be solved by
combining Eqs (8.1–8.5) in the following form:

TCL1 = I1eqia1i1 +
I + I6
ia1i1

ωw +
TLoad

ia1i1
8 39

This equation is derived by considering a solid connection between the final drive output
and the vehicle inertia, i.e. the spring–damper for the output shaft in the dynamic model
structure shown in Figure 8.8 is dropped. During vehicle launch, the speed sensor measures
the wheel speed at specified sampling time steps and the wheel acceleration ωw is obtained
via a numerical algorithm that differentiates the wheel speed versus time. Therefore, the
clutch torque during launch can be calculated by Eq. (8.39) if the road load can be esti-
mated accurately.
During shift operations, both clutches participate in transmitting engine torque to the

transmission input. For the 1–2 shift, the system of equations of motion for the vehicle
has been expressed by Eqs (8.10–13) for the torque phase and by Eqs (8.14–17) for the
inertia phase. For the whole 1–2 shift, the two clutch torques can be correlated to the
road load and the inertia terms as:

i1TCL1 + i2TCL2 = I2i
2
2 + I3i

2
3 + I4 + ia1 +

I6 + I
ia1

ωw +
TLoad

ia1
8 40

When one of the two clutches are open, i.e. when one of the two clutch torques is zero,
the other can be determined by Eq. (8.40) as previously explained. Therefore, for vehicle
launching and fixed gear operations, the clutch torque is uniquely defined by Eq. (8.39) in
terms of the road load and the inertia term. However, during shift operations, both
clutches slip under pressure, and both clutch torques, TCL1 and TCL1, exist and partic-
ipate in transmitting the engine torque to the transmission input. An additional condi-
tion is needed besides Eq. (8.40) in order to solve TCL1 and TCL1 during shift operations.
As formulated by Eqs (8.28–38), the clutch torque is a function of clutch design para-

meters, the friction coefficient and the control variable. The proportion between the two
clutch torques should be independent of the friction coefficient since the temperature
effect is the same for both clutches. Therefore, torques in clutch CL1 and clutch CL2
are proportionate in the following ratio:

K =
TCL1

TCL2
=
K1

K2
8 41

where K1 and K2 are the factors for the respective clutch that depend on clutch dimen-
sion, actuator parameters, and the roller position as detailed previously. For the example
DCT in the chapter, K1 and K2 are defined in Eqs (8.35–8.38). For a given clutch module
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design, the clutch torque ratio K only depends on the two control variables: xroller1 and
xroller2. Note again that this ratio is not affected by the clutch temperature since it affects
the clutch disk friction coefficients equally. Combining Eqs (8.40) and (8.41) leads to the
determination of the two clutch torques TCL1 and TCL1 in terms of ωw and TLoad as:

TCL2 =
I2 i22 + I3 i

2
3 + I4 + ia1 +

I6 + I
ia1

ωw +
TLoad

ia1
i2 + i1K

TCL1 =KTCL2

8 42

8.5.4 Case Study for the Clutch Torque Algorithm

The algorithm derived above has been applied for the test vehicle whose data are pro-
vided at the end of Section 8.3. Vehicle acceleration, wheel speed, and roller positions
of the two clutch controller are measured by the respective sensors and recorded during
test runs on a proving ground. The test vehicle is driven on flat track with rolling resist-
ance coefficient well established. A torque sensor is mounted on the half shaft to measure
the drive train output torque. The measured half shaft torque is converted by the related
gear ratios to be the equivalent torque on the input shaft. This equivalent torque is com-
pared with the clutch torque calculated by the algorithm.
In the launch operation, the DCT runs in first gear and the clutch torque TCL1. is cal-

culated directly by Eq. (8.39). The vehicle acceleration or wheel speed from the test is the
only model input. The comparison of clutch torque is shown in Figure 8.22. The clutch
torque calculated from the torque algorithm closely agrees with the clutch torque
obtained from measurement.
During a shift, the measured half shaft torque cannot be converted to be the equivalent

torque values on the respective input shaft since the proportion of the measured clutch
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Figure 8.22 Clutch torque comparison during launch.
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torques is not known. Therefore, the resultant half shaft torque, that is the sum of the two
clutch torques multiplied by the respective gear ratios, is compared with the measured
half shaft torque. As shown in Figure 8.23, the output torque during 1–2 upshift is in
close agreement with the test data, indicating the effectiveness and accuracy of the torque
calculation algorithm.
The clutch torque when the vehicle operates in a fixed gear can also be calculated by

the algorithm represented in this section. The results in fourth gear operation are shown
in Figure 8.24. The torque in clutch CL1 equals zero because only clutch CL2 is now
transferring the engine torque to drive the vehicle. As shown in the figure, the torque
in clutch CL2 is almost the same as the test results, which reconfirms the accuracy of
the proposed algorithm.
In summary, this section is focused on the dual clutch torque formulation and calibra-

tion. The clutch torque formulation is proposed based on a constant energy conversion
rate over the friction disk face. The correlation on clutch torque and the parameters of
the clutch actuator has been established in terms of roller position, and the related design
parameters. For calibration purposes, a clutch torque calculation algorithm has been
proposed based on DCT powertrain dynamics. This algorithm uses vehicle wheel speed
obtained from a speed sensor as the input.
The algorithm has several advantages: (a) it enables the determination of clutch torque

without using the friction coefficient of the friction disk which varies as a function of
temperature; (b) it provides an effective way to calibrate the clutch torque against the
design and control variables of the clutch and its actuator; (c) it provides a reliable cor-
relation between clutch torque and clutch control variable during real time operation for
adaptive transmission control. Finally, the analytical formulation and algorithm for
clutch torque calculation are validated against proving ground test data and good agree-
ment is achieved between analytical and test data.
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Problems

1 For the dry DCT with hydraulically actuated clutches and gear shifting shown in
Figure 8.6 for a dual mass flywheel DCT, construct the hydraulic system circuit
for the actuation of the dual clutches and the gear shifters. The hydraulic system
should use one VFS for line pressure control, two VFS valves for clutch actuation
(one for each clutch) and shift solenoids for gear shifters. The hydraulic system
should also include a hydraulic booster in the circuit.

2 For the dynamic model structure shown in Figure 8.10 for a dual mass flywheel DCT,
formulate the state variable equations. In the formulation, only state variables should
appear on the left side of the equations. In addition, represent the initial conditions
for launch, 1–2 shift torque phase, and inertia phase respectively.

Dual Clutch Transmissions 331





9

Electric Powertrains

An electric vehicle (EV) is similar to an engine-powered vehicle except that the engine-
powertrain is now replaced by an electric machine, and the onboard fuel (gasoline or
diesel) is replaced by an electric energy storage device, such as a battery pack.

9.1 Basics of Electric Vehicles

Figure 9.1 shows the basic structure of an EV. In this configuration, the battery stores
energy in a chemical form. The most popular is a lithium-ion battery at the present time.
The battery is charged from an electric outlet with an electric charger either carried on
board or installed at the charging station. Typically, a low power charger is carried on
board (3.3 kW, 6.6 kW) and fast chargers are installed at charge stations. The inverter
converts the battery’s DC voltage to a multi-phase AC to drive the electric machine.
The inverter can change the amplitude and frequency of the power flow into the motor
so that the torque, speed, and direction of the motor are controlled to drive the vehicle in
the desired operation mode. During braking of the vehicle, the battery is charged by
regenerative energy recovered from the kinetic energy of the vehicle which is converted
from mechanical energy to electric energy by the electric motor, acting as a generator.
Due to the characteristics of the electric machines, the mechanical transmission is usu-
ally simpler for an EV than in a conventional vehicle. Many EVs use a single speed gear
reduction to satisfy all the driving needs, while some others use two-speed automated
transmissions for the purpose similar to the CVT in a conventional vehicle. EVs generally
do not need a multiple-speed automatic transmission as used in conventional vehicles.
There may be a DC-DC converter between the battery and the inverter in some cases, in
order to match the voltage of the battery to the inverter/motor voltage.
Figure 9.2 shows a typical electric drivetrain which consists of an electric motor, a

power electronics converter, and a gearbox.

9.2 Current Status and Trends for EVs

EVs have many advantages and challenges. Electricity is more efficient than the combus-
tion process in a car. Well-to-wheel studies show that, even if the electricity is generated
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from petroleum, the equivalent miles that can be driven by 1 gallon (3.8 liter) of gasoline
is 108miles (173 km) in an electric car, compared to 33miles (53 km) in an internal com-
bustion engine (ICE) car [6–8]. In a simpler comparison, it costs 2 cents per mile to use
electricity (at USD 0.12 per kWh) but 10 cents per mile to use gasoline (at USD 3.30 per
gallon) for a compact car. Since electricity can be generated through renewable sources,
such as hydroelectric, wind, solar, and biomass, EVs can be cleaner and more sustainable
than combustion-based vehicles. On the other hand, the current electricity grid has extra
capacity available at night when usage of electricity is off-peak. It is therefore ideal to
charge EVs at night when the grid has extra energy capacity available. This is particularly
so when differentiated pricing structures are available where the price at night is signif-
icantly cheaper. The batteries on board an electric vehicle can also potentially be used for
electric grid support, such as peak shaving, frequency regulation, backup power, and
other purposes.
However, there are many challenges for EVs. High cost, limited driving range, and long

charging time are the main shortcomings for battery-powered EVs. Electric energy stor-
age is currently the bottleneck for mass penetration of EVs due to the unsatisfactory
energy density, power density, lifespan, and cost.

Battery Inverter Motor
Mechanical
transmission

Wheels

Figure 9.1 Basic structure of an EV.

Figure 9.2 Electric system of a
passenger car, which includes a PM
motor, a power electronics inverter,
and a gearbox.
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EVs were invented in 1834, that is, about 60 years earlier than gasoline-powered cars,
which were invented in 1895. By 1900, there were 4200 automobiles sold in the USA, of
which 40% were electric cars (http://sites.google.com/site/petroleumhistoryresources/
Home/cantankerous-combustion). In the USA, there were a number of electric car com-
panies in the 1920s, with two of them dominating the EV markets – Baker of Cleveland
and Woods of Chicago. Both car companies offered hybrid electric cars. However, the
hybrid cars were more expensive than gasoline cars and sold poorly. Electric vehicles
and hybrid electric vehivles (HEVs) had faded away by 1930 and the electric car compa-
nies all failed. There were many reasons leading to the disappearance of EVs.
It was not until the Arab oil embargo in 1973 that the soaring price of gasoline sparked

new interest in EVs. The US Congress introduced the Electric and Hybrid Vehicle
Research, Development, and Demonstration Act in 1976 recommending the use of
EVs as a means of reducing oil dependency and air pollution. In 1990, the California
Air Resource Board (CARB), in consideration of the smog affecting Southern California,
passed the zero emission vehicle (ZEV) mandate, which required 2% of vehicles sold in
California to have no emissions by 1998 and 10% by 2003. California car sales is approx-
imately10% of the total car sales in the United States. Major car manufacturers were
afraid that they might lose the California car market without a ZEV. Hence, every major
automaker developed EVs and HEVs. Fuel cell vehicles were also developed during this
period. Many EVs were made, such as GM’s EV1, Ford’s Ranger pickup EV, Honda’s EV
Plus, Nissan’s Altra EV, and Toyota’s RAV4 EV.
In 1993, the US Department of Energy set up the Partnership for Next Generation

Vehicle (PNGV) program to stimulate the development of EVs and HEVs. The partner-
ship was a cooperative research program between the US government and major auto
corporations, aimed at enhancing vehicle efficiency dramatically. Under this program,
three US car companies demonstrated the feasibility of a variety of new automotive tech-
nologies, including an HEV that could achieve 70MPG. This program was cancelled in
2001 and was transitioned to the Freedom CAR (Cooperative Automotive Research),
which was responsible for the HEV, plug-in HEV (PHEV), and battery research programs
under the US Department of Energy.
Unfortunately, the EV program faded away by 2000, with thousands of EV programs

terminated by the auto companies. This is due partially to the fact that consumer accept-
ance was not overwhelming, and partially to the fact that the CARB relaxed its ZEV
mandate.
From 1997 to 2009, the US market was mostly focused on hybrid cars. Many models

were available to the consumer, with the best-selling car being the Toyota Prius, which
sold nearly 4 million units worldwide from 1997 to 2016.
EVs reemerged in the USA and other parts of the world around 2009 when several

policies and incentive programs were established by the US government partially to stim-
ulate the economy after the 2008 economic crisis. In particular, Tesla Motors was estab-
lished in 2003 and produced its first battery-powered pure electric sports car, Roadster,
in 2008, and sold to more than 30 countries. A total of 2450 Roadsters were sold in 2008.
This was the first EV that had a range of more than 200miles per charge, and was also the
first EV to use a lithium-ion battery pack. As of September 2016, Tesla has sold more
than 160,000 battery electric cars worldwide, including Model S (145,000 units), Model
X (16,000 units). The latest model, Model 3, has already taken orders of more than
500,000 with an expected delivery of 2018.
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GM’s Chevrolet Volt is the all-time best-selling plug-in electric car in the world with
over 117,000 units sold from 2012 to September 2016. The Volt is not a pure EV, rather,
it is a plug-in hybrid car with the pure-electric driving capability using the battery energy
for 40 miles. The Chevrolet Bolt, a purely battery-powered EV fromGM, was available in
late 2016. It has a driving range of 238 mile per charge and is the only all-electric car
under $50,000 that is capable of more than 200 miles per charge as of October 2016.
The starting price in the US is $37,495.
Nissan produced its Leaf EV in 2010. The Leaf has a range of 84 miles (with a 24 kWh

battery pack) to 107 miles per charge (with a 30 kWh battery pack). It sold more than
230,000 units from 2010 to July 2016, ranking it the best-selling all-electric car in history.
Ford released its Focus EV in 2011, with a 23 kWh liquid-cooled lithium-ion battery

pack which delivers a range of 76 miles on a single charge. The production of the Ford
Focus is limited, and sales have been in the hundreds to less than 2000 a year.
The Fiat 500e is a pure-electric vehicle produced by Fiat Chrysler Automotive Group

(FCA). It is powered by an 83 kW, 199 Nm permanent-magnet motor, and a 24 kWh
liquid-cooled/heated li-ion battery pack which delivers a range of 80 miles (130 km),
and up to 100 mi (160 km) in city driving, according to FCA.
Recently, Toyota announced its all-new Prius Prime; unlike the Prius, which has a

hybrid powertrain, the Prius Prime is similar to the Chevy Volt. Toyota said that the
car will offer 640 miles of range per charge/refuel and will achieve 133 MPG equivalent
(MPGe), the highest MPGe of all electric and plug-in electric cars, better than the Tesla
Model X (289 miles range and 89 MPGe) and Chevy Bolt (238 miles range and 119
MPGe) by a large margin.
The US was the largest EV market in 201, but in 2015, China took over the first place.

In 2015 and 2016, China sold more than 350,000 electric vehicles per year (including
passenger, light-duty trucks, delivery vehicles, and buses) and approximately 300,000
low-speed electric cars. The estimated highway-capable electric vehicle sales will reach
450,000 in 2017, predicted by many. Government incentive plays a crucial role in the
growth of EV manufacturing and sales. In 2015, even though the reported sales topped
300,000, there were extensive frauds, faking the EV sales to obtain the government sub-
sidy, according to China’s National Development and Reform Commission (NDRC).

9.3 Output Characteristic of Electric Machines

Electric machines have many unique characteristics that are especially suited for auto-
motive powertrain applications. There are many kinds of electric machines, such as
brushed DC machines, induction machines (IM), synchronous machines (SM), perma-
nent magnet machines (PM), and switched reluctance machines (SRM). However, due to
the space, weight, cost, and other limitations, EV powertrain applications are dominated
by just three: induction machines, brushless DC machines, and permanent magnet syn-
chronous machines. The SRM and other machines have been proposed for EV applica-
tions but have not become popular up to now.
When using electric motors for EV powertrain applications, there are a few possible

configurations. Today’s electric motors, combined with inverters and associated control-
lers, have a wide speed range of operations, which covers a normal range for constant
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torque operations, and an extended speed range for constant power operations, which
makes the design of the powertrain much easier. The powertrain motor needs to be able
to provide the required torque and speed for all driving conditions of an EV. Hence, the
size of the motor will be fairly large, usually rated at 100 kW ormore for highway-capable
passenger cars. Traditional automatic transmissions or continuously variable transmis-
sions (CVT) used in conventional cars are no longer required for EVs. However, a two-
speed automatic transmissionmay be beneficial in reducing vehicle energy consumption.
Electric motors are extensively discussed in various textbooks andmany technical pub-

lications. In this chapter, we will first briefly discuss the principles of DC motors, induc-
tion motors, and permanent magnet machines, and then focus on a few unique aspects of
electric motors that are specific to traction applications.
Depending on the type of current supplied and the principle of operation, electric

machines can be classified to various categories as shown in Figure 9.3. Typically, electric
machines consist of direct current (DC) and alternative current (AC) machines. Within
DCmachines, there are brushed and brushless DCmachines, then ACmachines are fur-
ther classified into induction, synchronous, and switched reluctant machines, based on
their principle of operations. For synchronous machines, the magnetic field can be cre-
ated either by permanent magnets (hence, PM synchronous machines) or by a coil
(hence, electrically excited synchronous machines).
Traditionally, electric machines, including brushed DCmachines, inductionmachines,

and electrically excited synchronous machines, are widely used in industrial and residen-
tial applications with a fixed speed or a limited range of operating speeds for a given
power supply. With the advances in power electronics, microcomputers, and control,
variable-speed drives have become more popular today.

9.4 DC Machines

Due to the availability of variable-speed drives, DC machines are no longer popular in
industrial and residential applications, due to their bulky size and highmaintenance cost.
However, DC machines are often used to illustrate the principle of electric machines

Electric machines

DC machines AC machines

Switched 
reluctance 

machines

Synchronous 
machines 

(SM)

Induction 
machines 

(IM)

Electrically 
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Permanent 

magnet SM 
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DC 

machines

Brushed 
DC 

machines

Figure 9.3 Classification of electric machines.
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because of their simplicity and controllability. In particular, many variable-speed AC
machines, such as induction machines and PM synchronous machines, can be controlled
to behave in a similar way to DC machines.

9.4.1 Principle of DC Machines

Figure 9.4 shows the basic principle and operation of a DC machine. The DC machine
includes a stator, a rotor with commutators, and a pair of brushes. In the given space, we
fix two permanent magnets on the stator, which will generate a magnetic field between
the two magnets. A rectangular coil with its two sides perpendicular to the magnetic
fields are placed inside the space between the two magnets. To increase the magnetic
field strength as well as the mechanical strength, we put the steel rotor inside the two
magnets and attach the coil to the surface of the rotor.
The stator consists of the magnet, a housing that holds the magnet, bearings, and con-

nectors. The rotor consists of the winding, a steel cylinder that is usually made of lami-
nated silicon steel which has slots to fill the windings. The rotor that contains the
winding is also called the armature. The laminated steel is used to reduce the magnetic
losses due to the time-varying magnetic field.
The coil or armature is powered by a DC source. Assuming the DC power has a voltage

of V, the coil has a resistance of R as shown in Figure 9.5, and both the magnets and coil
are stationary, then the current will form in the coil, as expressed as (here, the inductance
is neglected due to the DC voltage):

I =V /R 9 1

Now, since the current is under themagnetic field, a few thingswill happen sequentially.
First, a force will be generated on the two sides of the coil which can be expressed as:

N Sω

+

−

SDC power 
supply

Stator – Can be permanent magnet or with 

field winding fixed on to a housing

Rotor

Brush

Figure 9.4 Principle of DC machines (cross-sectional view).

V

I R L Figure 9.5 Equivalent circuit when stationary.
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f =BIl 9 2

where B is the magnetic field generated by the magnets, and l is the side length of the coil
under the magnetic field. The force of the coils will generate a torque T since it is wound
on the surface of the rotor. Assume there are N conductors inside the magnet, and the
diameter of the rotor is D, the torque is (Figure 9.4 has two conductors, with each side of
the coil is considered a conductor):

T = f ×
D
2
N 9 3

This torque will move the coil to rotate around the center of the rotor. Assume the
angular speed of the coil is ω, the inertia of the rotor is J, and the torque (including fric-
tion of the rotor and shaft, and any load that is connected to the shaft) isTL, then we have,

T −TL = J
dω
dt

9 4

The linear speed of the coil (the surface of the rotor) is u=ωD/2, where D is the diam-
eter of the rotor.
From the Lorentz law, the rotating coil will generate a back electromotive force (emf ),

or an internal voltage by each conductor, which can be expressed as

e=Blu 9 5

The total voltage on the coil, assume it has N conductors, will be

E =BluN =Bl
ωDN
2

9 6

Now, the current in the coil will be different from the one when the rotor is in a stand-
still condition. The new current, as shown in Figure 9.6, can be expressed as:

I =
V −E
R

9 7

The total flux under each magnet can be expressed as:

Φ=B× l ×
πD
2

9 8

Therefore, we can replace the above equations as:

E =Bl
ωDN
2

=
2Φ
πlD

l
ωDN
2

=
N
π
Φω= kΦω 9 9

T = f ∗D
2
N =BlI

D
2
N =

2Φ
πlD

lI
D
2
N =

N
π
ΦI = = kΦI 9 10

V

I R L

DC

Figure 9.6 Equivalent circuit when rotating.
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V = E + IR= kΦω+ IR= kΦω+
T
kΦ

R 9 11

where k =N/π.
The above expressions are derived fromFigure 9.4where only onepair of poles is shown.

DCmachines can bemade of one pair ormultiple pairs of poles. Also, the number of con-
ductors are assumed to be all in series in the above derivations. In DCmotor designs, the
conductors can be designed to be connected in series or parallel depending on the number
of poles. Therefore, for a more generic formula, we assume that the DCmotor has p pairs
of poles, and theN conductors have 2a branches in parallel. Each parallel branch will only
get I/2a current. Therefore, the following equations are derived. Only the constant k
changes with the introduction of parallel circuits 2a and number of pole pairs, p:

Φ=B× l ×
πD
2p

E =Bl
ωDN
2

1
2a

=
2pΦ
πlD

l
ωDN
2

1
2a

=
pN
2πa

Φω= kΦω 9 12

T = f ∗
D
2
N =Bl

I
2a

D
2
N =

2pΦ
πlD

l
I
2a

D
2
N =

pN
2πa

ΦI = = kΦI

where k =
pN
2πa

In the steady state, the voltage Eq. (9.11) still holds for multiple pairs of poles. Plugging
Eqs (9.13) and (9.14) to (9.11), the torque–speed relationship can be expressed as:

T = kΦ
V
R
−

kΦ 2

R
ω 9 13

The torque–speed relationship can be plotted as shown in Figure 9.7. In Figure 9.7,
when there is no load connected to the motor shaft, the speed of the motor is
ωo =V /kΦ. When the motor shaft speed is zero – in other words, when the motor shaft
is locked – the back emf is also 0, therefore, the shaft torque is Tlocked = kΦ V /R .

V1 V3V2

T
Tlocked 
= kΦ(V/R)

ωo = V/(kΦ)
0 ω

α = 30°

α = 15°

α = 0°
T1

T2

T3

Figure 9.7 Torque–speed relationship of DC machines and the operating points when driving a
typical vehicle.
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In Figure 9.7, we also plotted the torque–speed of the traction force of a vehicle for
three different grades. The vehicle resistance torque can be express as

Tvehicle = gFr = g Froll + FAD + Fgrade +ma r 9 14

where Tvehicle is the vehicle resistive torque on the motor shaft, r is the radius of the
wheel, g is the gear ratio from the wheel to the motor shaft (which includes the final drive
and the transmission), Froll is the rolling resistance, FAD is the aerodynamic resistance,
Fgrade is the hill climbing resistance,m is the mass of the vehicle, and a is the acceleration
of the vehicle.
Three vehicle resistance torque curves are plotted in Figure 9.7, for grades of 0 , 15 ,

and 30 as examples. The cross points of themotor curve with the vehicle resistive torque
curves indicate the operating points of the motor. The difference between the motor
torque and the resistive torque indicates how much acceleration force is available at a
certain vehicle speed.
Equation (9.16) can also be rewritten as a speed–torque relationship:

ω=
V
kΦ

−
R

kΦ 2T 9 15

Figure 9.8 shows the speed–torque relation expressed by Eq. (9.15). The motor speed
will decrease as the torque increases, with a slope of R/(kΦ)2. The load torque in Fig-
ures 9.7 and 9.8 represents a typical vehicle resistance force.When the motor (or vehicle)
starts, the vehicle speed is zero, so the back emf is zero. The motor produces a current of
V/R (neglecting the inductances), so a large torque is produced, shown as the cross point
of motor torque with the vertical axis in Figure 9.7. This torque is to overcome the vehicle
resistance and provide a large acceleration needed to accelerate the vehicle. Depending
on the slope of the road, the acceleration can be calculated. As the vehicle speed
increases, the emf will increase, hence the stator current will decrease, which results
in the decrease of stator current and less torque. At a certain speed, depending on
the slope of the road, the motor torque is equal to the vehicle resistive torque and a max-
imum speed is reached, shown as the cross points of the motor torque curve and the
vehicle resistive curve in Figure 9.8.

Tn

Load torque

T

Motor torque

Slope = R/(kΦ)2ωo= V/(kΦ)

0

ω

Operating point

ωn

Figure 9.8 Motor speed–torque relationship and as a function of load torque.
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The motor will have a number of losses before it transfers the electric power to the
shaft as mechanical power. Figure 9.9 shows the power flow and types of losses in a typ-
ical electric machine. First, when current flows in the stator windings, it creates conduc-
tion losses in the winding, also known as copper losses. Second, the magnetic field will
generate eddy currents and hysteresis losses in the rotor material, which is typically com-
posed of laminated silicon steel. Third, when the rotor spins, it introduces frictional
losses in the bearing and windage loss due to wind resistance acting on the rotor.
The power balance equations are:

Pem =P1−pcu1−piron

P2 =Pmec−pfw−pad
9 16

P1 is the input power from the voltage supply; Pem is the electromagnetic power trans-
ferred from the stator to the rotor; Pmec is the total mechanical power on the rotor shaft;
P2 is the output power to the load connected to the shaft; pcu1 is the copper loss of the
rotor winding; piron is the iron loss of the stator core; pfw is the frictional and windage loss;
and pad is the stray load loss.
The efficiency is the ratio of output mechanical power and the input electrical power.

η=
P2
P1

=
P2

P2 + pcu1 + piron + pfw + pad
9 17

The typical efficiency of an electric machine ranges from 50% for very small motors to
99% for large motors. The typical efficiency for EV powertrain motors – which may be
rated at tens of kilowatts to over 100 kW – is about 85–95%. The power loss in the
machine needs to be dissipated to the surrounding air or cooling medium through
air, liquid, or natural convection.

9.4.2 Excitation Types of DC Machines

The magnetic field is the key to generating torque in an electric machine. In DC motors,
the magnetic field can be generated through excitation by an external voltage source, in
parallel or series with the main DC supply, or from a separate DC power source, or using
permanent magnets. The four different types of excitation of DC machines are shown in
Figure 9.10.
Figure 9.10a shows the equivalent circuit of a parallel-excited or shunt DC motor,

in which the field winding is in parallel with the armature winding and shares the

Input

Copper

loss

Hysteresis
Eddy 
current

Friction Windage

Net output

Figure 9.9 Power flow in a DC machine.
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same DC source. The field winding usually has a large number of turns and a large
resistance. So the field winding current is typically small, in the order of less 5% of
the armature current. A variable resistor can be connected in series with the field wind-
ing to adjust the magnetic field to adjust the speed of the motor.
Figure 9.10b shows the equivalent circuit of a separately excited DC motor. In this

arrangement, the field winding has its own supply voltage, separate from the main power
source. It is convenient to adjust the field winding voltage to adjust the motor speed.
Figure 9.10c shows the equivalent circuit of a series-wound DC motor. In this setup,

the field winding is in series with the armature winding. Hence the field winding and the
armature winding share the same current. To reduce losses in the field winding, the field
winding usually has a very small number of turns and a small resistance. It is difficult to
adjust the motor speed since the current is the same for both field and armature
windings.
Figure 9.10d shows the equivalent circuit of a permanent magnet DC motor. The field

is generated by the magnets, hence, it is not possible to adjust the magnetic flux. How-
ever, since there is no electrical loss for the generation of themagnetic field, the efficiency
of permanent magnet DC motors are typically 3–5% higher than electrically excited DC
motors. Flux weakening is possible in PM machines, in which case an electric current in
the stator is controlled to generate a magnetic field that is in the opposite direction of the
stator magnetic field, so as to reduce the total air-gap magnetic flux.

9.4.3 Speed Control of DC Machines

From Eq. (9.18), we can see that, for a given load torque, the DC motor’s speed is related
to three important parameters: the total flux ф, the stator resistance R, and the supply
voltage. Hence, we can change the speed of a DC motor in three different ways, namely,

+
–

+
Ea
–

If La

Ra

Rf

Lf

–
V

a
+

Load

ia(a)

+
–

+
Ea
–

If La

Ra

Rf

Lf

–
V

f
+

Load

ia

–
V

a
+

(b)

+
–

+
Ea
–

La

Ra

Rf

Lf

–
V

a
+

Load

ia

If

(c)

+
–

Ea

Ra

ia

–
V

a
+

N S

(d)

Figure 9.10 Excitation of DCmotors: (a) parallel-excited or shunt DCmachine; (b) separately excited DC
machines; (c) Series-excited DC machines; (d) Permanent magnet DC machines.
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adjusting the terminal voltage; adjusting the magnetic field flux, and adjusting the stator
resistance.

9.4.3.1 Adjust Terminal Voltage
From Eq. (9.15), we can see that, by adjusting the terminal voltage, the steady-state motor
speed will change for a given load torque characteristics, as shown in Figure 9.11. With
the reduction of terminal voltage, the operating speed will decrease. The control of ter-
minal voltage can be realized via power electronics circuits, namely, a buck converter, a
half-bridge converter, or a full bridge converter.
In Figure 9.12, the motor is controlled by a buck converter. The DC supply, Va, is con-

nected via a semiconductor switch, which opens and closes at a very high frequency (in
the kilohertz range). When the switch closes, current flows from the power supply Va to
the motor terminal, where the armature inductance will limit the rate of increase of cur-
rent into the stator.When the switch opens, the current in the stator will continue to flow
through the diode, which is called a freewheeling diode. In the steady state, the average
voltage at the motor terminal is determined by how much the switch closes during one
period, which is also defined as the duty ratio:

Vo =Va
ton
Ts

+ 0
toff
Ts

=DVa 9 18

V = V2

V = V

Tn

Load torque

T

V = VN

ωo= V/(kΦ)

0

ω
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ωn

Figure 9.11 Motor speed–torque control by adjusting terminal voltage.
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Figure 9.12 Voltage control of DC motors via a buck converter.
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where ton is the time of the switch is turned on,Ts is the switching cycle, toff is the time the
switch is turned off during one period, andD is the duty ratio of the switch. It is apparent
that when the switch is open all the time, there will be no current flowing to the motor
terminal, hence the motor speed will be zero. When the switch is closed all the time, the
motor will have the maximum current and the speed will reach its maximum.
In the circuit in Figure 9.12, the motor can only rotate in one direction because the

range of voltage applied to the motor is from 0 (whenD = 0) to Va (whenD = 1). Another
disadvantage of the circuit is that the motor cannot send power back to the source due to
the unidirectional power flow of the power switch.
Figure 9.13 shows a motor controlled by a half bridge converter, also referred to as a

two-quadrant chopper. The half bridge converter can control the motor in one direction
and also realize energy feedback to the source. In Figure 9.13, switch S2 is open all the
time during motoring while S1 is controlled to open and close at a certain frequency.
Duringmotoring, when switch S1 is closed, current flows to themotor through S1.When
S1 is open, motor current continues to flow through D2 for freewheeling. The motor
speed is proportional to the duty ratio of S1. During regenerative braking, S1 is kept open
all the time, while S2 is controlled. When S2 is closed, the motor terminal forms a short
circuit through S2. Due to the back emf and inductance of the motor, the current will
flow out of the motor through S2 with a certain rate limited by the inductance. Once
the current reaches a certain amount, controlled by the duty ratio of S2, S2 opens,
the current that originally flows out of the motor through S2 is now forced to flow
through D1 to the source, hence the energy is fed back to the supply.
The two-quadrant chopper can control the motor in motoring and regenerative brak-

ing but can only rotate in one direction. To overcome the issues of a buck converter and
two-quadrant chopper, a full bridge converter can be used, as shown in Figure 9.14. In
Figure 9.14, when S1 and S4 close, S2 and S3 will open. When S1 and S4 open, S2 and S3
will close. So, when S1 and S4 close all the time, the motor gets a positive voltage and
rotates in the positive direction at its maximum speed.When S2 and S3 close all the time,
the motor gets a negative voltage and rotates in the negative direction with its maximum
speed. If S1/S4 and S3/S4 both opens and closes 50% of the time, the average voltage at
the motor is zero, hence the motor will not rotate.
Each switch is also paralleled with a freewheeling diode which is to conduct current in

the opposite direction to the switch. Hence, the full bridge can operate the motor in
all four conditions: positive direction motoring (forward driving); positive direction

Vd

D2

S1

S2

D1

La Ra

DCMP1M

+
–

Figure 9.13 Voltage control of DC motors via a half bridge converter.
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generating (driving while braking); negative direction motoring (vehicle backing up),
negative direction generating (braking when reversing the vehicle).
Controlling the terminal voltage, whether through a buck or two-quadrant chopper or

a full bridge converter, the motor terminal voltage will reach its maximum value when
the duty ratio reaches 1. Hence, the motor speed will reach its maximum value. There-
fore, the motor speed can be only controlled below its rated speed when controlling the
armature voltage.

9.4.3.2 Adjust Magnetic Flux
The second method of controlling the motor speed is to control the magnetic flux.
Depending on the type of excitation, the flux can be controlled by adjusting the voltage
of the excitation (separately excited machines), or the resistance in the excitation branch
(parallel excited machines), or by flux weakening (PM machines). When the flux is
adjusted, the speed–torque will change so the speed is adjusted, as shown in
Figure 9.15. When controlling the field winding resistance in a DCmachine, the increase
of field resistance will result in the decrease of magnetic flux. Hence the speed of the
motor will increase for a given load torque. So typically, DC motor speed can be con-
trolled above the rated speed by adjusting the magnetic flux. Field weakening has the
same effect, that is, the motor speed can be increased by reducing the total flux.

9.4.3.3 Adjust Stator Resistance
The last method, adjusting the armature resistance, although it is not popular, can also be
used. From Eq. (9.15), when an external resistance is connected in series with the arma-
ture winding, the slope of the speed–torque will change, hence the speed will change for a
given load torque, as shown in Figure 9.16. The motor speed can be controlled to go
down, as shown in Figure 9.16. Note too that, since the resistance will share the same
armature current, it will consume a lot of power. So the efficiency of the motor for this
method will be compromised. Hence, this method is no longer prevalent in the motor
speed control, partially due to the advance of power electronics technology.
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Figure 9.14 Voltage control of DC motors via a full bridge converter.
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9.5 Induction Machines

Induction motors are a popular choice for traction applications due to their robust con-
struction, low cost, wide field weakening range, and high reliability. Especially for EVs,
PHEVs, and HEVs that require a high-power motor, induction motors can provide more
reliable operation than other types of electric motors [21–37]. However, when compared
to PM motors, induction motors have lower efficiency and less torque density.
One typical induction motor used for traction applications is the squirrel cage induc-

tion motor. An inverter is used to control the motor so that the desired torque can be

R = R3

ωo= V/(kΦ)

R = R2

R = RN

Tn
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T0

ω

Operating point

ωn

Figure 9.16 Motor speed–torque control by armature resistance.
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Figure 9.15 Motor speed–torque control by adjusting magnetic flux.
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delivered for a given driving condition at a certain speed. Advanced control methodol-
ogies, such as vector control, direct torque control, and field-oriented control, are pop-
ular in induction motor control for traction applications.

9.5.1 Principle of Induction Motors

The basic structure of an induction machine is shown in Figure 9.17. The two main parts
of an induction motor are the stator (which houses the winding) and the rotor (which
houses the squirrel cage). Both stator and rotor are made out of laminated silicon steel
with a thickness of 0.35, 0.5, or 0.65 mm. The laminated steel sheets are first stamped
with slots and are then stacked together to form the stator and rotor, respectively. Wind-
ings are put inside the stator slots while the rotor is cast in aluminum.
There are some additional components to make up the whole machine: the housing

that encloses and supports the whole machine, the shaft that transfers torque, the bear-
ing, an optional position sensor, and a cooling mechanism (such as a fan or liquid cool-
ing tubes).
In Figure 9.17c, AX is phase a, BY is phase b, and CZ is phase c. The direction of the

phase currents is for a particular moment ωt = 60 electric degrees; “+” indicates positive
and “–” indicates negative. It can be seen that conductor AZB forms one group and XCY
forms another group. Together they create amagnetic field at 30 NW–SE. The direction
of the field will change as the current changes over time.
The stator windings shown in Figure 9.17c are supplied with a three-phase AC sinus-

oidal current. Assuming that the amplitude of the currents is Im amperes, and the angular
frequency of the current is ω radians per second, then the three-phase currents can be
expressed as:

ia = Im cos ωt

ib = Im cos ωt−2π/3

ic = Im cos ωt−4π/3

9 19

Since the currents of each of the three phases are functions of time, the direction of
current as shown in Figure 9.17c will change with time. If we mark the direction of
the current at any given time, we can see the magnetic field generated by the stator cur-
rent with its peak changing position over time.
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+

+
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X
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Y Z

Figure 9.17 An inductionmotor: (a) rotor and stator assembly; (b) rotor squirrel cage; (c) cross-sectional
view of an ideal induction motor with six conductors on the stator.
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Mathematically, we can derive this magnetic field. Each of the three phase currents will
generate a magnetic field. Since the three windings are located 120 from each other in
space along the inside surface of the stator, the field generated by each phase can be writ-
ten as follows, assuming the spatial magnetic field distribution in the air gap due to wind-
ing currents is sinusoidal by design:

Ba =Kia t cos θ

Bb =Kib t cos θ−120

Bc =Kic t cos θ−240

9 20

where K is a constant. Using Equations (9.1) and (9.2), considering that
cos ωt cos θ = cos ωt−θ + cos ωt + θ /2 and cos(ωt + θ) + cos(ωt + θ − 240 ) + cos
(ωt + θ − 480 ) = 0, we get

Bgap =Kia ωt cos θ +Kib ωt−120 cos θ−120 +Kic ωt−240 cos θ−240

=
3
2
KIm cos ωt−θ +

1
2
KIm cos ωt + θ + cos ωt + θ−240

+ cos ωt + θ−480
=Bm cos ωt−θ 9 21

Equation (9.21) shows that the magnetic field is a traveling wave along the inner sur-
face of the stator. In other words, the total magnetic field is a sinusoidal field with its peak
rotating at an angular speed ω rad/s.
Since ω = 2πf, the rotational speed of the field will be the same as the supply frequency:

f revolutions per second or nS = 60f revolutions per minute (RPM). Noting that the above
derivation is based on one pair of poles, a more general equation for the field speed (or
synchronous speed) of an induction machine can be given as

nS =
60f
p

andωS =
2πnS
60

=
2πf
p

=
ω

p
9 22

where p is the number of pairs of poles. Figure 9.18 shows the arrangement of a four-pole
squirrel-cage induction motor with flux distribution.
Assuming initially that the rotor is stationary, an electromotive force (emf ) will be

induced inside the rotor bars of the squirrel cage. A current is therefore formed inside
the rotor bars through the end rings. Similarly, since the field is rotating, this current will
generate a force on the rotor bars (the rotor bar current is inside the stator magnetic
field). If the force (or torque) is sufficiently large, the rotor will start to rotate.
The maximum speed of the rotor will be less than the synchronous speed because,

if the rotor reaches the synchronous speed, there will be no relative movement between
the rotor bars and the stator field, hence no emf or force will be generated. The difference
between the rotor speed and the synchronous speed is defined as slip s, that is, s =
(nS − nm)/nS = (ωS −ωm)/ωS, where nm and ωm are the rotor speeds in RPM and radians
per second, respectively. Typical slips of induction motors are within 1–3%.

9.5.2 Equivalent Circuit of Induction Motors

We can represent the induction motor by two separate circuits, one for the stator and
one for the rotor. Since the three phases are symmetrical, we only need to analyze one
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phase as shown in Figure 9.19.We use phasors for the analysis of the AC circuit. Here we
have defined the direction of current flow using the transformer convention. It is worth
noting that the rotor and the stator quantities will have different frequencies except when
the rotor is stationary.
The voltage equation of the primary and the secondary circuit can be written as:

VS = IS RS + jωLS IS + ES 9 23

0 = IR RR + jωR LR IR + ER 9 24

whereV is the phase voltage, I the phase current, R the phase resistance, and L the leakage
inductance of the winding. The subscripts S and R represent the stator and rotor
respectively.
Since the field is rotating at synchronous speedωS and the rotor is rotating at speedωm,

the speed of the magnetic field relative to the rotor bar is ωS −ωm = sωS = sω/p, and ωR =
psωS = sω is the frequency of the rotor current.
If we multiply both sides equation (9.24) by k and then divide by s, we get

0 = k2
RR

s
IR/k + j k2

ωR

s
LR IR/k +

kER
s

9 25

RS RRLS LR
Lm

IS IR
+

–

ES ER

Figure 9.19 Stator and rotor circuits of an induction machine.
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Figure 9.18 Flux distributions of a four-pole induction motor during transient finite element analysis.
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The rotor has AC quantities a slipping frequency ωR = sω. By using the following,
RR = k

2 RR, XR = k2ωLR = k2 XR, IR = IR/k, ER = kER/s, we have

0 =
RR

s
IR + jXR IR +ER 9 26

We will choose k such that ES =ER.We can then redraw the equivalent circuit of the
induction motor as shown in Figure 9.20a. Here we neglected the magnetic loss in the
stator core. If we include the magnetic loss, then the equivalent circuit can be illustrated
as in Figure 9.20b.
In the equivalent circuit in Figure 9.20, for a given voltage supply the current of the

circuit can be written as:

IS =
VS

RS + jωLS + Rm + jXm RR/s+ j XR

9 27

To simplify the analysis, we can neglect Rm + jωXm. Under this assumption, the elec-
tromagnetic power transferred from the stator to the rotor is:

Pem =mI2S
RR

s
=

mV 2
S

RS + RR/s
2
+ XS + XR

2

RR

s
9 28

Noting that electromagnetic power or rotor power has two parts, namely, the loss of
the rotor winding and the power transferred to its shaft, Eq. (9.28) can be rewritten as:

Pem =
mV 2

S

RS + RR/s
2
+ XS + XR

2 RR +
1−s
s

R
R

9 29

RS
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(b)

R′R/sLS L′R
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+
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ES= jωXmIm) = E′R

ES= Im*(Rm+ jωXm)

+

–

Figure 9.20 Modified equivalent circuit of an induction machine: (a) neglecting iron loss;
(b) considering iron loss.
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The first term represents the rotor copper loss and the second term the mechanical
power on the shaft. The electromagnetic torque of the motor can be written as:

Tem =
m
ωS

V 2
S

RS + RR/s
2
+ XS + XR

2

1
s
RR

=
m
ωm

V 2
S

RS + RR/s
2
+ XS + XR

2

1−s
s

RR

9 30

We can plot torque Tem as a function of slip s from Eq. (9.30) and obtain the torque–
speed characteristics of an induction motor as shown in Figure 9.21.

9.5.3 Speed Control of Induction Machine

The speed of an induction motor, in RPM, can be expressed as:

n= 1−s nS = 1−s
60f
p

9 31

Hence, we will have three approaches to change the speed of an induction motor:
change the number of poles, change the frequency, and change the slip:

1) Change number of poles: The stator winding is designed such that, by changing the
winding configuration, the number of poles will change. For example, some induction
motors are designed as 4/6, 6/8, or 4/8 pole capable. While changing the number of
poles has been used in controlling the induction motor speed in the past, it is used less
and less today due to the complexity of the stator winding configuration and low
efficiency.
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Figure 9.21 Torque–speed characteristics of an induction motor for a constant frequency and constant
voltage supply.
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2) Change frequency of the supply voltage: This is the most popular method for con-
trolling induction motor speed in modern drive systems, including traction drives.
This will be discussed in more detail in the next section.

3) Change slip: Since the electromagnetic torque of an induction motor is closely
related to slip as shown in Eq. (9.31), there are a few ways to change the slip to control
induction motor speed:
a) Change the magnitude of the supply voltage: As shown in Figure 9.22, as the

voltage is changed, the speed of the motor is also changed. However, this method
provides limited variable speed range since the torque is proportional to the square
of voltage.

b) Change stator resistance or stator leakage inductance: This can be done by
connecting a resistor or inductor in series with the stator winding.

c) Change rotor resistance or rotor leakage inductance: This is only applicable to
wound-rotor induction motors.

d) Apply an external voltage to the rotor winding: This voltage has the same fre-
quency as the rotor back emf or rotor current. Modern, doubly fed wind power
generators belong to this group. This method is only applicable to wound-rotor
induction motors.

When an external resistance is in series with the stator or rotor winding, there is loss
associated with this resistor. Hence the system efficiency is compromised. When an
external inductor is in series with the stator or rotor, the power factor is compromised.
Hence, adding resistance or inductance is no longer a popular method inmodern electric
drive systems.
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Figure 9.22 Adjusting the speed of an induction motor by varying the terminal voltage.
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9.5.4 Variable Frequency, Variable Voltage Control of Induction Motors

Varying the frequency of power supply is by far the most effective and most popular
method of adjusting the speed of an induction motor. If we neglect the stator resistance,
leakage inductance, and the magnetic loss, the stator voltage equation can be written as:

VS =ES = kSωϕ= kS2πfΦ 9 32

where kS is the machine constant and Φ is the total flux. Hence, when changing the fre-
quency, the stator voltage should also be changed proportionally in order to maintain a
relatively constant flux so that the stator and rotor core do not get saturated, while the
output torque can be maintained constant:

VS

f
= constant 9 33

When the frequency and voltage are adjusted, the torque–speed characteristics are as
shown in Figure 9.23. Although the above expression is generally true, three observations
can be made:

1) For low-frequency operations, the voltage drop across the stator resistance and induc-
tance are no longer negligible, so the stator voltage has to be increased to compensate.

2) The motor speed corresponding to the rated frequency and rated voltage is called the
rated speed or base speed.

3) When the stator voltage reaches its rated supply (maximum), in order to further
increase frequency (or speed), the stator flux must be reduced in order to satisfy
Eq. (9.33). This is called the flux weakening operation. The ratio of the maximum
speed to the rated base speed of the motor is defined as the adjustable speed range
or X. Modern induction motors can achieve up to X = 5 adjustable speed range.
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Figure 9.23 Adjusting induction motor speed using variable frequency supply. In this example, the
rated speed is 6000 RPM, and the maximum speed is 12,000 RPM. The adjustable speed range X = 2.
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9.5.5 Efficiency and Losses of Induction Machine

The losses in an induction machine are shown in Figure 9.24. The losses include: (1) cop-
per loss in the stator winding; (2) magnetic loss in the stator iron (or core loss or iron
loss); (3) copper loss in the rotor winding; (4) windage loss due to the rotation of the rotor
and frictional loss in the bearing; and (5) additional losses that cannot be accounted for
by the above components, also called additional loss or stray load loss.
The power balance equations are:

Pem = P1−pcu1−piron

Pmec =Pem−pcu2

P2 = Pmec−pfw−pad

9 34

P1 is the input power from the voltage supply; Pem is the electromagnetic power trans-
ferred from the stator to the rotor; Pmec is the total mechanical power on the rotor shaft;
P2 is the output power to the load connected to the shaft; pcu1 is the copper loss of the
stator winding; pcu2 is the copper loss of the rotor; piron is the iron loss of the stator core;
pfw is the frictional and windage loss; and pad is the stray load loss.
The efficiency can be expressed as:

η=
P2
P1

=
P2

P2 + pcu1 + piron + pcu2 + pfw + pad
9 35

One aspect of traction motors for modern HEVs is high-speed operation. Tradition-
ally, laminated silicon steel sheets were designed for use at low frequencies (50 or 60 Hz),
and today’s traction drives typically operate at about 6000–15,000 RPM. With four-pole
designs, the operating frequency is 500 Hz. Some traction motors operate at frequencies
as high as 800–1200 Hz. Since eddy current loss and hysteresis loss are proportional to
frequency or the square of the frequency, the core loss will be significant at high frequen-
cies. In order to keep the core loss within a reasonable range, themagnetic flux in the iron
has to be relatively lower than that used in low-speed motors, and the thickness of the
silicon steel sheets may have to be reduced as well.
The second aspect is that the inverter-operated induction motor will contain harmo-

nics in its voltage and current. These harmonics will introduce additional losses in the
winding and stator and rotor core. As is well known, the eddy current loss can be doubled
in many induction motors due to the pulse width modulated (PWM) supply. These addi-
tional losses may cause excessive temperature rise which must be considered during the
design and analysis of induction motors.
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Figure 9.24 Losses in an induction motor.
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9.5.6 Field-Oriented Control of Induction Machine

With field-oriented control, an induction machine can perform somewhat like a DC
machine. This section explains the theory and implementation of the field-oriented con-
trol of an induction machine [42].
When expressed in phasors, the voltage equation for a three-phase induction machine

with three symmetrical stator windings is given as:

VS =RS iS + pλS 9 36
VR =RR iR + pλR 9 37

where p is the differential operand d/dt, and V, I, and λ are phasors of voltage, current,
and flux linkage respectively. Subscript S relates to stator quantities and R refers to rotor
quantities. Equations (9.36) and (9.37) are expressed in stator and rotor coordinates
respectively. Therefore, stator frame S is stationary and rotor frame R is rotational (rotor
quantities are at rotor frequency or slip frequency).
Suppose there is a frame B, and the angle between the stator and this frame B is δ,

therefore the angle between the rotor and this frame is (δ − θ). Multiplying Eq. (9.36)
by e−jδ and Equation 37 by e−j(δ−θ), we get:

VS e− jδ =RS iS e− jδ + pλS e− jδ

VR e− j δ−θ =RR iR e− j δ−θ + pλR e− j δ−θ
9 38

Let:

V B
S =VS × e− jδ, V B

R =VR × e− j δ−θ

i BS = iS × e− jδ, i BR = iR × e− j δ−θ

λ B
S = λS × e− jδ, λ B

R = λR × e− j δ−θ

9 39

By employing the equation:

p λ B
S = p λSe

− jδ = − j λS pδ e− jδ + pλSe
− jδ 9 40

Or:

pλSe
− jδ = p λ B

S + jλS pδ e− jδ 9 41

pλRe
− j δ−θ = p λ B

R + jλR e
− jδp δ−θ 9 42

Equations (9.41) and (9.42) can then be transferred to a general frame B, where all
space phasors are expressed in frame B with the superscript (B) as:

V B
S =RS i

B
S + pλ B

S + j λ B
S pδ 9 43

V B
R =RR i

B
R + pλ B

R + j λ B
R p δ−θ 9 44

The superscript (B) will be omitted further in this section for convenience. When
expressed in phasors, the flux linkage can be expressed as:

λS = Lm + L1σ iS + LmiR 9 45

λR = LmiS + Lm + L2σ iR 9 46
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where Lm is the stator inductance and L1σ and L2σ are the stator and rotor leakage induc-
tance respectively.
Note that although the phasors are in a different frame, the stator flux and rotor flux

are rotating at the same speed.
For squirrel cage induction machines, the rotor current iR is not accessible. Therefore,

a fictitious rotor magnetizing current imr is defined such that the rotor flux can be
expressed in terms of this fictitious rotor magnetizing current and stator inductance
in the same way as in Eq. (9.45):

λR = imr Lm 9 47

The rotor current can then be expressed as a function of magnetizing current and sta-
tor current from Eq. (9.46):

iR =
imr − iS
1 + σ

9 48

where:

σ = L2σ/Lm 9 49

Substituting Eqs (9.47) and (9.48) into Eq. (9.44) and considering that VR is normally
set to 0 for squirrel cage induction motors, the rotor equation can be rewritten as:

0 = imr − iS +Trpimr + jTr imrp δ−θ 9 50

where Tr is the rotor time constant which can be expressed as:

Tr = Lm 1 + σ /RR 9 51

As stated above, the rotor magnetizing current is a fictitious current. Themagnitude of
this current can be observed through the following approach. If the rotor equation is
written in the stator frame then δ = 0, pθ is equal to the speed of the rotor ω, and
Eq. (9.50) has the following form:

0 = imr − iS +Trpimr − jTr imrω 9 52

Since this equation is written in the stator frame, we can find the α and β components
of phasors iS and imr:

iS = iSα + jiSβ

imr = imrα + jimrβ

9 53

Therefore Eq. (9.52) becomes:

dimrα

dt
=

1
Tr

isα− imrα − imrβω

dimrβ

dt
=

1
Tr

isβ− imrβ + imrαω

9 54

Stator current can be easily transferred from the abc system to the αβ system. Eq. (9.54)
can be implemented discretely in the time domain, therefore, imrα and imrβ can be
observed. Once this has been done, imr and δr can finally be calculated:

imr = i2mrα + i
2
mrβ, cos δr = imrα/imr , sin δr = imrβ/imr 9 55
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where δr is the angle between the fictitious current imr and the stator current iSα as shown
in Figure 9.25.
If the frame is chosen such that B is aligned with λR as shown in Figure 9.26, imr will

only have real components. Therefore this rotor equation can then be decomposed into
its direct and quadrature components as:

isd = iSα cosδr + isβ sinδr

isq = − iSα sinδr + isβ cosδr
9 56

From Eq. (9.45), when is is decomposed to d, q components, the equation can be
written as:

imr − isd +Trpimr = 0 9 57

− isq +Tr imrp δ−θ = 0 9 58

From Eq. (9.57) it can be seen that imr is only related to isd. Therefore, imr can be con-
trolled by controlling isd.
The torque in the machine is:

Tq =
3
2

p
2

λS × iS 9 59

which has to be balanced with the load and acceleration torque:

Tq =TL + J pω 9 60

where Tq is the developed torque, TL is the load torque, and ω is the angular speed of the
motor. If θ is the angle between the stator and the rotor, then ω = pθ.
It can also be proved that isq is directly related to motor torque as follows. By substitut-

ing iS and iR into the torque in Eq. (9.59), the torque can be derived:

Tq =
3
2

p
2

LS
1 + σ

imr isq 9 61
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Figure 9.25 Stator and rotor current in α, β coordinates.
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Figure 9.26 Stator current in d, q and α, β coordinates.
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Magnetizing current imr can be controlled by controlling the real component of stator
current, and torque control are achieved by controlling the imaginary component of the
stator current.
For ease of implementing control, we will introduce the per-unit system. A per-unit

system is essentially a system of dimensionless parameters occurring in a set of wholly
or partially dimensionless equations. This kind of system can extensively simplify the
phenomena of problems. The parameters of the machines fall in a reasonably narrow
numerical range when expressed in a per-unit system related to their ratings and there-
fore this is extremely useful in simulatingmachine systems and implementing the control
of electric machine by digital computers. Generally, rated power and frequency can be
chosen respectively as the base values of power and frequency for normalization, whereas
the peak values of rated phase current and phase voltagemay be chosen respectively as the
base values of current and voltage. Derived base values of impedance, inductance, and
flux leakage are as follows (with subscript B indicating the variable as base value):

ZB =VB/IB

LB =ZB/ωB

λB = LB IB

9 62

Normalized torque can be expressed as:

TqB =
3
2
p
2
λB IB =

3
2
p
2
LB I

2
B 9 63

The torque equation can then be normalized. Dividing Eq. (9.61) by Eq. (9.63), we get:

T ∗
q =

1
1+ σ

LS
LB

imr

IB

isq
IB

=
L∗S
1 + σ

i∗mr i
∗
sq 9 64

where superscript ∗ donates the normalized value. For convenience, superscript ∗will be
omitted in further derivations. To implement the control strategy, a technique has to be
developed to identify the magnitude of the magnetizing current imr and the angle δr.
There are two ways to implement the flux observer of Eq. (9.54). One way is to take

the Laplace transform of Eq. (9.49) and apply a bilinear transformation to convert the
Laplace transform to the z transform. The inverse z transform can be used to obtain imrα

and imrβ in the discrete time domain. An alternative method is to discretize Eq. (9.49)
directly in the time domain. Assuming that the sample time is Ts, then the following
equation can be obtained from Eq. (9.54):

imrαi−imrαi−1

Ts
=

1
Tr

isαi + isαi−1
2

−
imrαi + imrαi−1

2
−
imrβi + imrβi−1

2
ω

imrβi−imrβi−1

Ts
=

1
Tr

isβi + isβi−1
2

−
imrβi + imrβi−1

2
−
imrαi + imrαi−1

2
ω

9 65

Therefore imrα and imrβ can be derived from Eq. (9.60):

imrαi =
1−κ
1 + κ

imrαi−1 +
κ

1 + κ
isαi + isαi−1 −Tr

κ

1 + κ
imrβi + imrβi−1 ω

imrβi =
1−κ
1 + κ

imrβi−1 +
κ

1 + κ
isβi + isβi−1 +Tr

κ

1 + κ
imrαi + imrαi−1 ω

9 66
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where κ is the ratio of sampling time to rotor constant:

κ =Ts/2Tr 9 67

The time variables can also be made dimensionless by multiplying both sides of the
equations by ωB. Therefore both Ts and Tr are expressed in per-unit values in Eqs
(9.66) and (9.67.) A block diagram of the flux observer is shown in Figure 9.27. The flux
observer takes the phase currents and speed as input and calculates imr, cos α, and sin α.
It has been shown in the previous sections that it is possible to control the magnetizing

component and torque component of the stator current separately. A PI controller is one
way to implement control. The numerical expression for a PI controller is:

Vo =KPI TPIε+ εdt 9 68

whereVo is the output of the PI controller and ɛ is the error signal of inputVi (hereVi can
be themeasured current or torque of the motor, andVo can be the PWM signal). In order
to get the time domain discrete expression, we differentiate Eq. (9.68):

dVo

dt
=KPI TPI

dε
dt

+ ε 9 69

Further implementation is straightforward:

Voi−Voi−1

TS
=KPI TPI

εi−εi−1
TS

+KPI
εi + εi−1

2
9 70
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Figure 9.27 Block diagram of the rotor flux observer.
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Voi =Voi−1 +K1 εi−K2 εi−1 9 71

where K1 and K2 can be expressed as:

K1 = 1 +TS/2Tr KPI TPI

K2 =
1−TS/2Tr

1 +TS/2Tr

9 72

For example, if the gain is chosen as KPI = 50, TPI = 0.02 seconds, sampling time
Tr = 0.02 seconds, and Ts = 0.67 ms, then the constants K1 and K2 are K1 = 1.0168,
K2 = 0.9671.
The purpose of field-oriented control is to control an induction machine in such a way

that it behaves like a DC motor. A block diagram is shown in Figure 9.28 and the flow-
chart is shown in Figure 9.29. An incremental encoder is used tomeasure the speed of the
motor. As shown in Eq. (9.54), the magnetizing current does not change instantaneously
with isd as it does in a DCmotor. Rather, the magnetizing current lags a time constant Tr

corresponding to the change of isd.
In this setup, the flux observer uses the speed signal of an incremental encoder

and the current measurement through two external current sensors. Only the cur-
rents of two phases are needed to perform the coordinate transformations due to
symmetry.

9.6 Permanent Magnet Motor Drives

PMmotors are the most popular choices for EV and HEV powertrain applications due to
their high efficiency, compact size, high torque at low speeds, and ease of control for
regenerative braking [43–90]. The PM motor in an HEV powertrain is operated either
as a motor during normal driving or as a generator during regenerative braking and
power splitting, as required by the vehicle operations and control strategies. PM motors
with higher power densities are also now increasingly the choice for aircraft, marine,
naval, and space applications.
The most commercially used PM material in traction drive motors is neodymium-

ferrite-boron (Nd–Fe–B). This material has a very low Curie temperature and high-
temperature sensitivity. It is often necessary to increase the size of magnets to avoid
demagnetization at high temperatures and high currents. On the other hand, it is advan-
tageous to use as little PMmaterial as possible in order to reduce the cost without sacrifi-
cing the performance of the machine.

9.6.1 Basic Configuration of PM Motors

When PMs are used to generate the magnetic field in an electric machine, it becomes a
PM motor. Both DC and AC motors can be made with PMs. Only PM synchronous
motors and PM brushless DC motors are chosen for modern traction drives. We will
primarily explain the operation of PM synchronous motors in this book.
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A PM synchronous motor contains a rotor and a stator, with the stator similar to that
of an induction motor, and the rotor contains the PMs. From the section on induction
motors, we know that the three-phase winding, with three-phase symmetrical AC sup-
ply, will generate a rotating magnetic field. To generate a constant average torque, the
rotor must follow the stator field and rotate at the same synchronous speed. This is also
why these machines are called PM synchronous motors.
There are different ways to place the magnets on the rotor, as shown in Figure 9.30. If

themagnets are glued to the surface of the rotor, it is called a surface-mounted PMmotor
(SPM). If the magnets are inserted inside the rotor in the pre-cut slots, then it is called an
interior permanent magnet motor (IPM).

Set up interface, 
initialization

declare interrupt routine

Start

Is data I/O 
finished?

Set loop flg

ALGORITHM

Test for new input

Request for exit?

Set gating off

End of main 
program

Loop execution 

length indicate

Wait for data I/O

Figure 9.29 Flowchart of the closed-loop control of an induction machine.
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For an SPMmotor, the rotor can be a solid piece of steel since the rotor iron core itself
is not close to the air gap, hence the eddy current loss and hysteresis loss due to slot/tooth
harmonics can be neglected. For the IPMmotor, the rotor needs to be made out of lami-
nated silicon steel since the tooth/slot harmonics will generate eddy current and hyster-
esis losses.
Due to the large air gap as well as the fact that the magnets have a permeability similar

to that of air, SPMmotors have similar direct-axis reactance xd and quadrature-axis reac-
tance xq. On the other hand, IPM motors have different xd and xq. This difference will
generate a so-called reluctance torque. It is worth pointing out that although there is a
reluctance torque component, it does not necessarily mean that an IPMmotor will have a
higher torque rating than an SPMmotor for the same size and same amount of magnetic
material used. This is because, in IPM motors, in order to keep the integrity of the rotor
laminations, there are so-called “magnetic bridges” that will have leakage magnetic flux.
So for the same amount of magnet material used, an SPMmotor will always have higher
total flux. There are many different configurations for IPM motors as shown in
Figure 9.31. The exploded view of a PM synchronous motor is shown in Figure 9.32.

9.6.2 Basic Principle and Operation of PM Motors

The no-load magnetic field of PM machines is shown in Figure 9.33. When the rotor is
driven by an external source (such as an engine), the rotating magnetic field will generate
a three-phase voltage in the three-phase windings. This is the generator mode operation
of the PM machine.
When operated as a motor, the three-phase windings, similar to those of an induction

motor, are supplied with either a trapezoidal form of current (brushless DC) or sinusoi-
dal current (synchronous AC). These currents generate a magnetic field that is rotating
at the same speed as the rotor or synchronous speed. By adjusting the frequency of the
stator current, the speed of the rotor or the synchronous speed can be adjusted
accordingly.

11 2

2

3 3

4

4

5

1

Figure 9.30 Surface-mounted magnets and interior magnets: left, SPM motor; right, IPM motor.
1 – magnet; 2 – iron core; 3 – shaft; 4 – non-magnetic material; 5 – non-magnetic material.
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(a) (b)

(c) (d)

Figure 9.31 Four commonly used IPM rotor configurations: (a) circumferential-type magnets suitable
for brushless DC or synchronous motor; (b) circumferential-type magnets for the line-start synchronous
motor; (c) rectangular slots IPM motor; (d) V-type slots IPM motor.
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Figure 9.32 Exploded view of a PM motor for EV powertrain applications.



The torque is the attraction between the rotor magnetic field and the stator magnetic
field in the circumferential direction. Hence, under no-load conditions, the rotor and the
stator field are almost lined up. When the angle between the rotor field and the stator
field reaches 90 electric degrees, the maximum torque is reached in SPM motors. For
IPM motors, the maximum torque occurs at an angle slightly larger than 90 , due to
the existence of reluctant torque.
Figure 9.34 illustrates how a PMmotor operates in different modes. The stator winding

generates a rotating field that attracts the rotor magnets. If the two fields are lined up, the
attraction between the two magnetic fields is in the radial direction, hence there is no
electromagnetic torque. When the stator field is leading the rotor field, the stator will
attract the rotor magnets. The machine then operates as a motor. When the stator field
is lagging the rotor field, the machine becomes a generator.
At no load, the rotor magnetic field will generate a back emf Eo in the stator windings.

When a voltage with the same frequency is applied to the stator windings, then a current
will be generated and the voltage equation can be written as;

V = Eo + IR+ jIX 9 73

where R is the stator resistance and X is the synchronous impedance. The phasor dia-
gram is shown in Figure 9.35 when neglecting the stator resistance. From the diagram,
the term jIX can be further decomposed into two components: jIdXd and jIqxq. In fact, in

(a)

(b) (c)

Figure 9.33 Magnetic field distribution of PM machines at no-load conditions (the stator current is
zero): (a) a four-pole SPMmotor; (b) an eight-pole symmetrical IPMmotor; (c) a four-pole unsymmetrical
IPM configuration.
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IPM motors, the d axis and q axis will have different reactances. By using Figure 9.35,
Eq. (9.73) can be rewritten for IPM motors as:

V = Eo + IR+ jId Xd + jIq Xq 9 74
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Figure 9.34 Operation of a PM synchronous
machine: (a) no load; (b) operating as generator;
(c) operating as motor.
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Figure 9.35 Phasor diagram of PM synchronous motors: (a) SPM; (b) IPM; (c) flux weakening mode
of IPM.
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The real power can be calculated, since from Figure 9.35, ϕ = δ + θ:

P1 =mIV cosϕ=mIEo cosδ=mV I cosδ cosθ− I sinδ sinθ

=mV Iq cosθ− Id sinθ
9 75

where ϕ is the power factor angle (the angle between the voltage and current), θ is the
angle between the voltage and back emf, and δ is the inner power angle (the angle
between the back emf and the voltage). From Figure 9.35:

Iq Xq =V sinθ

Id Xd =V cosθ−Eo
9 76

Therefore, the power of PM motors can be expressed as:

P =
mEoV
Xd

sinθ +
mV 2

2
1
Xq

−
1
Xd

sin 2θ 9 77

The torque can be derived by dividing Eq. (9.77) by the rotor speed as shown in
Figure 9.36, where the torque–speed characteristics of a typical PM motor are shown.
For SPM motors, since Xd = Xq, the second term of Eq. (9.77) is zero. For IPM motors,
the q axis has less reluctance due to the existence of soft iron in its path, and the d axis has
magnets in its path which has larger reluctance. Therefore Xq is much larger than Xd.
On the other hand, from Eq. (9.75), and neglecting losses, we can see that:

T =
mIEo cosδ

ω/p
=
mIkωϕ
ω/p

cosδ=mpkIϕ cosδ

Tmax =mpkIϕ= constant
9 78
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Figure 9.36 Power of IPM motor as a function of inner power angle.
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Therefore, when inner power angle δ = 0, for a given stator current, the torque of the
motor reaches its maximum. In this condition, the stator current is in phase with the
back emf Eo, and:

V 2 =E2
o + Iq Xq

2
= kωϕ 2 + IωLq

2

V
ω

= kϕ 2 + ILq
2
= constant

9 79

Hence, the stator voltage must be proportional to frequency to satisfy Eq. (9.79) and
maintain maximum torque output at the same time. This operation is also called con-
stant torque operation. It can also be seen from Eq. (9.77) that for a given θ, the power is
inversely proportional to the frequency, since V, Xd, and Eo are all proportional to fre-
quency ω. This is similar to the V/f control of induction motors.
When stator voltage reaches its maximum, Eq. (9.79) can no longer be maintained. As

ω increases, V becomes constant, and a current in the d axis direction must be supplied,
as shown in Figure 9.35c. The relationship between the voltage and frequency can be
expressed as

V 2 = Eo− Id Xd
2 + Iq Xq

2
= kωϕ− IdωLd

2 + IqωLq
2

V
ω

= kϕ− Id Ld
2 + Iq Lq

2
9 80

This operation is also called the flux weakening operation region because the d axis
current generates a magnetic flux in the opposite direction to the PM field. Note that,
due to constraints such as the current limit of the inverter, the q axis current may have
to be decreased from its rated value so that the total current from the inverter is kept the
same. Additional losses at higher speeds may make it necessary to further reduce the
torque output. It can also be seen from Eq. (9.77) that for a given θ, the first term is con-
stant since V is constant, and both Xd and Eo are proportional to frequency ω. In theory,
the torque is inversely proportional to frequency in this operation, so the power is con-
stant. Hence this mode is also referred to as the constant power operation range.
The torque–speed characteristics can be plotted as shown in Figure 9.37.
The efficiency of PM motors is typically higher than induction motors since they do

not need excitation for the magnetic field, while it is needed for induction and DC
motors. The losses in a PM machine are shown in Figure 9.38. The losses include: (1)
copper loss in the stator winding; (2) magnetic loss in the stator iron (or core loss or iron
loss); (3) magnetic loss in the rotor magnet as well as losses of the rotor steel; (4) windage
loss due to the rotation of the rotor and frictional loss in the bearing; and (5) additional
losses that cannot be accounted for by the above components, also called additional loss
or stray load loss.
The power balance equations are:

Pem = P1−pcu1−piron
Pmec =Pem−pmag

P2 = Pmec−pfw−pad

9 81

where P1 is the input power from the voltage supply, Pem is the electromagnetic power
transferred from the stator to the rotor, Pmec is the total mechanical power of the rotor
shaft, P2 is the output power to the load connected to the shaft, pcu1 is the copper loss of
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the stator winding, pmag is the loss of the rotor magnet and rotor steel, piron is the iron loss
of the stator core, pfw is the frictional and windage loss, and pad is the stray load loss.
The efficiency can be expressed as:

η=
P2
P1

=
P2

P2 + pcu1 + piron + pmag + pfw + pad
9 82

The typical efficiency of a PM motor is plotted in Figure 9.39.

9.7 Switched Reluctance Motors

Both switched reluctance motors and synchronous reluctance motors have attracted
attention in traction applications due to their simple structure, not needing a squirrel
cage or magnets on the rotor, very little loss on the rotor, and ease of control [93–114].
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Figure 9.37 Torque–speed characteristics of a typical PM motor.
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Although they have many advantages, PM motors and induction motors both have
their own limitations. For example, PM motors face the possibility of demagnetization
at extremely high temperature, limited speed range, and difficulty in protecting the
powertrain during a fault condition. Induction motors have limited torque capability
at low speeds, lower torque density and lower efficiency, noise due to stator/rotor slot
combinations, and so on.
From the previous section we have seen that the torque of a synchronous motor has

two terms, one related to Eo and Xd, which is induced by the rotor PM field, and one
related to V, Xd, and Xq, which is induced by the difference in reactance of the d axis
and q axis. In other words, even if the magnets are removed, an IPMmotor can still gen-
erate torque with a sinusoidal supply due to the existence of salience of the rotor. This is
called a synchronous reluctance motor. The stator and the rotor of a synchronous reluc-
tance motor have the same number of poles.
Switched reluctance or synchronous reluctance motors do not use magnets or a squir-

rel cage. They simply use the difference in d axis and q axis reactance to produce reluc-
tant torque. Therefore, they are similar to a synchronous motor without excitation and
are therefore known as a switched reluctance motor. Hence only the second term of
Eq. (9.77) exists. The torque of a switched reluctance motor with sinusoidal supply is:

T =
mV 2

2ωR

1
Xq

−
1
Xd

sin 2θ 9 83

In order to increase the torque of a switched reluctance motor, the q axis and d axis
reactance is designed to have a large difference. A cross-section of a synchronous motor
is shown in Figure 9.40.
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Figure 9.39 Efficiency map of a typical EV motor.
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Switched reluctance motors are similar to synchronous motors but will have different
numbers of poles on the stator and the rotor. Figure 9.41 shows the cross-section of a
switched reluctance motor and its control circuit.

9.8 EV Transmissions

As discussed earlier in this chapter, EVs usually do not need a multiple-speed transmis-
sion due to the wide speed range of electric motors. However, in order to reduce the size
and cost of the EV drivetrain, EVmotors are often designed to operate at a relatively high
speed. Hence, a speed-reduction gearbox is necessary for EVs. In some applications, a
two-speed transmission may be employed to increase the overall efficiency of the EV
system.
A reverse gear is not needed in EV powertrains since the motor can be controlled to

turn in both directions.

9.8.1 Single-Speed EV Transmission

A single-speed transmission is the most popular choice for EVs. A single-speed can be
made with multi-stage gears, or with a planetary-gear. Figures 9.42 and 9.43 shows the
two configurations, respectively.
In Figure 9.42, a two-stage gear is used to realize the high ratio transmission. The speed

relationship is;

ωout =
N1

N2

N3

N4
ωmotor 9 84

where N1, N2, N3, and N4 are the number of teeth of each of the gears.

Figure 9.40 synchronous reluctance motor.

Automotive Power Transmission Systems372



In Figure 9.43, the sun gear is connected to the electric motor, the planetary carrier is
fixed to the case, and the output shaft is connected to the ring gear. The speed relation-
ship of the gear train can be expressed as:

ωc =
Ns

Nr +Ns
ωs +

Nr

Nr +Ns
ωr 9 85

Electric
motor To output

shaft

N1

N2 N3

N4

Figure 9.42 A multi-stage gear based single-
speed transmission for EVs.

Figure 9.41 Cross-section of a 6/8-pole switched reluctancemotor (top) and its control circuit (bottom).
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Since the carrier is grounded, the actual speed relation between the motor and the out-
put shaft is:

ωout =
Nr

Nr
ωmotor 9 86

For example, if the ring gear has 72 teeth and the sun gear has 28 teeth, then the speed
ratio from the motor to the output shaft is 72/28 = 2.57, which is a very large gear ratio.
It is also possible to fix the sun gear or ring gear in the planetary based transmission. In

these cases, the speed ratio can be expressed as follows. When the ring gear is fixed and
the sun gear is used as the output:

ωs = 1 +
Nr

Nr
ωc 9 87

When the sun gear is fixed and the ring gear is used as the output:

ωr = 1 +
Ns

Nr
ωc 9 88

9.8.2 Multiple Ratio EV Transmissions

Two-speed automatic transmissions have been proposed for electric powertrain appli-
cations. Even though an electric motor can provide a large speed range to satisfy the
operational needs of typical cars without the need of amultiple-speed transmission, there
are imperfections in this arrangement.
With a single ratio reduction box, the requirement for the motor increases. The motor

will need to provide a large stall torque (Torque generated at zero and very low speeds)
and a large speed range at the same time. The efficiency of the motor will be compro-
mised due to the wide operation range. Therefore, with a properly designed multiple-
speed transmission, the system will provide many advantages. Figure 9.44 shows a
two-speed transmission with automatic shifting.
First, the stall torque requirement is reduced due to the large gear ratio available. This

will potentially reduce the size of the motor, which can result in the reduction of size,

Electric
motor

To output

shaft

Figure 9.43 A planetary gear based single-
speed transmission for EVs.
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weight, and cost of the motor. It also reduces the requirements on the inverter (less cur-
rent will be needed).
Second, the motor can be controlled to operate in its more efficient region by changing

the gear ratios like the ones used for an internal combustion engine.
Last, the top speed of the motor can be reduced due to a lower gear ratio being avail-

able. This will reduce the bearing requirement, losses in the steel, operation frequencies,
and cost of the motor.
Studies have shown that a two-speed transmission can fulfill the above purposes and at

the same time provide energy savings of at least 5–10% while improving the acceleration,
gradability, and top speed of the vehicle. However, one designing an EV powertrain with
a multiple speed transmission, it needs to consider that the added cost should be reason-
able or minimal. The total mass of the powertrain should remain the same. The gear
shiftingmust be simple and smooth and no torque interruption should occur during gear
shifting.
Traditional CVTs generally do not meet the above requirements because they are usu-

ally bulky, expensive, and inefficient. A special design of the transmission is therefore
needed. For example, there are two methods for realizing the two-speed transmission
for EV: an automatic gearbox based two-speed transmission and a planet gear based
two-speed transmission.

9.8.2.1 Automatic Gearbox Based Two-Speed Transmission
Figure 9.45 shows the principle and internal structure of a typical two-speed EV trans-
mission based on an automatic gearbox. There are three parallel shafts in the gearbox:

Figure 9.44 Single-ratio speed reduction gearbox for EV applications.
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input, output, and grooved shafts. For the input shaft, there are two gear wheels, labeled
as the first and second wheel, and a synchronizer installed on it. The two gear wheels
have different sizes and gear ratios that are used to provide different speed variable
ratios to the output shaft. The synchronizer can be connected to the input shaft and
be spinning at the same speed, which is used to realize the speed shift between the
two gear wheels.
The synchronizer is an important intermediate device in this gearbox, and it is flexible

to move along the input shaft, resulting in three working positions: first gear, second
gear, and neutral gear. As shown in Figure 9.45, when the synchronizer moves to the left,
it can connect the first gear wheel with the input shaft through a spline. Then, the trans-
mission ratio is determined by the first gear wheel. Similarly, when the synchronizer
moves to the right, it can connect the second gear wheel with the input shaft through
another spline. Then, the transmission ratio is determined by the second gear wheel.
Considering the different size of the gear wheels, the transmission ratio is therefore regu-
lated. When the synchronizer is arranged in the middle, it has no connection with the
gears, which is named as the neutral gear position. In this case, there is no direct power
transmission between the input and output shafts.
The grooved shaft is in parallel with the input shaft and placed above it as shown in

Figure 9.45. The spin of this groove shaft is driven by a motor, and its main function is to
adjust the position of the synchronizer to achieve the shifting of the transmission. In the
working process, the groove shaft is connected to a selector rod, which contains a shifting

Figure 9.45 Structure of a two-speed EV
transmission based on automatic gearbox.
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fork that allows the synchronizer to rotate. The shifting fork can move to the left and
right to connect different gear wheels. When it is maintained at the direction around
the grooved shaft, the neutral gear position is realized.
The output shaft is also in parallel with the input shaft, and two gear wheels, named as

the third and fourth gear wheels, are connected to it. The third and fourth gear wheels
can engage with the first and second gear wheels on the input shaft, respectively, and the
selection of engagement is achieved by the synchronizer. There is also a measurement
device on the output shaft to measure the rotational speed. The measured signals are
then processed to acquire the vehicle speed, and the vehicle controller can react to opti-
mize the driving status based on these data.
This proposed transmission has two-speed shifting. The first speed aims at the normal

driving status. In this situation, the two gear wheels with smaller reduction ratio can pro-
vide higher speed. The second speed is more suitable for acceleration and gradability. In
this situation, the reduction ratio of the gear wheels is higher, and larger torque can be
provided for heavy-duty working scenarios. The reduction ratios are optimized based on
the output property of the motor and the power requirement of the vehicle. Hence, the
lacking of power in the heavy-duty mode and the waste of power in the normal driving
mode are both solved. The switching of the two working modes is determined by an
automatic controller, and the process is optimized based on the real-time status of
the vehicle, which contributes to improving the performance of the electric vehicle.
In addition, the shifting is realized by a low-powermotor instead of by direct involvement
of the driver, which can avoid any manual mistake and provide effectiveness and
convenience.
This proposed gearbox-based two-speed transmission has three main advantages.

First, the shifting performance and lift-time are significantly improved. There are two
shifting steps in this system, and the neutral position is between them. The speed control
of the rotating motor can be achieved in the neutral status to make its speed consistent
with the following gear wheel. The synchronizing process is only performed when their
speeds are exactly the same. Therefore, the shifting process is more effective and
smoother. The wear and tear on the synchronizer can be alleviated and its lift-time
can be extended.
Second, the power provided by the motor can perfectly match the power required by

the driving profile. The reduction ratio of the gear wheels is automatically selected by the
vehicle controller, and the reaction speed of the controller can be really fast. The shifting
process can be much smoother since the speed of the synchronizer can be regulated at
the neutral position. All these processes do not need the attention of the driver, which
also makes this design friendly for the general public.
Third, the structure of this design is simple, which can also reduce the system cost and

weight. Since this transmission system needs to be installed on the vehicle side, it is
important to reduce its cost and weight for practical applications. The good news is
that this design uses a minimum number of components to realize the speed shifting
function without sacrificing any technical performance of the vehicle. Compared to
existing transmission systems for electric vehicles, the proposed system has a significant
cost–performance advantage. In addition, since this design considers the characteristic
and output performance of the motor, the size is also reduced, which is suitable for the
onboard installation.
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9.8.2.2 Planet Gear based Two-Speed Transmission
Figure 9.46 shows the simplified structure of a planet gear based two-speed transmission
system, which consists of four parts: input shaft, planet gear wheel system, synchronizer,
and output shaft. Similar to the previous gearbox based transmission system, the input
shaft is directly connected to the motor as the power input, and the output shaft is
connected to the vehicle wheels as the power output. This system can provide two
speed-reduction ratios, and a synchronizer is utilized to achieve the speed shifting as
well. The difference from the previous system is that the planet gear wheel system is used
to replace the previous automatic gearbox system, and the outside case of the system also
contributes to the transmission process. The transmission ratio depends on the connec-
tion of the planet gear wheel system with the synchronizer. The unique function of the
planet gear wheel system is explained in details as follows.
The planet gear wheel system consists of four parts: sun wheel, planet wheel, planet

carrier, and ring gear. The sun wheel is in the center of the gear system, and it is con-
nected to the input shaft, which is also the center of rotation. The planet carrier is
connected to the output shaft, which determines the output rotation. The ring gear
is at the outer edge of the planet wheels, and there is a spline connected to it. Note
that the ring gear can rotate, and its speed depends on different working modes. The
planet wheels are arranged inside of the ring gear, and usually there are three planet
wheels, which have engagements with both the sun wheel and the ring gear. When the
system is working, the planet wheels are not only self-rotating but also move around
the sun wheel.
The structure of the synchronizer in this planet wheel system is similar to that in the

gearbox system. The synchronizer is connected to the grooved shaft through a spline,
and this connection can make the ring gear rotate together with the synchronizer.
The synchronizer can move along the direction that is in parallel with the input shaft,
resulting in three positions: first shifting position, second shifting position, and neutral
position. A selector rod and shifting fork are used to fix the synchronizer in different
positions. For example, in Figure 9.46, when the synchronizer moves to the left, the shift-
ing fork is connected to the outer side case, which is defined as the first shifting position.

Figure 9.46 Structure of a two-speed EV transmission
based on planet-gear.

Automotive Power Transmission Systems378



When the synchronizer moves to the right, the shifting fork is connected to the planet
carrier, which is also the output shaft. Therefore, the reduction ratio is different from the
previous case, and it is defined as the second shifting position. When the synchronizer
moves to themiddle, it has no connection with either the input or the output shaft, which
is defined as the neutral position.
The working principle of this planet gear based transmission is similar to the previous

gearbox based system. The two shifting positions can provide different reduction ratios
in the transmission. The first position is used for the normal driving status of the electric
vehicle because it can provide a relatively high speed. The second position is used for the
acceleration and gradability scenarios because it can provide a large rotation torque. The
switch of these two shifting positions is controlled by an automatic controller, which can
optimize the power output of the motor and improve the driving performance. In addi-
tion, in the neutral shifting position, the speed of the synchronizer can be controlled by a
motor to smooth the shifting switch transient.
The planet gear based transmission also has three advantages over the gearbox based

system. First, the size and weight of the transmission system are relatively small. Since all
planet gear wheels are placed inside the ring gear, the internal space is fully used and the
system structure is more compact. Therefore, the required size and usage of metal can be
significantly reduced.
Second, the transmission performance is improved. The input and output shafts are on

the same line. Considering the symmetrical structure of the planet gear wheels, the dis-
tribution of multiple planet wheels can balance the force on the sun gear and the bear-
ings, which can help increase the transmission efficiency. Also, because there are more
engagements of gears, the system can rotate more smoothly and be more robust to exter-
nal shock and vibration.
Third, the range of transmission ratio can be increased. The planet gear system can

realize the composition and decomposition of motion. With a proper design of dimen-
sions, the planet gear system can achieve a high transmission ratio with a limited number
of gear wheels. Especially in electric vehicle applications, the high transmission ratio can
contribute to increasing the maximum achievable torque of the motor, which can further
improve the acceleration and gradability performance.

9.9 Conclusions

Electric motors and associated controllers are one of the key enabling technologies for
electric, hybrid electric, and plug-in hybrid electric vehicles. Various types of electric
motors and drive systems are available for the powertrain of electric vehicles. Traction
motors and drives experience very harsh environmental conditions, such as a wide tem-
perature range (−30 to 60 C), severe vibration and shock, high electromagnetic noise,
size and weight constraints, and stringent safety and reliability requirements. As a result,
there are many unique aspects in the design, development, analysis, manufacturing, and
research of electric motors and drives for traction applications which are all important
aspects but cannot all be covered in this chapter. Readers could consult the references
below for further reading. For example, more in-depth studies about synchronous reluc-
tance motor design and optimization can be found in [114] and studies of the uncon-
trolled generation in PM drive motors are covered in [140, 141].
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10

Hybrid Powertrains

A hybrid electric vehicle (HEV) is the combination of a conventional internal combus-
tion engine (ICE) powered vehicle and an electric vehicle. It uses both an ICE and one or
more electric machines for the propulsion of a vehicle. The two power devices, the ICE
and the electric motor, can be connected in series or in parallel from the power flow point
of view. When the ICE and motor are connected in series, the HEV is a series hybrid in
which only the electric motor is providing mechanical power to the wheels. When the
ICE and the electric motor are connected in parallel, the HEV is a parallel hybrid in which
both the electric motor and the ICE can deliver mechanical power to the wheels, sepa-
rately or together.
In an HEV, the ICE is the main power converter that provides all the energy for the

vehicle. The electric motor increases the system efficiency and reduces fuel consumption
by recovering kinetic energy during regenerating braking; and optimizes the operation of
the ICE during normal driving by adjusting the engine torque and speed. The ICE
provides the vehicle with an extended driving range, thereby overcoming the disadvan-
tages of a pure EV.
In a plug-in HEV (PHEV), in addition to the liquid fuel available on the vehicle, there

is also electricity stored in the battery which can be recharged from the electric grid.
Therefore, fuel usage can be further reduced.
In a series HEV or PHEV, the ICE drives a generator (referred to as the I/G set). The

ICE converts energy in the liquid fuel to mechanical energy and the generator converts
the mechanical energy of the engine output to electricity. An electric motor will propel
the vehicle using electricity generated by the I/G set. This electric motor is also used to
capture the kinetic energy during braking. There will be a battery between the generator
and the electric motor to buffer the electric energy between the I/G set and the motor.
In a parallel HEV or PHEV, both the ICE and the electric motor are coupled to the final

drive shaft through a mechanical coupling mechanism, such as a clutch, gears, belts, or
pulleys. This parallel configuration allows both the ICE and the electric motor to drive
the vehicle either in combined mode, or separately. The electric motor is also used for
regenerative braking and for capturing the excess energy from the ICE during coasting.
HEVs and PHEVs can have either the series–parallel or a more complex configuration

which usually contains more than one electric machine. These configurations can
generally further improve the performance and fuel economy of the vehicle with added
component cost.
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10.1 Series HEVs

Figure 10.1 shows the configuration of a series HEV. In this HEV, the ICE is the main
energy converter that converts the original energy in gasoline to mechanical power.
The mechanical output of the ICE is then converted to electricity using a generator.
The electric motor moves the final drive using either electricity generated by the gen-
erator or electricity stored in the battery. The electric motor can receive electricity
directly from the engine, or from the battery, or both. Since the engine is decoupled
from the wheels, the engine speed can be controlled independently of vehicle speed.
This not only simplifies the control of the engine, but most importantly, can allow
operation of the engine at its optimum speed to achieve the best fuel economy. It also
provides flexibility in locating the engine on the vehicle. There is no need for the tra-
ditional mechanical transmission in a series HEV. Based on the vehicle operating con-
ditions, the propulsion components on a series HEV can operate with different
combinations. Neglecting all the losses in the system, We have the following general
equations:

Pg =ωgTg

Pe =ωeTe

Pm =ωmTm

Tfd =TmiT

Tshaft =Tfdifd

where T stands for torque, P stands for power, and i stands for gear ratio. Subscript
g means the generator, e means the engine, m means the motor, fd means the final
drive, shaftmeans the driving shaft, Bmeans battery, ifd is the gear ratio of the final drive
and iT is the gear ratio of the transmission.

• Battery alone: When the battery has sufficient energy, and the vehicle power demand is
low, the I/G set is turned off, and the vehicle is powered by the battery alone.

Battery

Inverter Motor
Mechanical
transmission

Wheel

Wheel

Generator/
rectifier

Engine

Mechanical

Electrical

Figure 10.1 Architecture of a series HEV.
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Tg =Te = 0

Pfd =Pm =ωmTm =PB

• Combined power: At high power demands, the I/G set is turned on and the battery also
supplies power to the electric motor.

Pg =Pe

Pm =ωmTm = PB +Pg =PB +ωgTg

• Engine alone: At highway cruising and at moderately high power demands, the I/G set
is turned on. The battery is neither charged nor discharged. This is mostly due to the
fact that the battery’s state of charge (SOC) is already at a high level but the power
demand of the vehicle prevents the engine from turning off, or it may not be efficient
to turn the engine off.

Pg = Pe =Pm =ωmTm

• Power split: When the I/G is turned on, the vehicle power demand is below the I/G
optimum power, and the battery SOC is low, then a portion of the I/G power is used
to charge the battery.

Pg =Pe

PB = Pg −Pm

• Stationary charging: The battery is charged from the I/G power without the vehicle
being driven.

Tfd =Tshaft = 0

PB = Pg = Pe

• Regenerative braking: The electric motor is operated as a generator to convert the
vehicle’s kinetic energy into electric energy and charge to the battery.

Tg =Te = 0

Tfd =Tshaft/ifd

Tm =Tfd/iT

PB = Pm =ωmTm

A series HEV can be configured in the same way that conventional vehicles are con-
figured, that is, the electric motor in place of the engine as shown in Figure 10.2. Other
choices are also available, such as in-wheel hub motors. In this case, as shown in
Figure 10.2, there are four electric motors with each one installed inside each wheel.
Due to the elimination of transmission and final drive, the efficiency of the vehicle sys-
tem can be significantly increased. The vehicle will also have all-wheel drive (AWD)
capability. However, controlling the four electric motors independently is a challenge.

10.2 Parallel HEVs

Figure 10.3 shows the configuration of a parallel hybrid. In this configuration, the ICE
and the electric motor are coupled to the final drive through a mechanism, such as
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clutches, belts, pulleys, and gears. Both the ICE and the motor can deliver power to the
final drive, either in combined mode, or separately. The electric motor can be used as a
generator to recover the kinetic energy during braking or absorbing a portion of power
from the ICE. The parallel hybrid needs only two propulsion devices – the ICE and the
electric motor, which can be used in the following mode:

•Motor alone mode: When the battery has sufficient energy, and the vehicle power
demand is low, then the engine is turned off, and the vehicle is powered by the motor
and battery only.

Te = 0

Pm =ωmTm = PB

Mechanical

Electrical

Battery

Wheel

Wheel

Generator/
rectifier

Engine

Motor

Wheel

Wheel

Motor

Motor

Inverter

Inverter

Inverter

Inverter

Motor

Figure 10.2 Hub motor configuration of a series HEV.
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Figure 10.3 Architecture of a parallel HEV.
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• Combined power mode: At high power demands, the engine is turned on and the
motor also supplies power to the wheels.

Tfd = TmiT +Teie

PB = Pm =ωmTm

Pshaft =Pm + Pe

• Engine alone mode: At highway cruising and moderately high power demands, the
engine provides all the power needed to drive the vehicle. Themotor remains idle. This
is mostly due to the fact that the battery SOC is already at a high level but the power
demand of the vehicle prevents the engine turning off, or it may not be efficient to turn
the engine off.

Tm = 0

PB = Pm =ωmTm = 0

• Power split mode: When the engine is on, but the vehicle power demand is low and the
battery SOC is also low, then a portion of the engine power is converted to electricity
by the motor to charge the battery.

Tfd = Teie−TmiT

Pfd =Pe−Pm

PB = Pm =ωmTm

• Stationary charging mode: The battery is charged by running the motor as a generator
and driven by the engine, without the vehicle being driven.

Tfd = 0

Pm = Pe =PB =ωmTm =ωeTe

• Regenerative braking mode: The electric motor is operated as a generator to convert
the vehicle’s kinetic energy to electric energy and stored in the battery. Note that while
in the regenerative mode, it is in principle possible to run the engine as well, and pro-
vide additional current to charge the battery more quickly (while the propulsion motor
is in generator mode) and command its torque accordingly, i.e. to match the total bat-
tery power input. In this case, the engine and motor controllers have to be properly
coordinated.

Pe = 0

Tfd =Tshaft/ifd

Tm =Tfd/iT

PB = Pm =ωmTm

The Honda Civic hybrid is a typical parallel hybrid. It has an electric motor mounted
between the ICE and the conventional transmission (CVT), as shown in Figure 10.4.
The electric motor either provides assistance to the engine in high power demand or
splits the engine power during low power demand.
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10.3 Series–Parallel HEVs

The series–parallel HEV shown in Figure 10.5 incorporates the features of both a series and
a parallel HEV. Therefore, it can be operated as a series or parallel HEV. In comparison to a
seriesHEV, the series–parallelHEVadds amechanical linkbetween the engine and the final
drive, so the engine can drive the wheels directly. When compared to a parallel HEV, the
series–parallel HEV adds a second electric machine that serves primarily as a generator.
Because a series–parallel HEV can operate in both parallel and series modes, the fuel

efficiency and driveability can be optimized based on the vehicle’s operating condition.
The increased degree of freedom in control makes the series–parallel HEV a popular
choice. However, due to the increased components and complexity, the series–parallel
HEV is generally more expensive than a series or parallel HEV. The detailed analysis of
the operation of series–parallel or complex hybrid will highly depend on the configura-
tion of the powertrain and will be discussed in detail in the later sections.
Toyota Prius is a typical series–parallel hybrid. Toyota produced the world’s first mass-

marketed modern HEV in 1997, the Prius, as shown in Figure 10.6. The worldwide sales
of Prius exceeded 1 million units in 2009. The Prius hybrid powertrain uses a planetary

Engine

Batteries

Motor

Inverter

Transmission

Figure 10.4 The powertrain layout of the Honda Civic hybrid.
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Figure 10.5 Architectures of a series–parallel HEV.
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gear set to realize continuous variable transmission (CVT). Therefore, the conventional
transmission is not needed in this system. As shown in Figure 10.7, the engine is con-
nected to the carrier of the planetary gear, while the generator is connected to the
sun gear. The ring gear is coupled to the final drive, as is the electric motor. The planetary
gear set also acts as a power/torque split device. During normal operations, the ring gear
speed is determined by the vehicle speed, while the generator speed can be controlled
such that the engine speed is in its optimum efficiency range.
The 6.5 Ah, 21 kW nickel-metal-hydride battery pack is charged by the generator dur-

ing coasting and by the propulsionmotor (in generationmode) during regenerative brak-
ing. The engine is shut off during low-speed driving.
The same technology has been used in the Camry hybrid, the Highlander hybrid, and

the Lexus brand hybrids. However, the Highlander and the Lexus hybrids add a third
motor at the rear wheel. The drive performance, such as for acceleration and braking,
can thus be further improved.
The Escape hybrid by the Ford Motor Company, shown in Figure 10.8, is the first

hybrid in the sports utility vehicle category. The Escape hybrid adopted the same plan-
etary gear concept as the Toyota system.
The Toyota Prius and the Ford Escape use similar powertrain transmission as shown in

Figure 10.9. This consists of an engine, two electric machines, and a planetary gear train
in the transmission. The engine is connected to the carrier, the electric motor MG2 is

Figure 10.6 Toyota Prius (2010 model).
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Figure 10.7 Powertrain layout of the Toyota Prius (PM – permanent magnet; EM – electric machine).
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connected to the ring gear as well as to the final drive, and generatorMG1 is connected to
the sun gear. Hence, the speed and torque relationships are:

ωe =
Ns

Nr +Ns
ωg +

Nr

Nr +Ns
ωr

Tr =Te
Nr

Nr +Ns

Tg =Ts =Te
Ns

Nr +Ns

Tshaft = Tm +Tr ∗ i1

Engine

Battery

OUTPUT

MG1

MG2

Figure 10.8 Ford Escape hybrid SUV.

Engine

Battery

OUTPUT

MG1 MG2

Figure 10.9 Toyota Prius Transmission.
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whereωe, ωm andωg are the speed of the engine, motor and generator, respectively, ωr is
the ring gear speed, ωm =ωr ; ωs =ωg ; i1 =N2/N1 is the gear final drive ratio, and N1 and
N2 the gear teeth numbers of the final drive.
Since there is no clutch, the planetary gear is always running whenever the

vehicle is moving. It can be seen from the above equation and the diagram of the
powertrain that the speed of the motor MG2 is directly proportional to the linear
speed of the vehicle through the radius of the front tires and the final drive ratio.
The ring gear speed and the motor speed are identical for the Prius hybrid. There
is a gear ratio between the ring gear and the motor for the Mercury Mariner hybrid
vehicle.
There are four different operation modes:

Mode 0: Launch and backing up – the motor is powered by the battery. The vehicle is
driven by the motor only.

ICE

G

Battery

Final driveFinal drive

Power split

EMEM

Te = 0

Tg = 0

Tshaft = i1Tm

Mode 1: Cruising, or e-CVT mode 1.

ICE

G

EMEM

Battery

Final drive

Power splitPower split
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Tr =Te
Nr

Nr +Ns

Tg =Ts =Te
Ns

Nr +Ns

Pm =ωmTm = Pg =ωgTs

PB = 0

Tout = i1 Tr +Tm

Mode 2: Sudden acceleration, e-CVT mode 2.

ICE

G

Battery

Final drive

Power splitPower split

EMEM

Tr =
Nr

Nr +Ns
Te

Tg =Ts =Te
Ns

Nr +Ns

Tout = i1 Tr +Tm

Pm =ωmTm = Pg + PB

Mode 3: Regenerative braking: MG2 is operating as a generator to produce electricity to
charge the battery and at the same time to provide braking torque to the final drive.
This operation is the reverse of launch and backing up operation.

During normal operation (e-CVT or acceleration mode), the speed of the engine is
controlled by the torque on the generator. Basically, the generator power is adjusted
so that the engine turns at the desired speed. Hence, by adjusting the generator speed,
the engine can operate at a relatively constant speed while the vehicle is driven at differ-
ent speeds.
In the Prius, the engine is limited from 0 to 4000 RPM. The motor is limited from

a small negative RPM for reverse and up to 6000 RPM (~103 mph or 165 km/h).
The generator is limited to ± 5500 RPM. The ring gear and sun gear each have 78 &
30 teeth respectively. The four planet gears each have 23 teeth. The final drive ratio
is 3.93 and the wheel radius is 0.287 m. Hence, ωe = 0 7222ωm + 0 2778ωg .
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The control strategy is as follows. For the given vehicle speed, and a desired out-
put power determined by the drive cycle, or driver inputs, the desired operating
point of the engine can be determined based on the maximum efficiency curve
of the engine. From the vehicle speed and desired engine speed, the desired gener-
ator speed can then be calculated. The generator speed is regulated by the inverter
through controlling the output power of the generator (either as a generator or as a
motor). Motor torque is determined by looking at the difference between the total
vehicle power demand and the engine torque that is delivered to the ring gear.
The battery provides power to the motors along with the electricity generated by
the engine.

Example Consider a planetary gear train based transmission with an engine
(carrier) providing 100 kW at 2000 RPM optimum operating point. The ring gear
has 72 teeth and the sun gear 30 teeth. The final drive ratio is 3.7865, and the wheel
radius is 0.283 m. (i) For vehicle speed of 45 mph or 20.6 m/s, the power demand for
heavy acceleration at this speed is 120 kW. Find the speed and power for each
component, assuming no losses. (ii) For vehicle speed of 70 mph, or 32.7 m/s, when
cruising, the power demand is 70 kW. Calculate the speed and power of each
component.

Solution:

ωe =
Nr

Nr +Ns
ωr +

Ns
Nr +Ns

ωs = 0 706ωr + 0 294ωs

i) At 45 mph, the ring gear (same as motor speed) is calculated from the above to be
2632 RPM. Therefore, the sun gear (generator) speed needs to be 482 RPM in order
to operate the engine at 2000 RPM.

Tc engine =Pengine ωengine carrier = 477Nm

Tr Ring _ gear =
Nr

Nr +Ns
Tc = 0 706∗477 = 337Nm

Ts generator =
Ns

Nr +Ns
Tc = 0 294∗477 = 140Nm

Pc engine = 100 kW

Pr Ring _ gear =Trωr = 337∗2∗π∗2632 60 = 92 9 kW

Ps generator =Tsωs = 140∗2∗π∗482 60 = 7 1 kW

Pc engine =Pr +Ps

Pvehicle = 120 kW

Pm motor =Pvehicle−Pr = 27 1 kW

Pbat =Pm−Ps = 20 kW

ii) At 70 mph, the ring gear (same as motor speed) is calculated from the above to equa-
tion be 4080 RPM. Therefore, the sun gear (generator) speed needs to be –2995 RPM
in order to operate the engine at 2000 RPM.
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Tc engine =Pengine ωengine carrier = 477Nm

Tr Ring _ gear =
Nr

Nr +Ns
Tc = 0 706∗477 = 337Nm

Ts generator =
Ns

Nr +Ns
Tc = 0 294∗477 = 140Nm

Pc engine = 100 kW

Pr Ring _ gear =Trωr = 337∗2∗π∗4080 60 = 144 kW

Ps generator =Tsωs = 140∗2∗π∗ −2995 60 =−44 kW

Pc engine =Pr + Ps

Pvehicle = 70 kW

Pm motor =Pvehicle−Pr =−74 kW

Pbat =Pm−Ps =−30 kW

10.4 Complex HEVs

Complex HEVs usually involve the use of planetary gear systems and multiple electric
motors (in the case of four/all-wheel drive). One typical example is a four-wheel drive
system that is realized through the use of separate drive axles, as shown in
Figure 10.10. The generator in this system is used to realize the series operation as well
as to control the engine operation condition for maximum efficiency. The two electric
motors are used to realize all-wheel drive, and to provide better performance in regen-
erative braking. It may also enhance the vehicle stability control and antilock braking
control by using the two electric motors.

10.4.1 GM Two-Mode Hybrid Transmission

The GM two-mode hybrid transmission, shown in Figures 10.11 and 10.12, is a typical
complex hybrid system. It was initially developed by GM (Alison) in 1996 and later
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Figure 10.10 The electrical four-wheel drive system using a complex architecture.
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advanced by General Motors, Chrysler, BMW, and Mercedes-Benz with a joint venture
named Global Hybrid Cooperation in 2005. The GM two-mode hybrids use two plan-
etary gear sets and two electric machines to realize two different operation modes – a
high-speed mode, and a low-speed mode.
The GM Two-Mode hybrid electric powertrain (or transmission) is shown in

Figure 10.12 [1, 2]. This powertrain consists of two planetary gear sets P1 & P2, two elec-
tric machinesMG1 andMG2, and three clutches C1, C2, and C3. The powertrain is capa-
ble of providing electric continuous variable transmission (e-CVT) for both high-speed
and low-speed operations, hence, two-mode. The two-mode concept can be referred to
and compared to the Toyota and Ford hybrid electric vehicle powertrain whose opera-
tion is limited to only one mode. In principle, the two-mode operation can provide more
flexibility for transmission control, can increase drivability, and can improve vehicle per-
formance and fuel economy.

Figure 10.11 The Chrysler Aspen Two-Mode Hybrid.
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MG1 MG2

C1
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Figure 10.12 GM two-mode hybrid transmission.
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Operation principle of the two-mode powertrain: In the GM two-mode hybrid
transmission, the engine is connected to the ring gear of planetary gear P1 through clutch
C1. Electric machine MG1 is connected to the sun gear of P1. The carrier of P1 is con-
nected to the final drive through the output shaft. MG2 is connected to the sun gear of
planetary P2. The carrier of P2 is also connected to the output shaft. There is a dual-
position clutch that connects either the ring gear of P2 to the ground, or the ring gear
of P2 to the shaft of MG1.Through control of C2 and C3, different operating modes can
be realized. The engine in this system can be kept at the best speed and torque combi-
nation to achieve the best fuel economy by controlling the input/output of the two elec-
tric machines. The engine may be stopped or idle during vehicle launch and backup, as
well as at low power demand. In cruising conditions, the engine efficiency is further
enhanced by cylinder deactivation, also known as active fuel management (GM) or
the multi-displacement system (Chrysler). Note that this discussion is generic and
may not be the same as those implemented in a real vehicle by the automobile
manufacturers.
In the following derivations, ω is the angular velocity, T is torque, N is the number of

teeth of a gear, and P is power. Subscript s stands for the sun gear, r for the ring gear, c for
the planetary carrier, 1 for planetary gear set 1, 2 for planetary gear set 2, g for motor/
generator one, or MG1, m for motor/generator two, or MG2, and out is for output or
final drive.

Mode 0: Vehicle launch and backup: During vehicle launch and backup, the system is
operating in motor alone mode (Mode 0). C2 is open and C3 engages to ground the
ring gear of P2. In this mode, there are two possibilities for engine operation, either off
or idle at cranking speed (approximately 800 RPM) by adjusting MG1 speed. MG1
torque is not transmitted to the final drive. MG2 provides the needed torque to launch
the vehicle forward or backward. Figure 10.13 shows the power flow during launch and
backup. The speed/torque relationships are:

ωout =
Ns2

Ns2 +Nr2
ωm

Tout =
Ns2 +Nr2

Ns2
Tm

In the final implementation, C1 was eliminated. Therefore, the engine is always con-
nected to the ring gear of P1. Since the carrier of P1 is always connected to the final drive,
MG1 needs to be controlled so that the engine is either at zero or at a certain speed:

ωg =
Ns1 +Nr1

Ns1
ωc1−

Nr1

Ns1
ωe

Battery MG2

MG1 P1

P2 Final drive

Engine

Figure 10.13 Power flow during launch and backup.
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If the engine is maintained at 800 RPM without fuel injection, there are still friction
losses but the engine can be ignited at any time without delay. If the engine is controlled
to be at zero speed, then MG1 will need to be controlled so that the ring gear of P1
reaches 800 RPM before the engine can be started. In this case, the engine is controlled
by cylinder deactivation.
Mode 1: Low range: Mode 1 is also called the low range, or low-speed mode. In this

mode, C1 is engaged, C2 is open, and C3 is engaged. The second planetary gear works
as a speed reduction gear for MG2. Figure 10.14 illustrates the mechanical connec-
tions of the transmission. The engine may be controlled by partial cylinder deactiva-
tion to further save fuel and reduce emissions based on vehicle power demand. The
torque and speed relationships during steady state operations can be expressed as:

Tg =
Ns1

Nr1
Te

ωc1 =
Nr1

Ns1 +Nr1
ωe +

Ns1

Ns1 +Nr1
ωg

ωout =ωc2 =ωc1 =
Ns2

Ns2 +Nr2
ωm

Tout =
Nr1 +Ns1

Nr1
Te +

Ns2 +Nr2

Ns2
Tm

The different operations in Mode 1 can be described as follows:
1) Engine alone mode (CVT 1): MG2 is off (freewheel) and MG1 can be either in

motoring mode or in generating mode. When MG1 is in a motoring mode, P1 acts
as a speed coupling mechanism to couple the speed of the engine and MG1. When

Engine

Battery

OUTPUT

P1 P2

MG1 MG2

Figure 10.14 Low Range.
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MG1 is in generating mode, engine power is split between the final drive andMG1,
with power generated by MG1 charging the battery. Since the battery can quickly
be charged fully, this mode is generally brief.

2) Combined mode (CVT 2): MG2 is turned on to assist the driving. P2 acts as a
torque coupling mechanism to add the torque of the engine (P1 carrier portion)
andMG2. If needed, bothMG1 andMG2 can work in motoring mode to maximize
the driving torque.

3) Power split mode (CVT 3): MG2 is in generating mode to charge the battery. MG1
can be either motoring or generating.

Mode 2: High range: Mode 2 is called the high range, or high-speed mode. C1 is
engaged, C2 is engaged, but C3 is open. In this mode, the sun gear of P1 is connected
to the ring gear of P2 throughMG1, that is, MG1, S1, and R2 will have the same speed.
Figure 10.15 shows the mechanical connections of the transmission in Mode 2. In this
operatingmode, the engine is generally kept at a constant speed to achieve the best fuel
economy. MG1 and MG2 are controlled in either motoring or generating mode
depending on the vehicle speed and power demand. The torque and speed relation-
ships during steady-state operation are as follows:

Tg =
Ns1

Nr1
Te +

Nr2

Ns2
Tm

ωc1 =
Nr1

Ns1 +Nr1
ωe +

Ns1

Ns1 +Nr1
ωg

ωc2 =
Nr2

Ns2 +Nr2
ωg +

Ns2

Ns2 +Nr2
ωm

ωc2 =ωc1

ωr2 =ωs1 =ωg

Tfd =
Nr1 +Ns1

Nr1
Te +

Ns2 +Nr2

Ns2
Tm

Engine

Battery

OUTPUT

P1 P2

MG1 MG2

Figure 10.15 High range.
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Similar to Mode 1, the engine may be controlled by partial cylinder deactivation to
further save fuel and reduce emission based on vehicle power demand.
Mode 3: Regenerative braking: During regenerative braking, C1 is open, C2 is open and

C3 engages to ground the ring gear of P2 (Mode 3). The engine and MG1 are off or
freewheel. MG2 provides the needed braking torque for the vehicle, and at the same
time, stores regenerative braking energy in the onboard battery. Figure 10.16 shows
the power flow during regenerative braking. The speed/torque relationship is given by:

ωm =
Ns2 +Nr2

Ns2
ωout

Tm =
Ns2

Ns2 +Nr2
Tout

Hydraulic/frictional brakingmay be controlled in coordination with regenerative brak-
ing to maximize the braking torque, and/or maintain vehicle stability and prevent wheel
locking. In this case, MG2 only provides a portion of the braking torque.
Transitions between modes 0, 1, 2, and 3: In general, the transition is performed at a

condition that can minimize mechanical disturbance to the overall vehicle system. The
vehicle is usually launched by MG2 with the engine off (Mode 0). MG1 is turned on
before transitioning to Mode 1, such that the engine speed reaches approximately 800
RPM. The transition from Mode 0 to Mode 1 is characterized by the engine turning
on. This typically happens when the power demand reaches a certain limit such that
MG2 is no longer capable of providing the needed torque. The power demand is a com-
bination of vehicle speed, acceleration demand, vehicle load, and road conditions.
The transition from Mode 1 to Mode 2 happens when the sun gear of P1 and the ring

gear of P2 reach the same speed. In other words, since the ring gear of P1 is grounded
(zero speed), the transition fromMode 1 to Mode 2 will happen when the sun gear of P1
or MG1 reaches zero speed. Similarly, transition from Mode 2 to Mode 1 also happens
when the speed of MG1 reaches zero.
The transition from Mode 1 to Mode 3, or Mode 2 to Mode 3 is triggered by the

braking request from the driver (brake pedal is pressed).

Example 1 Both planetary gear sets have 30 teeth for the sun gear and 70 teeth for the
ring gear. The engine is kept at 800 RPM in Mode 0, ramped up from 800 RPM to 2000
RPM in Mode 1, and kept at 2000 RPM in Mode 2. The wheel radius is 0.28 m. Vehicle
speed V ranges from −40 km/h to 160 km/h. The final drive gear ratio (including axle)
is 3.3.

Solution:

The final drive speed is a function of vehicle speed:

ωout = V ∗1000/3600/0 28 ∗3 3∗60/2π = 31 2V RPM

Battery MG2 P2 Final drive

Figure 10.16 Power flow in regenerative braking.
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In Mode 0, the engine is kept at 800 RPM and the speed of the ring gear of P2 is zero.
Therefore:

ωm =
Ns2 +Nr2

Ns2
ωc2 = 3 33ωout

ωe = 800RPM

ωg =
Ns1 +Nr1

Ns1
ωc1−

Nr1

Ns1
ωe = 3 33ωout −2 33ωe

In Mode 1, the engine speed will ramp up from 800 RPM to 2000 RPM. Note that the
engine can be turned on or kept idling. The engine on/off is determined by vehicle power
demand. The speed relationships are the same as in Mode 0.
When the speed of the sun gear of P1 reaches zero, the vehicle will shift from Mode 1

to Mode 2. In Mode 2, the engine speed is kept at 2000 RPM. The speed relation-
ships are:

ωe = 2000RPM

ωg =
Ns1 +Nr1

Ns1
ωc1−

Nr1

Ns1
ωe = 3 33ωout −2 33ωe

ωm =
Ns2 +Nr2

Ns2
ωc2−

Nr2

Ns2
ωr2 = 3 33ωout −2 33ωg

Figure 10.17 shows the speeds of the system: engine, MG1, MG2, and final drive.
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Figure 10.17 Speed relationships of the two-mode transmission in example 1.
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Example 2 Planetary gear set 1 has 35 teeth for the sun gear and 65 teeth for the ring
gear. Planetary gear set 2 has 30 teeth for the sun gear and 70 teeth for the ring gear. The
engine is kept at 0 RPM in Mode 0; ramped up from 0 RPM to 3000 RPM in Mode 1,
and kept at 3000 RPM in Mode 2. The wheel radius is 0.28 m. Vehicle speed V ranges
from −40 km/h to 160 km/h. The final drive gear ratio (including axle) is 3.

Solution:

The final drive speed is a function of vehicle speed.

ωout = V ∗1000/3600/0 28 ∗3 3∗60/2π = 31 2V RPM

In Mode 0, the engine is kept at 0 RPM and the speed of the ring gear of P2 is zero.
Therefore:

ωm =
Ns2 +Nr2

Ns2
ωc2 = 3 33ωout

ωg =
Ns1 +Nr1

Ns1
ωc1 = 2 86ωout

In Mode 1, the engine speed will ramp up from 0 to 3000 RPM. Note that the engine
can be turned on or kept idling. Engine on/off is determined by vehicle power demand.
The speed relationships are:

ωm =
Ns2 +Nr2

Ns2
ωc2 = 3 33ωout

ωg =
Ns1 +Nr1

Ns1
ωc1−

Nr1

Ns1
ωe = 2 86ωout −1 86ωe

When the speed of the sun gear of P1 reaches zero, the vehicle will shift fromMode 1 to
Mode 2. In Mode 2, engine speed is kept at 3000 RPM. The speed relationships are:

ωe = 3000RPM

ωm =
Ns2 +Nr2

Ns2
ωc2−

Nr2

Ns2
ωr2 = 3 33ωout −2 33ωg

ωg =
Ns1 +Nr1

Ns1
ωc1−

Nr1

Ns1
ωe = 2 86ωout −1 86ωe

Figure 10.18 shows the speeds of the system: engine, MG1, MG2, and final drive.

10.4.2 Dual Clutch Hybrid Transmissions

There are a few variants of automatic transmissions such as automated manual transmis-
sion (AMT), continuous variable transmission (CVT), and dual clutch transmission
(DCT). Each of these technologies has its own penetration levels in different regions
of the world (North America, Europe, Asia). The advantages of DCT include high effi-
ciency, low cost, and driving comfort. Conservative estimates peg DCT technology to be
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around 10% of the global market by 2015. Table 10.1 compares the advantages and dis-
advantages of automatic and manual transmission.
DCT technology is well suited for high torque diesel engines and high revving gas

engines alike. Some of the major drivers for DCT include:

• flexible and software tunability

• gear ratio flexibility the same as that of manual lay-shaft transmissions allowing greater
compatibility with any engine characteristics.

10.4.2.1 Conventional DCT Technology
A typical DCT architecture has a lay-shaft with synchronizers used for maximum effi-
ciency. It also has launch clutches (either wet or dry) used with electronics along with
mechanical or hydraulic actuation systems to achieve the automatic shifting. The lay-
shaft transmissions yield an efficiency of 96% or better as compared to 85–87% efficiency
of automatic transmissions [3, 4].
Figure 10.19 shows the diagram of a DCT based transmission. It is a typical setup used

in the latest vehicle models with a DCT. It consists of two coaxial shafts each having the
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Figure 10.18 Speed relationships of the two-mode transmission in example 2.

Table 10.1 Qualitative comparison of automatic and manual transmissions.

Aspects Automatic transmission Manual transmission Desired transmission

Cost Expensive Lower Low

Efficiency Moderate High High

Ease of use Easy Hard Easy

Comfort Good Poor Good
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odd and even gears. It is tantamount to having two transmissions, hence the name, dual
clutch transmission.
In a DCT system, the two clutches are connected to two separate sets of gears. The odd

gear set is connected to one of the clutches and the even gear set to the other clutch. It is
necessary to pre-select the gears to realize the benefits of the DCT system. Accordingly,
the off-going clutch is released simultaneously as the oncoming clutch is engaged. This
gives an uninterrupted torque supply to the driveline during the shifting process. This
pre-selection of gears can be implemented using either complicated controllers such
as fuzzy logic or simple ones such as selections based on the next anticipated vehi-
cle speed.

10.4.2.2 Gear Shift Schedule
Initially, when the vehicle starts, gear N1i is synchronized. Therefore, engine torque is
transmitted to the final drive through gears N1i and N1m. The vehicle speed increases
as the odd clutch engages. When the vehicle speed reaches a certain threshold, gear N2i
is synchronized. As the even clutch engages (the odd clutch disengages), engine torque is
shifted from gear N1i to N2i, so the engine torque is transmitted through gear N2i and
N2m. As vehicle speed increases further, N3i is synchronized. Then the odd clutch would
engage and the even clutch would disengage. This process will continue until the vehicle
speed becomes stable (from N3i to N4i, from N4i to N5i, and from N5i to N6i).
During downshift, the process is reversed. For example, assume initially that N4i is syn-

chronized and the even clutch is engaged. During downshift, N3i is synchronized before
the even clutch opens. When the even clutch disengages and the odd clutch engages,

Engine

Odd gear

clutch

Even gear
clutch

N3i

N5i

N1i

N2m
N4m

N6m Nfi

N1m
N3m

N5m

Differential

Nfo
N6i

N4i

N2i

Figure 10.19 Dual clutch transmission. (Note: the reverse gear is omitted from the diagram).
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engine torque is transferred from N4i to N3i. Similarly, N2i would be synchronized
before the even clutch engages.
Since all transitions in a DCT are managed by gear synchronizers and two clutches,

there is no need for a torque converter in a DCT. The transitions (gear shifting and tor-
que shifting) are very smooth. Control of the synchronizers and clutches or shift control-
ler is computerized in the vehicle. The shift controller decides the upshifts or the
downshifts of the transmission as per the gear shift schedule shown from left to right
in Figure 10.20. This controller intelligently pre-selects the higher or the lower gear
depending on the current and desired vehicle velocity.

10.4.2.3 DCT-based Hybrid Powertrain
The diagram for a DCT based hybrid powertrain is shown in Figure 10.21 [5]. The trans-
mission is a six-speed AMT. The hybrid powertrain consists of two motors with each
coupled mechanically onto the two shafts using a standard gear reduction. Due to the
presence of the motor/generator, the vehicle can be reversed without the reverse gear.
The odd shaft houses gears 1, 3, and 5 and the even shaft houses gears 2, 4, and 6. The two
motors can also be operated as generators as needed by the hybrid control strategy.

10.4.2.4 Operation of DCT Based Hybrid Powertrain
The DCT based hybrid powertrain shown in Figure 10.21 has seven operating modes
when the vehicle is in motion and one additional operating mode for standstill charging.
Motor alone mode: The vehicle is always launched in the motor only mode unless the

battery’s state of charge (SOC) is below the minimum level. In this mode, the gears are
selected according to the shift logic controller. The vehicle operates in this mode up to a
maximum speed defined by the controller, provided the SOC is greater than the mini-
mum SOC for the battery as per the system design. Since the engine does not operate in
this mode, the dual clutches are disengaged to prevent any backlash to the engine. Either
motor can be used for the launch and backup of the vehicle. The equations for this
mode are:
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Figure 10.20 Gear shift schedule.
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ωo =
ωm

ig iaim

To = iaig im ×Tm

Combined mode: This mode is selected when a high torque is required for situations
such as sudden acceleration or climbing a grade. This mode is also selected if the vehicle
speed becomes more than the maximum speed defined by the controller in the motor
alone mode. Both the engine and the motor provide the propulsion power to the drive
shaft. Depending on the vehicle speed, the transmission shift controller selects the
proper dual clutch and the gears. The power flow is shown in Figure 10.22. The equations
for this mode are:

ωo =
ωm

igiaim
=

ωe

ig ia

To = ig iaimTm + ig iaTe

Engine alonemode: Thismode involves the engine as the only source of propulsion. The
engine controller ensures that the engine transmits power to the lowest possible gear ratio
such that the engine remains in the best efficiencywindow.The equations for thismode are:

ωo =
ωe

ig ia

To = iaig ×Te
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Figure 10.21 Hybrid powertrain based on dual clutch transmissions. Reverse gear is not needed
because the motors can be used to back up the vehicle.
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Regenerative braking mode: The motor is coupled to the output shaft through gears
and it can function as a generator as well. It is used to recover the energy during braking
to charge the battery. Depending on the current clutch that is used, the controller decides
which motor is to be operated in this mode. In case the motor torque is not sufficient to
slow down the vehicle, a conventional braking system is used to supplement the braking
demand.
The equations for this mode are:

ωin =
ωm

imig ia

Tin = − imiaig ×Tm

Power split mode: This mode is used to charge the battery when the vehicle is in
motion. The vehicle controller decides on this mode if the engine supplies more power
than that required to drive the vehicle. The excess power is then used to charge the bat-
tery. The motor on the same lay-shaft that drives the output shaft is selected to act as the
generator to charge the battery. The motor controller selects the correct motor depend-
ing on the shaft that is transmitting the power to the final drive. The equations for this
mode are

ωo =
ωm

iaimig
=

ωe

iaig

To = iaigTe−Tm
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Figure 10.22 Power flow in the combined mode.
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Standstill chargemode: This mode can be used to crank start the engine or charge the
battery when the vehicle is in a standstill position. The controller opts for this mode
when the battery SOC is lower than the minimum SOC level permitted by the design.
This is the only operating mode when the engine is cranked and the vehicle is in a stand-
still position. Since the vehicle is not moving and no power is transmitted to the drive
train, all the gears are disengaged for safety. The kinematic equations for this mode are

ωo = 0

Te =Tmim

ωe =
ω

im

Series hybrid mode: This mode offers a very interesting option for the DCT based
hybrid powertrain. The engine is operated in a region near its sweet spot (by adaptively
changing the gear ratios) so that the torque generated from the engine is used by one of
the motors to generate electricity. This electricity is then used by another motor on the
other shaft to drive the vehicle. This, therefore, gives an option of having the DCT based
hybrid powertrain operating as a series hybrid. The kinematic equations for this
mode are

ωo =
ωm

iaimig

To =Tmimig ia

10.4.3 Hybrid Transmission Proposed by Zhang, et al.

An alternate hybrid transmission was proposed to use one electric motor, a planetary gear
set and four fixed gears to realize automated transmission and CVT for a parallel hybrid, as
shown in Figure 10.23 [6]. The design is based on the concept of AMTs. It uses a combi-
nationof lay-shaft gearing andplanetarygearing forpower transmission.The lay-shaft gears
on the input shaft and themotor shaft freewheel unless engaged by the shifter-synchronizer
assemblies. The carrier of the planetary gear train is connected to the input shaft that picks
up the engine torque. The sun is connected to the motor shaft if so engaged. One motor is
used either as the driving assisting unit or as the generator in charging and regenerative
braking operations. Mode switching and gear shifting are realized by shifters actuated by
computer and controlled step motors as in an AMT. The hybrid system has five operating
modes for vehicle driving and one standstill mode for emergency or convenience opera-
tions. The six operating modes and the related kinematics are described in the following.
Motor alone mode: The vehicle is always launched in the motor alone mode. In this

mode, the motor shaft is engaged by the shifter and power is transmitted to the final drive
by the motor gears. Vehicle backup is realized by reversing the motor rotation. All other
gears freewheel in this mode. The operating parameters for the engine and the motor in
this mode are related by the following equations:

ωo =
ωm

im
To = imTm
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where, ωo and ωm are the angular velocities of the output shaft and the motor respec-
tively, To and Tm are the output torque and themotor torque respectively, im is the motor
gear ratio.
Combined power mode: The combined mode is used when high power is required in

situations such as accelerating and hill climbing. In this mode, the motor shaft and one of
the lay-shaft pairs are engaged. One of the four available gears as shown in Figure 4.15
can be selected according to the vehicle operating condition. The motor and the engine
operate at speeds that are mechanically linked by the gear ratios to drive the vehicle
jointly, with the operating parameters related as follows:

ωo =
ωe

ik
=
ωm

im
To = ikTe + imTm

where, ωe and Te are the angular velocity and the torque of the engine respectively,
and ik(with k = 1, 2, 3, 4) is the gear ratio of the lay-shaft gear pairs.
Engine alone mode: The engine alone mode is the most efficient mode for highway

cruising. In this mode, a lay-shaft gear pair with a low gear ratio is engaged to transmit the
engine torque to the output shaft with the motor shaft in neutral. The vehicle runs like a
conventional vehicle in this mode. The operating parameters are linked by the lay-shaft
gear ratio:

ωo =
ωe

ik
To = ikTe
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Figure 10.23 Hybrid transmission proposed by Zhang, et al.
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Electric CVT mode: The electric CVT mode provides two degrees of freedom for
vehicle operation control, which allows optimization of engine operation for best fuel
economy. In this mode, the engine drives the vehicle and powers the generator for bat-
tery charging at the same time. The sun gear of the planetary gear train is coupled to the
motor shaft by the shifter and the fourth lay shaft gear is coupled to the ring gear. The
operating parameters of the system are governed by the characteristics of the planetary
gear train:

ωm =
Ns +Nr

Ns
ωe−

Nr

Ns
i4ωo

Tm =Ts =
Ns

Ns +Nr
Te

To =Tri4 =
Nr

Ns +Nr
i4Te

where Nr and Ns are the number of teeth of the ring gear and sun gear, respectively, and
TR and Ts are the ring gear torque and sun gear torque, which are distributed from the
engine torque at a constant proportion. The output torque To and the angular velocityωo

are determined by the vehicle driving condition. The engine torque and the torque pro-
vided to the generator are determined by optimizing the engine efficiency. In the electric
CVT mode, the engine speed ωe is optimized at the point for the highest efficiency cor-
responding to the required torque. The generator speed ωm is controlled such that the
engine speed and torque are optimized.
Energy recovery mode: In the energy recovery mode, the motor is coupled to the out-

put shaft through the motor gear pair by the shifter and functions as a generator. The
relations for the operating parameters are the same as those in the motor alone mode,
with the power flow reversed.
Standstill mode: In this mode, the motor is engaged by the shifter to the sun gear and

the parking locker is applied to lock the output shaft (ring gear). The lay-shaft gears free-
wheel. This mode can be used to crank start the engine or use the engine to charge a low
battery at standstill. It can also be used as a generator for household electricity or other
conveniences if a bidirectional power converter is provided. The parameters are:

ωe =
Ns

Nr +Ns
ωm

Tm =
Ns

Nr +Ns
Te

10.4.4 Renault IVT Hybrid Transmission

In the Renault infinitely variable transmission (IVT), as shown in Figure 10.24, there are
two electric motors MG1 and MG2, two planetary gears sets P1 and P2, but no clutches
[7]. MG1 is connected to the sun gear of P1; MG2 is connected to the sun gear of P2; the
engine is connected to the carrier of P2 as well as the ring gear of P1; the carrier of P1 and
the ring gear of P2 are coupled together and connected to the final drive. The system is
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capable of providing infinitely variable transmission by controlling the two electric
motors to match the vehicle speed while optimizing the operation of the engine.
Since there are no clutches, there is only one operating mode, and the steady state tor-

que speed relationships are:

ωe =ωc2 =
Nr2

Ns2 +Nr2
ωo +

Ns2

Ns2 +Nr2
ωmg2

ωo =ωc1 =
Nr1

Ns1 +Nr1
ωe +

Ns1

Ns1 +Nr1
ωmg1

To =Tr2 +Tc1 =
Nr2

Ns2 +Nr2
Te +

Nr1 +Ns1

Ns1
Tmg1

Tmg2 =
Ns2

Ns2 +Nr2
Te

Tmg1 =
Nr2

Nr2
Te

10.4.5 Timken Two-Mode Hybrid Transmission

The Timken hybrid powertrain shown in Figure 10.25 is also a two-mode hybrid system
[8]. The transmission contains two electric motors MG1and MG2, two planetary gears,
P1 and P2, two clutches, C1 and C2, and two locks, B1 and B2.
The engine is connected to the ring gear of P1; MG1 is connected to the sun gear of P1

and via a clutch (C2) to the ring gear of P2; MG2 is connected to the sun gear of P2; the
carrier of P2 is connected to the output shaft; the carrier of P1 is connected through C1 to
the output shaft, or can be locked by B1. By controlling the two clutches and the two

MG1 MG2 Engine

Battery

OUTPUT

P1

P2

Figure 10.24 Renault two-mode transmission.
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locks, the system can operate in high range or low range, based on vehicle operating
conditions.

Mode 0: Launch and reverse: The vehicle can be launched by MG2. In this mode, B2
locks the ring gear of P2. MG2 torque is transferred through the sun gear of P2 to the
carrier of P2. Since the sun gear of P1 is coupled to the ring gear of P2, the sun gear of
P1 is also locked. In this case, the carrier of P1 needs to be locked by B1 so that the
engine is stalled as well. The equations are:

ωmg2 =ωs2 =
Ns2

Ns2 +Nr2
ωo

To =
Ns2 +Nr2

Ns2
Tmg2

Mode 1: Low-speed operation: In this mode, B2 locks the ring gear of P2; C1 engages
the engine, as shown in Figure 10.26. The operation of this mode is exactly the same as
the GM two-mode hybrid.

Mode 2: High-speed operation: In this mode, C1 engages the carrier of P1; C2 engages
MG1. The sun gear of P1, the ring gear of R2, and MG1 will have the same speed. This
mode is also the same as the GM two-mode hybrid powertrain as shown in
Figure 10.27.

Mode 4: Series operating mode: The powertrain can also operate in series mode as
shown in Figure 10.28 by locking the carrier of P1 and the ring gear of P2. In this mode,
engine power is delivered toMG1 through the sun gear of P1 (with the carrier locked).
The electricity generated by MG1 will be delivered to MG2 which drives the sun gear
of P2 which in turn drives the carrier of P2 with the ring gear locked. The torque-speed
equations are:

MG1 MG2

Engine

Battery

OUTPUT

P1P2

C2

B2

B1

C1

Figure 10.25 Timken two-mode transmission.
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ωo =ωc2 =
Ns2

Ns2 +Nr2
ωmg2

ωmg1 = −
Nr1

Ns1
ωe

To =
Nr2 +Ns2

Ns2
Tmg2

Tmg1 =
Ns1

Nr1
Te

MG1 MG2

Engine

Battery

OUTPUT

P1P2

Figure 10.26 Low speed mode of the Timken two-mode transmission.

MG1 MG2

Engine

Battery

OUTPUT

P1P2

Figure 10.27 High-speed mode of the Timken two-mode transmission.

Automotive Power Transmission Systems418



Mode transition: Similar to any other hybrid powertrain, the transition between differ-
entmodesneeds to happen at themomentwhenmechanical disturbance to the systemcan
beminimized. For example, with the carrier of P1 locked toB1, the engine can be started by
MG1. In order to engage the carrier of P1 with the final drive shaft, first B1 needs to be
released, then the speed ofMG1will be controlled such that C1will accelerate to the same
speedas the finaldrive shaft, and thenC1will engage thecarrier ofP1 to the finaldrive shaft.
Similarly, in order to engage the ring gear of P2 to the sun gear of P1 (and MG1), the sun
gear speed of P1 and MG1 is first brought down to zero and then C2 is engaged.

10.4.6 Tsai’s Hybrid Transmission

In the hybrid system proposed by Tsai, as shown in Figure 10.29, the transmission
includes one electric motor, two clutches, two planetary gear sets, and two locks [9, 10].
As shown in Table 10.2, there are 14 different combinations of operating modes based

on the different configurations of the clutches and locks, but there are only seven
valid modes.
The speed/torque relationships can be written in two conditions, that is, C1 engaged or

C2 engaged.
When C1 engages (B1 freewheel):

ωe =
Ns1

Ns1 +Nr1
ωm +

Nr1

Ns1 +Nr1
ωo

To =
Nr1

Ns1 +Nr1
Te

Tm =
Ns1

Ns1 +Nr1
Te

MG1 MG2

Engine

Battery

OUTPUT

P1P2

Figure 10.28 Series operating mode of the Timken two-mode transmission.
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Engine

OUTPUT

P1

P2

MG

Figure 10.29 Multimode hybrid transmission proposed by Tsai, et al.

Table 10.2 Different combinations of operating modes in Tsai’s hybrid transmission.

C1 C2 B1 B2 State Additional modes

0 0 0 0 None

0 0 0 1 None

0 0 1 0 Motor alone Engine idle, generator/regen

0 0 1 1 None

0 1 0 0 Engine +motor Motor, generator/regen

0 1 0 1 Engine alone Motor stationary

0 1 1 0 None

0 1 1 1 None

1 0 0 0 Engine alone/CVT Generator/charging

1 0 0 1 Engine +motor Motor stationary

1 0 1 0 Engine +motor Motor, generator/regen

1 0 1 1 None

1 1 0 0 Engine +motor Motor, generator/regen

1 1 0 1 None

1 1 1 0 None

1 1 1 1 None
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When C1 engages (B1 lock):

ωe =
Ns1

Ns1 +Nr1
ωm +

Nr1

Ns1 +Nr1
ωo

ωo =
Ns2

Ns2 +Nr2
ωm

To =
Nr1

Ns1 +Nr1
Te +

Ns2 +Nr2

Ns2
Tm

When C2 engages:

ωo =
Ns2

Ns2 +Nr2
ωm +

Nr2

Ns2 +Nr2
ωe

To =
Ns2 +Nr2

Nr2
Te =

Ns2 +Nr2

Ns2
Tm

When C1 and C2 both engage:

ωo =ωm =ωe

To =Tm =Te

10.4.7 Hybrid Transmission with Both Speed and Torque
Coupling Mechanism

The hybrid configuration proposed by Ehsani, et al. in [11] uses one electric motor, three
clutches, and two locks to achieve both speed coupling and torque coupling functions, as
shown in Figure 10.30 [11].

Engine
OUTPUT

C1

L2

C2

C3

L1

MG

Figure 10.30 Hybrid transmission proposed in [11].
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Mode 0: Vehicle launch and backup (motor alone mode), and regenerative braking. C1
open, C2 closed, C3 open, L1 closed, and L2 open. Only the motor torque is transmit-
ted to the final drive. The sun gear of the planetary gear is locked. The torque/speed
relationships are:

ωout =
Nr

Ns +Nr
ωm

Tout =
Ns +Nr

Nr
Tm

Mode 1: Engine alone mode. C1 closed, C2 open, C3 open, L1 open, L2 closed. In this
mode, the motor is off – only the engine is transferring torque to the final drive. The
ring gear is locked. The torque/speed relationships are:

ωout =
Ns

Ns +Nr
ωe

Tout =
Ns +Nr

Ns
Te

Mode 2: Low-speed mode. C1 closed, C2 open, C3 close, L1 open, L2 closed. In this
mode, the engine torque and the motor torque are added to provide the maximum
drivetrain torque for acceleration needs. The ring gear is locked and the motor torque
is added to the engine shaft. The torque/speed relationships are:

ωout =
Ns

Ns +Nr
ωe

ωm =
N1

N2
ωe

Tout =
Ns +Nr

Ns
Te +

N1

N2
Tm

Mode 3: Combined and power split mode (CVT). C1 closed, C2 closed, C3 open,
L1 open, L2 open. In this mode, the motor and the engine output are coupled to
the planetary gear on the sun gear and ring gear, respectively. The output and input
relationships are:

ωout =
Ns

Ns +Nr
ωe +

Nr

Ns +Nr
ωm

Tout =
Ns +Nr

Ns
Te =

Ns +Nr

Nr
Tm

The vehicle could be running between Mode 2 and Mode 3 during highway cruising.
Mode transition in this transmission is complicated. In order to reduce mechanical

disturbance, the locks have to be engaged at zero speed and the clutches have to be
engaged when the two sides of the gears have similar speeds.
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10.4.8 Toyota Highlander and Lexus Hybrid, e-Four Wheel Drive

The Toyota Highlander and Lexus hybrid vehicles feature an electric four-wheel drive, or
e-four, with the front wheels driven by a planetary gear based hybrid powertrain, and the
rear wheels driven by an electric motor. The generalized schematics are shown in
Figure 10.31.
In this scheme, the engine is connected to the carrier of the planetary gear set, the gen-

erator is connected to the sun gear, and the ring gear is connected to the final drive of the
front axle. The total powertrain torque available in any driving condition is:

Tout =
Nr

Ns +Nr
Te +

N1

N2
Tm1 +

N3

N4
Tm2

The generator torque is:

Tg =
Ns

Ns +Nr
Te

The power relationship, when neglecting losses, is:

Pout =Pm1 +Pm2 +Pr

Pe =Pr + Pg

Pm1 +Pm2 =Pg +PB

A simplified version of the e-four is shown in Figure 10.32 with the goal of reducing the
overall system cost [12]. In comparison to the above configurations, this configuration
has a significant cost advantage and is simple to manufacture, because it does not involve
any modification to the front axle design. However, this design does not allow the flex-
ibility of engine speed control. Besides, the system is not very efficient during power split
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MG2
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gearing
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wheels

Inverter

Battery 288 V 
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MG2
50 kW PM 
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gearing

Rear 
wheels

Inverter

MG2
82 kW PM

Figure 10.31 Schematics of electric four-wheel drive hybrid system.
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mode operation, because engine power needs to be transferred through the vehicle body
to the rear axle and then to the electric motor. The total torque of the powertrain is:

Tout = keTe + kmTm

where ke and km are the gear ratios of the engine transmission and motor transmission,
respectively.

10.4.9 CAMRY Hybrid

In the Camry hybrid, there are two planetary gear sets, as shown in Figure 10.33. The
engine, generator, and planetary gear set 1 are configured the same way as in the Prius,
that is, the engine is coupled to the carrier, and the generator is coupled to the sun gear.

Battery
Mechanical
transmission

Wheels

TransmissionEngine
Mechanical
transmission

Wheels

Motor

Mechanical

Electrical

Figure 10.32 Hybrid powertrain with separate driving axles.

MG1 Engine

OUTPUT

MG2

Figure 10.33 Toyota Camry hybrid transmission.
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However, the ring gear is connected to a counter gear which is also connected to the ring
gear of the motor speed reduction planetary gear. Themotor is connected to the sun gear
of planetary gear set 2, and the carrier of planetary gear set 2 is grounded. The multi-
function gear connects the counter gear and the final drive.
The ring gear speed can be calculated from the vehicle speed:

ωr =
N2

N1

N4

N3
ifdV

The engine and generator satisfy:

ωe =
Nr1

Nr1 +Ns1
ωr +

Ns1

Nr1 +Ns1
ωg

The motor and the ring gear satisfy:

ωr = −
Ns2

Nr2
ωm

The torque at the final drive is:

Tout =
Nr2

Ns2
Tm +

Nr1

Nr1 +Ns1
Te

N2

N1

N4

N3
ifd

10.4.10 Chevy Volt Powertrain

The Chevy Volt from GM has been described as an extended-range electric vehicle or
EREV. The exact powertrain configuration is not yet public. However, a number of
sources have suggested that the Volt employs two electric motors and a planetary gear
set, along with the engine and three clutches as shown in Figure 10.34 [13, 14]. The Volt
is equipped with a 16 kWh lithium-ion battery pack, a 125 kW induction motor and a 1.4
liter, four-cylinder engine. The initial driving range of 25 to 50 miles (40–80 km) can be
achieved by using energy from the onboard battery, and additional driving range can be
achieved by using gasoline.

Battery 

OUTPUT

MG2 MG1

C1

C2

C3

Engine

Figure 10.34 The Chevy Volt transmission.

Hybrid Powertrains 425



In the Volt transmission, MG1 is the main drive motor, which is connected to the sun
gear of the planetary system. The ring gear can be grounded through clutch C3, or con-
nected to MG2 by engaging clutch C2. The carrier is connected to the final drive. The
engine can be connected toMG1 through clutch C1.MG2 can be either connected to the
engine to become a generator through C1, or connected to the ring gear to become a
motor through C2.
The operation of the system can be described as follows:

Mode 1: Single motor driving mode. In this mode, MG1 drives the sun gear with the ring
gear locked by C3. The torque of the motor is transmitted through the carrier to the
final drive. The engine and MG2 are idle. All driving power is provided by the battery.
This mode is suitable for launch, backup, low-speed driving, and cruising. The equa-
tion is:

Tout =
Ns

Ns +Nr
TMG2

Mode 2: Dual motor driving mode. In this mode, MG2 is connected to the ring gear
through C2, with C3 disengaged. The engine is idle with C1 open. Both motors receive
power from the battery to drive the carrier which delivers torque to the final drive. The
equations are:

ωout =
Ns

Ns +Nr
ωMG2 +

Nr

Ns +Nr
ωMG1

Tout =
Ns

Ns +Nr
TMG2 =

Nr

Ns +Nr
TMG1

Since the speed of the two motors is added, this can achieve a high cruising speed for
the vehicle. Hence, the authors believe this mode is used for highway cruising with the
battery only.
Mode 3: Extended driving range. In this mode, C1 is engaged, so the engine drives MG1
which is now a generator. C2 is open and C3 is engaged to lock the ring gear. Electricity
generated by MG2 is delivered to MG1 through power inverters. Only MG1 is driving
the final drive. Hence, the output torque expression is the same as in Mode 1.
Tout =

Ns
Ns +Nr

TMG2 and TMG1 = kTe, where k is the gear ratio between the engine

and MG2.
Mode 4: With the engine turned on and C1 engaged, C2 is engaged as well (but C3 is
open). Now, a portion of the engine torque can be transmitted to the ring gear to drive
the carrier, which delivers the combined engine and MG1 torque to the final drive.
Another portion of the engine torque is still used to drive MG2 to generate electricity.
This mode is suitable for high speed and heavy accelerations. Thus:

kTe =TMG1 +Tr

ωout =
Ns

Ns +Nr
ωMG2 +

Nr

Ns +Nr
ωMG1

Regenerative braking mode: The engagement of the clutches is the same as in Mode 1.
The only difference is that the wheels are now driving MG1 to generate electricity and at
the same time generating the required braking torque to slow down the vehicle.

Automotive Power Transmission Systems426



10.5 Non-Ideal Gears in the Planetary System

In the previous sections, the torque/speed relations were given under the assumption
that the losses of transmission/gears are neglected, and the kinetic motion is also
neglected. When gear losses are considered, the torque equations of a planetary gear
set in steady state can be expressed as:

Tr −ξrωr =
Nr

Nr +Ns
Tc−ξcωc

Ts−ξsωs =
Ns

Nr +Ns
Tc−ξcωc

where ξc, ξr, and ξs stands for frictional loss of carrier, ring gear, and sun gear,
respectively.
When gear losses are considered, the torque relationships of the Prius transmis-

sion are:

Tr + ξrωr =
Nr

Nr +Ns
Te−ξcωc

Tg + ξsωs =
Ns

Nr +Ns
Te−ξcωc

To =Tr +
Nm1

Nm2
Tm−ξmωm

where ζ is the friction coefficient of each gear, and subscripts m – motor, r – ring gear,
s – sun gear, c – carrier, g – generator, e – engine, and ζm is the motor output gear.

10.6 Dynamics of Planetary Gear Based Transmissions

When the dynamics of the transmission is considered, there will also be transients in the
transmission. For any given rotational system, the rotational dynamics can be written as:

Tin =Tout + J
dω
dt

In the following, the dynamics of the Toyota Prius planetary gear based hybrid trans-
mission is further analyzed. The analysis of other systems should be very similar.
The inertia of the final drive shaft and axle are transferred to the output shaft of the

transmission [2]:

Jfd =
1
G2

a
Ja + Jfd _ sh

where the subscripts are: a – axle, sh – final drive shaft, Ga is the final drive gear ratio.
The final drive and the ring gear are coupled directly to the motor shaft. Therefore, on
the motor shaft, the total inertia is:

Jma = Jm + Jr + Jfd
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The sun gear is coupled to the generator. Therefore, the total generator shaft inertia is:

Jgq = Js + Jg

The engine shaft inertia is the total of the engine crankshaft and the carrier:

Je = Jcrank + Jc

where Jcrank is the crankshaft inertia. From generator to carrier:

Jgc =
Nr +Ns Nr

N2
s

Jg + Js

The generator shaft inertia can be transferred to the motor shaft and engine shaft. The
equivalent inertias of the engine shaft and the motor shaft are:

Jeq = Je +
Nr +Ns

2

N2
s

Jgq

Jmq = Jma +
N2

r

N2
s
Jgq

On the generator shaft:

Tg =
Ns

Ns +Nr
Te−ξcωc− Jeqωe− Jgcωm −ξsωs

On the output shaft:

To =Tm−ξmωm +
Nr

Nr +Ns
Te−ξcωc −

Nr

Nr +Ns
Jeq + Jgc ωe−

Nr

Nr +Ns
Jgc + Jmq ωm

This torque will drive the final drive shaft at a certain speed. Due to slip of the wheels,
λ= ωr−V

V , there exists a traction force Ffd =mgμ λ , where μ(λ) is the traction coefficient.
This traction force is to overcome the resistive force of the vehicle during driving:

Ffd =mgμ λ =mg sinα+
1
2
CDAFρV

2 +mg Co +C1V
2 +m

dV
dt

10.7 Conclusions

It is noted that most planetary gear-based HEVs, including Toyota, Ford, and GM two-
mode hybrid, do not include a separate dedicated starter for the engine. The engine is
started by one of the motor/generators in an appropriate condition. Due to the fact that
the engine usually starts at the time when the drive needs more power, such as on accel-
eration, there is usually a “jerk” or “hiccup” because a portion of the motor torque is
diverted to start the engine. The battery has limited power capability.
Another issue that many drivers have experienced is the weakness of the 14 V battery

used to supply power to the vehicle’s auxiliary power, such as for wipers, headlights,
entertainment systems, power steering, and hydraulic compressor.
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The authors feel that, if a starter–alternator is added, the “jerk” during acceleration can
be eliminated because the engine may be started by the 14 V onboard battery. Besides,
this starter can also be used to charge the 14 V battery when the engine is on which may
also ease the burden on the 14 V battery.
In the case of the Toyota and Ford hybrid systems, an additional clutch between the

engine and the planetary gear system could smooth the acceleration.
Control of these powertrains is complicated. Often an advanced control algorithm is

needed to manage the system. Fuzzy logic, dynamic programming, and wavelet trans-
forms are popular in the power management of complex hybrid vehicles.
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